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ABSTRACT 
Radial gas turbines engines have established prominence in the field of small turbo- 
machinery because of their simplicity, relatively high performance and installation 
features. Thus they have been used in a variety of applications such as generator sets, 
small auxiliary power units (APu), air conditioning of aircraft cabins and hybrid 
electric vehicles turbines. 
The current research describes the design, manufacturing, construction and testing a 
radial type small gas turbine. The aim was to design and build the engine to drive 
directly a high-speed permanent magnet alternator running at 60000 rpmand 
developing a maximum of 60 W. This direct coupling arrangement produces a 
portable, light, compact, reliable and environment friendly power generator. These 
features make the generator set very attractive to use in many applications including 
emergency power generation for hospitals, in areas of natural disasters such as floods 
and earthquakes, in remote areas that cannot be served from the national grid, oil rigs, 
and in confined places of limited spaces. 
It is important to recognize that the design of the main components, that is, the inward 
flow radial UFR turbines, the centrifugal compressor and the combustion chamber 
involve consideration of aero-dynamics, thermodynamics, fluid mechanics, stress 
analysis, vibration analysis, selection of bearings, selection of suitable materials and 
the requirements for manufacturing. These considerations are all inter-linked and a 
procedure has been followed to reach an optimum design. 
This research was divided into three phases: phase I dealt with the complete design of 
the inward radial turbine, the centrifugal compressor, the power transmission shaft, the 
selection of combustion chamber and the bearing housing including the selection of 
bearings. Phase 2 dealt with mechanical consideration of the rotating components that 
is stress, thermal and vibration analyses of the turbine rotor, the impeller and the 
rotating shaft, respectively. Also it dealt with the selection of a suitable fuel and oil 
lubrication systems and a suitable starting system. 
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Phase 3 dealt with the manufacturing of the gas turbine components, balancing the 
rotating components, assembling the engine and finally commissioning and then 
testing the engine. 
The current work in this thesis has put the light on a new design methodology on 
determining the optimum principal dimensions of the rotor and the impeller. This 
method, also, has defined the optimum number of blades and the axial length of the 
rotor and the impeller. Mathematical models linking the performance parameters and 
the design variables for the turbine and the compressor have been developed to assist 
in carrying out parametric studies to study the influence of the design parameters on 
the performance and on each other. Also, a new graphical matching procedure has 
been developed for the gas turbine components. This technique can serve as a valuable 
tool to determine the operating range and the engine running line. Furthermore, it 
would decide whether the gas turbine engine operates in a region of satisfactory 
compressor and turbine efficiencies. 
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XOMENCLA TURE 
SYMBOL I MEANING UNIT 
A Area 222 In , cm , mm 
Ad Area oýfsolid turbine rotor In 
2, 
cm 
2, 
mm 
2 
Ax Flow area normal to mean streamline m2 1) cm 
2 
ýmm 
2 
a Velocity ofsound M/S 
B. f 
Blockagefactor ----------- 
b Blade width mi, cmi mm 
C!, C Absolute velocity ofgas M/s 
CP9 Specific heat at constant pressurefor a turbine kJlkgK 
Cpa Specific heat at constant pressure for a 
compressor 
kJlkgK 
C', Specific heat at constant volume kJlkgK 
Cj Coefficient offtiction ----------- 
d Diameter M, cm! ýmm 
di Internal diameter of shaft m, cm, mm 
do External diameter of shaft M, cm, mm 
Ds Specific diameter ----------- 
E Energy transfer ki 
F Force N 
f Fuel to air ratio ----------- 
fc Frictionjactor ----------- 
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gj Non-linear inequality constraint ----------- 
G Shearing modulus Nlm 2 
H Stagnation enthalpy of the workingfluid kJlkg 
h Static enthalpy of the workingfluid k. Jlkg 
Incidence angle Radian, Degree 
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L Length m, cm1mm 
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M Mach number ----------- 
th Massflow rate kg1s 
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Continued 
N Rotational speed rev/min rpm 
nb, Nb Blade number ----------- 
N, 
v 
Specific speed reyls, rps 
P Stagnation pressure Nlm', bar 
Pr Stagnation pressure ratio ----------- 
pI Static pressure Nlm 2, bar 
Heat transfer per unit 
mass, heat transfer 
kJlkg s, U 
R Gas constant Ul kgK 
Re Reynolds number ----------- 
R Degree of reaction ----------- 
rc Radius of curvature m5cm, mm 
S Entropy k. JlkgK 
T Stagnation temperature 'K 'oC 
t Static temperature 'K, 'C 
t Time sec 
t Blade thickness m1cm, mm 
U, U Peripheral velocity M/S 
V, V Relative velocity M/S 
w Work outputper unit mass, 
work output 
Ul kg / s, U 
x Vector ----------- 
z Distancefrom datum In 
z Rotor length m'cm'mM 
rpm, revlm in Revolution per minute ----------- 
Flom, Flo 
in 
Flom- 
Out 
FIG. 1 SKETCH OF AN INWARD RADIAL TURBINE ROTOR 
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* Although, in general, the nomenclature is described in the text, the principal terms 
are also defined in the following. The diameters increase in accordance with the 
ascending order of the suffixes, e. g. d, > d, > d, as shown in Fig. 1. This approach 
has been followed because the same flow equations to be used for the compressor and 
the turbine. 
GREEK SYMBOLS 
SYMBOL I MEANING UNITS 
a Absoluteflow angle relative to axial direction radian, Degree 
18 
Relative flow angle relative to axial direction radian,. Degree 
8h Blade angle relative to horizontal direction radian, Degree 
7 Ratio of speciflc heats ----------- 
V Kinematic viscosity In 
21S 
A Small increments of ----------- 
A Angular bend radian, Degree 
Q. 
1; 
Specific speedparameter rad1s 
77 The efficiency of a process ----------- 
P Density of the workingfluid kg1m 
T Torque Nm 
Pressure loss in combustion chamber ----------- 
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VBL Blade loading coefficient -- -------- 
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0 Absoluteflow angle relative to vertical direction Radian, Degree 
0. 
ýf 
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Oýfl Flow coefficient ----------- 
CO Angular velocity rad1s 
CTI Direct tensile stress Nlm 2 
(Tshear Shear stress Nlm 2 
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SUBSCRIPTS 
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CHAPTER I 
1.1 INTRODUCTION 
CHAPTER] 
Portable power plants are needed urgently at the time of natural disasters caused by 
floods, earthquakes, famines etc. to supply electricity to aid the rescue work. If such 
power plants are designed specifically for this purpose, they would be very expensive 
because of the small numbers required by aid and rescue organisations; hence finding 
other applications is an economic necessity. Power plants in the similar power range 
would be very useful for hybrid vehicles, remote communities which may not have 
excess to the main grid, standby sets for hospitals, commercial buildings such as banks 
and stock exchanges, aircraft ground operations, oil rigs at sea, construction sites and 
defense applications. 
Small power plants using reciprocating engines are currently available commercially 
[11, but they are of speed 1500-3600 rpm, low power to weight ratio and high 
maintenance requirements. Therefore they are not easily transportable and occupy 
large space. Examples of these types are shown in Table 1.1. 
Olympian Power -ht-11 Speed Weig -ý-P, Length Width Height Volume Ref. 
Generator Set (kW) (rpm) (Kg) M) (M) No. 
Models 
GEP 50 40 1500 813 2.000 0.710 1.331 1.890 [1 J j 
GEP 65 52 1500 908 2.000 0.710 1.394 1.979 - [11 1 
GEP 75 60 1500 955__ 2.000 0.710 1.331 1.890 1_111 
GEP 100 80 1500 1200 2.400 0.750 1.437 2.587 ill 
Marine Generator Power eed P' [Weight Length Width Height Volýme Ref. 
Set Models (kW) (rpm) I (Kg) (m) (m) (m) (M) No. 
E"Nijum )U 1 04U i U. 05 UJW i 
EPJ5045M 45 1500 780 1.68 0.78 0.96 1.258 
EPJ5 0 75M 75 1500 955 1.91 0.78 0.96- 1.430 
TABLE 1.1 MAIN DATA OF TWO TYPES OF GENERATING SETS 
The alternative is a small gas turbine plant, which can overcome most of the 
drawbacks of the conventional power plants that use reciprocating engines. The gas 
turbine plant, SGT for short, would be based on the radial flow compressor and turbine; 
-1- 
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and would drive the alternator directly, i. e. without a gearbox. The alternator, of 
necessity, would be a permanent magnet device and would run at the same speed as the 
gas turbine. 
The problem presented for this research was to design a small gas turbine to match the 
load and speed dictated by the electrical generator. The proposed research programme 
comprised two projects: one dealing with the design of the gas turbine and the other 
with the design of the high-speed permanent magnet alternator. The former project is 
covered by the current work. The latter second project is the subject of a parallel 
research being carried out by another researcher. 
1.2 DESCRIPTION OF THE TURBO-ALTERNATOR 
A schematic view of the system comprising a small gas turbine connected to a 
permanent magnet alternator is shown in Fig. 1.1. The gas turbine comprises a 
compressor, a turbine and a combustion chamber. Additionally, the gas turbine engine 
includes fuel system, lubricating oil system, instrumentation and controls. These are 
not shown in the diagram; nevertheless they form an important part of the engine. 
High-Speed Generator Gas-Tutbine Engine 
FUEL(th 
--w f 
Air (th Ga M. 
Direct 
Coupling 
INA 
60,000 rpm 
Exhaust 
Air Gas 
Power Output 
High Frequency 
T Radial Turbine 
C Centrifugal Compressor 
CC Combustion Chamber 
FIG. 1.1 SCHEMATIC DIAGRAM OF TURBO-ALTERNATOR 
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These systems were not part of the current design as they could be readily selected to 
fulfil the current requirements of this application. The task for this research was to 
design, manufacture and test the complete gas turbine engine, excluding the 
aforementioned systems, and working in combination with the alternator. 
Before stating the aims of this research programme precisely, it is pertinent at this 
stage to provide an overview of the high-speed alternator since it had a major influence 
on the design of the turbine. This is described in the following section. 
1.3 AN OVERVIEW OF THE HIGH SPEED ALTERNATOR 
The high-speed alternator is simply an electrical power generation unit, which is 
coupled directly to a small gas turbine engine. Hence, the rotational speed of the 
alternator would be that of the turbine. A conventional alternator,, which carries the 
windings on the armature, would be unsuitable for high-speed applications, as the 
windings would, almost certainly, dislocate due to the action of the centrifugal force. 
Hence, the rotor must be of solid construction; consequently it must carry permanent 
magnets, as it would not be possible to use electromagnets. Coupling the alternator to 
the gas turbine is another problematic area that would require perfect alignment 
between the two machines, but the benefit of a considerable reduction in weight and 
size outweigh the drawbacks associated with alignment. 
1.4 DESIGN PROBLEMS OF A SMALL GAS TURBINE 
The inward flow radial or IFR gas turbine comprises two aerodynamic components: a 
rotor and a casing. The rotor uses the change in angular momentum of the fluid from 
the inlet to the outlet into torque and thus produces shaft work. This is done by turning 
the flow from the radial direction at entry to the axial direction at exit of the rotor as 
shown in Fig. 1.2. 
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C2 
F cm 
V2 
Cmi2 
INLET IN. U2 
DIR ECT I ON OF 
j 
ROTATION 
EXIT 
U' 
CHAPTER I 
FIG. 1.2 TYPICAL VELOCITY TRIANGLES OF A RADIAL TURBINE 
Constant blade height at inlet 
Shroud Velocirv Mean Velocity 
Prorde Prorde 
Hub Velocity C 
Pronle 
ROTOR AXIAL LENGTH 
FIG. 1.3 QUALITATIVE DESCRIPTION OF THE EFFECT OF AN AXIAL 
LENGTH OF THE ROTOR ON VELOCITY DISTRIBUTION 
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It can be seen from the inlet and outlet velocity triangles, Fig. 1.1 that although the 
mean flow relative to the rotor accelerates from velocity V2 to velocity V, , in certain 
region on the blade and hub surfaces, the flow experiences deceleration Bhinder 121 
due to the highly three-dimensional nature of the flow. This is shown qualitatively in 
Fig. 1.3. High space rate of deceleration can lead to separation; consequently 
aerodynamic losses. The space rate of deceleration can be controlled by proper 
selection of the axial length of the rotor. 
The purpose for aero-thermodynamic design of the rotor is to determine the principal 
geometric dimension to obtain optimum performance for a given set of operating 
conditions. The isentropic efficiency of the turbine is related, among other variables, 
to the ratios of geometric quantities such as blade width to tip diameter ratio b2ld2 I 
exducer diameter to tip diameter ratio d, ld, , axial length Z. X,.,, absolute 
flow angle 
a2 and the blade angle A. The applied load and the rotational speed, normally given 
as design specifications, also control the choice of the principal geometric ratios. 
Sometimes, as in the present case, these two requirements may conflict with each 
other. 
0 16 
. 0.08 
0.14 - a2 = 17' 
)6 = 85' 
0.1 
0.12 - 
2 
Bf = 0.93 S 0.12 9z , i= 0.14 Pý 
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Figure. 1.4 above shows a plot of b2ld2 vs. mass flow parameter, rhVC-PT, 1d21P, fo r 
a range of values of the speed parameter, d2NIVCPT, . It is evident that if mass flow 
and speed are given to meet the design requirements, the choice of b 21d2 is ver., 
limited. Hence, achieving the optimum design of the rotor requires the use of 
parametric study to explore the influence of the full range of geometric ratios and the 
shape of the rotor on the performance of the gas turbine. 
The casing may be either a nozzle-less volute or a constant cross section plenum 
chamber fitted with nozzles. The function of the casing is to accelerate flow and direct 
into the rotor uniformly around its periphery at a prescribed absolute flow angle. The 
former is comparatively low cost but requires a difficult design procedure to satisfy the 
aforementioned criteria and the latter is simpler to design because the nozzles take care 
the two of the aforementioned criteria. However, it is more expensive because of the 
need for an extra component, the nozzle ring. For the present research, it was decided 
to use a nozzle-less volute casing because of its lower cost. 
It was stated earlier that a gas turbine engine has three principal components, a 
compressor, a turbine and a combustion chamber. Since the aim of this research 
programme was to design a complete gas turbine engine to drive a permanent magnet 
generator producing 60 kW and running at 60000 rev/min, the next logical step was to 
design the matching centrifugal compressor. The problems concerning the design of a 
matching compressor are considered in the next section. 
1.5 DESIGN PROBLEMS OF A CENTRIFUGAL COMPRESSOR 
A centrifugal compressor comprises three parts: an impeller, a diff-user and a casing. 
The diff-user may be either vaneless or fitted with vanes. The casing may be either a 
volute or a plenum chamber of constant cross sectional area. 
The design of a centrifugal compressor is complex because the flow takes place against 
the positive pressure gradient; consequently it decelerates along the mean flow path. 
Erroneous impeller design, for example, may lead to excessive space rates of 
deceleration in the inducer section, hence produce high losses. Another problem area 
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is the relative Mach number close to the inducer tip. In case of high-pressure ratio 
impellers, the inducer tip Mach number M,, may reach unity; consequently some part 
of the inlet area may be choked. Often this problem is addressed by cutting alternate 
blades back,, resulting in splitter blades. However, it is not easy to ensure that flow rate 
in the resulting two channels would be equal because of the presence of jet and wake 
flows in the impeller flow passages. 
The performance map of a compressor shown in Fig. 1.5 is confined between two 
regions; (a) surge on the left and (b) choking on the right. Surge, choking and rotating 
stall are aerodynamic phenomena that have attracted much research and yet are not 
fully understood so that compressors may be designed to avoid them in order to 
increase the operating range. 
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1.6 THE MECHANICAL DESIGN PROBLEMS 
The mechanical design of the rotating and operating systems covers two main areas as 
detailed bellow in Sec. 1.6.1 to 1.6.2. 
1.6.1 Structural, Thermal and Vibration Analysis 
Gas turbine components are subjected to high stresses due to centrifugal forces and 
elevated temperature. Therefore, structural, thermal and vibrational analyses must be 
carried out to ensure the safety under operating conditions. Proprietary finite element 
analyses programmes, such as Nastran and Ansys, are available for these analyses but 
the difficulty is that of modelling the components of radial flow turbo-machines 
because of their non-symmetry. 
1.6.2 Shaft Design and Selection of Bearings 
In general, the design of a rotating shaft of a specific diameter and length is based on 
following parameters: - 
i. Power transmitted. 
ii. Rotational speed. 
iii. Weight of the components carried by the shaft. 
iv. Shaft material 
V. Type of bearings to be used and their dimensions. 
Therefore, by considering these parameters, the size of the shaft can be determined. 
The selection of bearings is specified to withstand the axial and radial loads developed 
by the turbine and compressor wheels. 
1.7 PERFORMANCE CHARACTERISTICS OF SMALL GAS 
TURBINE AND COMPONENT MATCHING 
The mechanism of matching a turbine to a compressor at various loading conditions 
must satisfy the following criteria: 
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i. Gas total mass flow rate through turbine Air plus fuel mass flow rate. 
ii. Speed of compressor = Speed of turbine Speed of Load. 
iii. Torque of the compressor plus Torque of load = Torque of turbine. 
iv. The pressure loss across the turbine is determined by the compressor pressure 
ratio and the pressure loss in the combustion chamber ý,,. 
The only two conditions, which satisfy the matching criteria, are the load and speed, 
which are specified as design conditions, the others must be satisfied by design. This 
may be done with the help of the performance characteristics of the compressor and 
the turbine. Some either analytical or graphical method of achieving this goal will have 
to be developed. 
1.8 AIMS OF PROJECT 
The work arose initially from the need to develop a portable emergency electric power 
supply unit for natural disasters such as floods and earth quakes. The portability meant 
that the power unit must be a high-speed turbo-machine and the electrical alternator 
must be directly coupled. 
The primary aim of this research programme is to design, manufacture and test a 
demonstration small gas turbine engine of 60 kW power shaft output, running at 
60,000 rpm. The choice of load and speed was made by the design specifications of the 
electrical machine. The following steps were sequentially followed to achieve the 
current project's aim. 
1. Comprehensive literature review. 
fi. Mathematical modelling of the components parameters. 
iii. Design of the turbine, compressor and the power transmission shaft. 
iv. Selection of a combustion chamber and bearings. 
V. Manufacturing and assembling the gas turbine components. 
Vi. Construction and commissioning of the experimental test facility. 
vii. Experimental work. 
viii. Validation of the results. 
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CHAPTER 2 
2.1 
REVIEW OF THIE RIELEVANT LITERATURE 
INTRODUCTION 
High-speed turbo-altemator machines of a power range of 10 to 100 kW become 
increasingb., popular in recent years due to their attractive features for special applications 
as previously pointed out in Chapter 1. This chapter reviews studies related to the design. 
performance prediction and experimental work of the inward flow radial turbine. the 
centrifugal compressor and lastly the small gas turbine engine for high-speed turbo- 
alternator application. A summary of observations and concluding remarks are presented 
in the last section. 
2.2 PREVIOUS WORK 
Most of the published papers relating the design, performance prediction and experimental 
work of small gas turbine, which consists of an inward flow radial turbine. a combustion 
chamber and a centrifugal compressor, have been cited in the open literature as separate 
components. However. few papers have been found dealing with the design and 
performance of a small gas turbine as a complete engine. The design, performance 
prediction and experimental work of small gas turbine, , vould certainly invoke revieNNing 
the studies of the following as detailed in the respective sections. 
See. 2.2.1 An inward floxv radial turbine rotor and casin-2. 
See. 2.2.2 Centrifugal compressor impeller, vaneless diff-user and the volute. 
See. 2.2.3 Small gas turbine for high-speed turbo-alternator application. 
2.2.1 The Inward Flow Radial Turbine 
2.2.1.1 The turbine rotor 
The aim of this research programme was to design a small gas turbine to drive an alternator 
mainly for emergency situations. Hence. the complete generator out of necessity was 
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required to be easily transportable. In order to meet this requirement it was necessary for 
the alternator to be directly coupled to the prime mover, which should be in this case, a 
small gas turbine. Because of the high rotational speed at which the gas turbine would 
operate most efficiently, the directly coupled alternator must be of permanent magnet solid 
rotor construction. The two principal design variables, i. e. load and rotational speed, of the 
small gas turbine would, in that case, be governed by the design of the alternator. 
In the present research, the load and speed for the gas turbine were specified to be 60 kW 
and 60000 rev/min. This was a serious constraint on the design of the IFR turbine as 
explained in the following section. 
For a limited turbine entry temperature T the power output would be a function of cycle 031, 
pressure ratioP02/Pol and mass flow rate of air th, The cycle pressure ratio, in turn, is a 
function of rotational speed N and tip diameter of the turbine rotor d2 . So if the rotational 
speed and power output were specified, these would then fix the tip diameter and blade 
width of the turbine rotor. The resulting design of blade width to tip diameter ratio 
b2/d2might or might not be satisfactory for an optimum design configuration. This would 
affect the maximum achievable efficiency of the gas turbine. The relevant theory in 
support of these statements is given in Chapter 3. 
The small gas turbine based on radial flow components has been used widely for a variety 
of applications, for example, turbochargers and auxiliary power units for aircraft for many 
years. Hence a large number of papers have been written on the aero-thermodynamic 
design, performance prediction, experimental investigations and manufacturing techniques. 
The papers dealing with the design problem subject to serious constraints as in the present 
case are scarce. Nevertheless, a list of papers is included in the references as bibliography. 
Papers that were considered relevant to the present work have been reviewed in some 
detail hereafter. 
Wosika [31 undertook a research programme for developing an inward flow radial, IFR 
turbine for driving a fire pump. Wosika has suggested design parameters and values for 
0.58<d, ld2 < 0.7 1, a2 = IT, 0.3 
< CIIII 
/U2 < 0.5 etc. that would assist his design 
procedure. 
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The drawback of this work is that using these values tends to limit the progress in the 
development of better machines. However, his review of the available data has provided 
useful guidelines for preliminary design. 
Wallace [4] proposed a one-dimensional method in which the independent variables 
P,, Ti, R, U21c,, dh1d 2, d 29 th, a 2) and the dependent variables (N, d Iý P2,6, b2, d, dj, ) 
were identified. The method was used for calculating the design and off design point 
performance characteristics Of IFR turbine. Flow in the nozzles and rotor passages was 
assumed to be isentropic. At the design point, Wallace assumed also the inlet and outlet 
velocity triangle to be right angles, therefore the performance could be readily calculated. 
At off-design point conditions, the direction of flow would no longer matched correctly 
with rotor, therefore the relative flow would make a finite angle with rotor blades. 
A criterion for minimum number of blades was given in terms of the relative velocity in 
the rotor passage. Owing to the difference of pressure on the driving and trailing surfaces 
of a blade, the relative velocity on the latter surface would be less than that on the former 
surface. Blade spacing should be so arranged that the relative velocity at any point in the 
passage does not fall below a specified value. The transverse pressure difference between 
the passage centre line and the driving surface would be maximum at the outer radius. 
Therefore the estimate of the minimum number of blades for avoiding stagnation condition 
should be based on this radius. 
Wallace's simple one-dimensional analysis makes a valuable contribution as it can be used 
with equal facility for calculating either the principal dimensions of the rotor for specific 
design requirements or the performance of a given turbine for designed operating 
conditions. The method may be refined by introducing suitable loss coefficients for the 
nozzles and the rotor. Also, it provided a method for calculating the minimum number of 
blades. 
Ribaud and Mischel [51 described the work undertaken by Microturbo and Onera to 
design a 3.6 expansion ratio Of IFR turbine to be applied to a small turbo-shaft engine of 
power between 40 and 70 kW . Microturbo experience 
had shown the losses in the nozzle 
guide vanes were estimated to be 3.6% of the inlet total pressure, the number of rotor 
blades was 13, the slip factor was chosen to be 0.886, and finally, the blade hub to tip ratio 
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at exducer exit dh1d, must be greater than 0.41 to reduce the trailing edge vibration. Onera 
design approach was based on a2 = 15'and 2.0<v, /V2 <2.5. 
The design specifications were given as follows; total pressure at turbine inlet = 3.81 bar, 
turbine inlet temperature = 953 K, mass flow rate = 0.67 kg/sec, and rotational speed = 
59,200 rpm. By using the design data, the main geometry of the rotor and the aerodynamic 
parameters were calculated and listed in Table 2.1. The estimated turbine efficiency was 
claimed to be equal to 91%. 
This research work has been considered to be important because it was addressed to the 
design of radial turbine for the lower range between 40kW to 70kW and provided 
reasonable data for a given inlet conditions. However, Ribaud and Mischel claimed that 
the stress level in the turbine was moderate without providing any stress calculations. In 
fact, this statement could be debatable unless a detailed stress analysis was carried out to 
justify their claim. 
DESIGN PARAAMTER 
Rotor inlet diameter, d2 
DESIGN VALUES 
17.02 cm 
Exducer diameter, de 11.68 cm 
Number of blades 13 
Hub diameter, dh 6.4 cm 
Rotor inlet blade width, b, 0.99 Cm 
Rotor axial length, z 5.42 cm 
Rotor hilet Mach No., M2 0.8 
Rotor exit Mach No. M, 0.36 
Exducer tip Mach No. Me, 0.78 
ij 
TABLE 2.1 PRINCIPAL DIMENSIONS OF AN INWARD RADIAL FLOW TURBINE 
ROTOR DESIGNED BY MICRO-TURBO 
Rohlik 161 has examined analytically the performance Of IFR turbine in order to determine 
optimum design geometry for various applications as characterized by specific speed Q,. 
His procedure was used to determine the design point losses and corresponding efficiencies 
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for various combinations of a2 , d, 
Id2 
and b2ld2 .A mean flow path analysis was used 
and the main constraints in the analysis were as follows: V, /V2 = 2.0, e,,, = 0, 
d, Id2 !ý0.7 and dh1d, ý! 0.4. The results of the analysis can be summarized as follows: 
i. The flow conditions and the geometry parameters examined resulted in a range of 
specific speed Q, from 0.12 to 1.34 and maximum static and total efficiencies 
occurred at specific speed values of 0.58 and 0.93, respectively. 
ii. Efficiency dropped rapidly with decreasing specific speed 0, in the low specific 
speed range. This drop resulted ftom the relatively high passage boundary layer, 
windage and clearance losses. At high Q, the rotor exit loss was predominant 
because of the high volume flows. 
iii. The ratio of b2ld2 increases with increasing QS. The general rise of this ratio 
reflects the increase in nozzle flow area accompanying the larger flow rates of 
higher specific speed 
Rohlik's method provided a good basis for the rapid selection of minimum loss, size and 
shape for any specific speed in the range used. The disadvantages of the analysis is in the 
assumptions made for the calculations, which have to be verified and for the same specific 
speed, several meridional configurations are possible. Therefore, specific speed is not 
entirely satisfactory as a parameter for the optimum choice of the principal design 
variables. 
Bhinder [71 proposed a design method for IFR turbine rotor based on the assumption of 
one-dimensional steady flow. He specified the principal geometric variables of the turbine 
rotor as follows: dhld2 , d, 
Id, 
, d, 
Id2 
, 
b2ld2 
9 '62b and 
Ab 
. The design method starts by 
applying a value for the ratio dhld2= 0.2, which is usually Rxed by the shaft diameter and 
other mechanical requirements, a value of 90* for 8, b = 8, to avoid bending stress in the 
rotor blades and assuming zero swirl at rotor exit, i. e. a, = 900. 
Hence, the number of geometric variables is reduced to four, i. e. 
b2ld2 
, 
deld2 
, d, 
Id2 
I 
181h =A. 
in which a relationship between these variables, the performance parameters 
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such as total efficiency i7, _,, velocity ratio U2/c, and the 
degree of reaction R and 
operating conditions such as pressure ratio P, rotational speed N. mass flow rate th or 
specific work output 41 could be then established based on Euler's equation and velocity 
triangles at rotor inlet and outlet, respectively. Bhinder extended his analysis to include 
the flow in the rotor using the quasi method developed by Katsanis 181. It can be 
concluded from this study that the systematic approach for the design of the turbine rotor 
would be useful for the designers, however, the draw back of this method was the 
assumption of the value for dh/d2which may not produce the best achievable efficiency 
due to excessive blockage. 
Benson [91 carried out a quantitative study of the turbine main variables at the design 
point. These variables were; b 2/d2 , d, 
Id2 
1, 
deld2 
, a2and 8,. Also, the effect of rotor 
losses on the turbine performance was examined. The results of the work can be 
summarized as follows: 
i. There is an optimum value for b, ld, and this depending mainly on the nozzle 
outlet angle a, The optimum value increases with increase in a, 
H. The total-to-static efficiency decreases with increase in overall pressure ratio. In the 
region of maximum efficiency, the overall pressure ratio has only a marginal effect 
on the total-to-static efficiency. 
The design blade speed ratio U21cs decreases with increase in rotor width; this 
produces an increase in the degree of reaction R across the rotor and the total-to- 
static efficiency is decreased. 
iv. The rotor exit angle at mean diameter 6, has a marginal effect on the performance 
as mass flow and torque are essentially controlled by inlet conditions. Normally, 
the exit angle controls the flow within the rotor and hence the rotor losses. 
V. At low values of mean outlet diameter to inlet diameter d, Id, , the turbine operates 
with a high degree of reaction R, a low blade speed ratio u, Ics and a high positive 
exit swirl. There is an optimum value for d, ld2 for maximum total-to-static 
efficiency and this value depends on the rotor exit angle 8, and the rotor losses. 
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The optimum value of dld2 for maximum efficiency increases xN ith increase in 
the rotor loss coefficient but decreases with increase in outlet blade width to inlet 
blade width (de- dh)lb2 * 
Vi. At maximum efficiency, the value of u, 1c, is approximately 0.7 and is independent 
of the optimum value of d, 
Id2 
* 
viii. The trend observed by Balje 110] for the specific speed and specific diameter was 
confirmed in this work. The calculation showed that that the optimum efficiency 
for a radial turbine is obtained if the specific speed ties in the region of 50 to 97 
with corresponding specific diameters of 2.65 to 1.34. 
This work can be considered useful for design purposes as it provides some valuable data 
for inward flow radial turbine. 
A comprehensive survey of literature relating to the components comprising a typical 
radial turbine was provided by Baines [11]. This focused mainly on published 
experimental information and the practical considerations for design, including loss 
predictions, secondary flows and special features such as partial, or splitter, blades and 
variable geometries. A very comprehensive text is due to Whitrield and Baines [121 with 
the emphasis on design, the book covers most of the topics relevant to both radial turbines 
and centrifugal compressors from basic one-dimensional theory to the mathematical 
specifications of three-dimensional geometries. These textbooks give general guidelines to 
the design theory of radial turbine and may be considered a very useful reference. 
However, they do not deal with design problems of radial turbines subjected to constraints 
such as power and speed. 
Selecting the optimum number of rotor blades is a fundamental design requirement. 
Watanabe and Ando [13] conducted experimental work to study the influence of the 
number of rotor blades on the performance characteristics of IFR turbine. The results 
showed that the highest value of total efficiency q, -, was obtained 
for the rotor with 32 
blades at higher rotational speed above I 1000 rpm when th was 0.108 Kg1s. For the 
second case where th = 0.1457 Kg1s, i. e. larger mass flow, q, -, was 
highest at rotor having 
16 blades at higher rotational speed above 11000 rpm. This variation may be due to the 
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increase in frictional losses within the rotor passage in rotors with higher number of blades 
due to a larger mass flow rate used. 
The results obtained by the authors can not be generalized because their experimental work 
was limited to a speed range between 40000-12000 rpm and only using two values of 
mass flow rate. However, their results showed the effect of mass flow rate and the speed 
on the optimum number of blades for best efficiency. This confirmed the trend at that time 
of using centrifugal compressors design guidelines, such as those due to Stantiz [141, 
which tended towards higher blade numbers. 
Further work was carried out by Ariga et al [151 regarding the effect of number of blades. 
They produced an early study of rotor flow patterns in the inlet region using purely radial 
bladed rotors. Initial results with only 8 blades found substantial flow separation due to 
excessive loading. The addition of splitter blades produced significant flow improvements. 
Futral and Wasserbaur [161 also studied the effect of splitter blades produced by 
measuring performance before and after their removal from a rotor with II full and II 
splitter blades. Surprisingly they found very little difference, which they attributed to the 
detrimental effect of increased loading being offset by a reduction in friction due to 
reduced wetted area. 
Takamura and Nishiguchi [171 considered blade loading in more detail in their study of 
12 rotors with varying blade numbers between 8 and II and blade shape. They concluded 
that blade loading depends greatly on blade shape as well as blade number. A similar study 
by Chen et al [181 found that reducing the blade number from 12 to 10 gave a drop in 
efficiency of about 2% and a flatter efficiency characteristic. They proposed that the blade- 
loading coefficient VBL --"' Cw2 /U2 is a suitable parameter for judging loading and indicated 
that values in the range 0.95 to 1.0 coincided with optimum efficiency. 
2.2.1.2 Turbine casing 
The number of publications relating to volute design appears to have risen significantly 
since 1980s. Chen 1191 proposed a quasi-three dimensional design method of volute 
casings for turbochargers turbine applications. Two volutes designs were developed, the 
first one is a trapezoidal cross-section with the depth of the volute Z is a function of radius 
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only and the second one where Z is a function of radius and azimuth angle. A tongue loss 
model was developed from the theory of the turbulence wake theory for incompressible 
flows. His findings can be summarized as: 
i. The angular momentum is no longer conserved when the depth of the volute Z is a 
ftinction of radius and azimuth angle, while the momentum is conserved when Z is 
a function of radius only. 
H. The tongue loss is little affected by pressure ratio compared with the friction loss. 
Their application to Scrimshaw's [20] turbine casings shows good agreement with 
experimental data. 
Whitfield and Noor [21], proposed a non-dimensional analytical design procedure for 
nozzle-less volute casing by assuming the flow to be one-dimensional, compressible and 
based on the knowledge of the magnitude and direction of the absolute Mach number at 
rotor inlet, M2 . Basically, the authors adopted the 
following procedure: 
i. Obtaining the overall size of the volute casing in the form of non-dimensional 
geometry, the radius ratio r, Ir, and the area ratio A, 1A, , respectively. 
ii. Calculating the geometry of the volute spiral flow path and cross-sectional area 
variation with azimuth angle in the form of non-dimensional geometry, the radius 
ratio ro Ir, and area ratio AO IA2 taken at the centriod relative to rotor inlet 
geometry. 
iii. Specifying the passage cross-section shape and calculating the outer wall radius of 
the volute. 
iv. Finally, the results obtained were then compared to the actual volute geometry used 
in a companion experimental investigation. 
The flow characteristics such as Mach number MO and absolute flow angle ao at the 
centriod of the flow passage for every increment of azimuth angle 0 were also derived and 
compared with experimental results in order to assess the validity of the empirical 
parameters used in the design procedure. 
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The results of their analysis can be summarized as follows: 
The volute radius ratio r3 
1r2 
measured from the volute centriod could be reduced 
by increasing the volute inlet Mach numberM3 and this will lead to increased 
volute passage losses. Therefore, a compromise between efficiency and size 
limitation must be considered. 
ii. The volute area ratio A31A, is found to be less than one for all possible design 
conditions ofM2, a2, a3 . 
W. The predicted results of centriod radius ro Ir, and area ratio AO 1A, as a function of 
azimuth angle have a significant effect on ro /r2and no detectable effect on AOIA2 * 
In a later review of the method Whitfield and Noor [221 concluded that the energy 
dissipation had very little effect on the predicted geometry, dissipation of angular 
momentum was significant and required empirical correlation. 
Owarish [231 carried out a similar work and developed a novel method of analysis and 
design of single entry nozzle-less casing. The method was based on two-dimensional flow 
and considering the shape of the volute. The results of his study can be summarized as 
follows: 
L Absolute flow angle a, for a given cross section is independent of the azimuth 
angle near the centriod of cross section. 
ii. Cross-sectional shape effect on a,,, is significant, although the three casings start 
with the same value of ac, at rotor inlet. The rectangular shape, which has the 
minimum variation of width in the radial direction, shows the minimum variation 
of ac,, whereas the elliptical shape, which has the maximum variation of width in 
the radial direction, shows the maximum variation of ac, , 
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iii. The absolute flow angle a2 varies from I ]*to 16' around the periphery of the rotor 
inlet while the static pressure is almost small and equal to I% and increases at an 
azimuth angle between 27* to 36*. 
iv. The angular bend at the entry of the volute plays an important part in achieving the 
desired velocity profile and hence maximizing the tangential flow velocity 'C,, 2 at 
the rotor inlet. The author found 23'to, be optimum. 
Owarish reported that the rate at which sectional area changes in the radial direction, 
affects the value of ac(p. This would indicate that the ideal casing would be of variable 
shape, that is, the shape would change smoothly and gradually with azimuth angle. 
This design method proposed has not been tested experimentally, in addition; it neglects 
the variation of the flow properties in the axial direction, which imposed a limitation on the 
theoretical results provided. 
Gabarev and Fillipov [24] proposed a design method for a nozzle-less volute casing by 
considering the flow to be one-dimensional free vortex and disregarding the viscosity of 
the working fluid, secondary flows and leakages. His experimental investigations on a 
nozzle-less casing of a circular cross section showed similar results to Owarish 1231. 
Similar results were obtained from the experimental work carried out by Hussian [25] and 
Rogo [261. 
Wislicensus [271 proposed a design concept which states that a volute satisfies the law of 
constant angular momentum if the outer contour follows the logarithmic spiral and the 
flow proceeds between two parallel walls. These conditions will not be satisfied in 
practical design that favours sidewalls diverging towards the outer side. 
Kastner and Bhinder 1281 presented a method of predicting performance of a gas turbine 
fitted with a nozzle-less volute casing. The flow in the volute casing was treated to be one- 
dimensional and the total pressure loss occurring between the volute inlet and the rotor was 
determined by a simple loss factor. 
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The results in the first publication of this work show variations of flow quantities around 
the rotor periphery, whereas in the second publication assumes that the flow was uniform. 
It appears that the casing used in the second analysis was designed very carefully to reduce 
circumferential variations of flow observed in the first investigation. However, the authors 
have not given any details of the design of casing used in the second investigations. 
Benson et al [291 carried out experimental investigations on the significance of the volute 
cross-sectional shape and its influence on the turbine efficiency. He tested volutes of both 
symmetrical and non-symmetrical types. Three volutes with equal inlet areas but different 
cross sectional shape and two volutes with similar shape but different inlet areas were 
studied. The main points observed were as follows: 
i. The shape of volute had great influence on the turbine efficiency. 
ii. Volute inlet area also influences the range and maximum efficiency obtained under 
the same operating conditions. Both volutes with rectangular cross-section but 
different areas gave efficiency curves different from the other. 
Whitfield et al [301 reported a comprehensive measurement from a turbocharger volute. 
Their findings showed that a wide variationof 62(roughly 11* to 19') and the assumption 
of free vortex was only felt to be valid over the first 180' 
Basset [31] carried out an experimental investigation on volute casing with rectangular 
cross-section in which its area reduced linearly with the azimuth angle. Basset reported the 
followings: 
The total pressure loss across the nozzled and nozzle-less casing to be 15.2% and 
4.9% of the dynamic pressure at casing inlet. He also found the reduction in the 
volute entry area gave higher-pressure loss. This was attributed high dynamic 
head 
in the duct. 
H. A negligible variation of the total pressure around the periphery of the rotor 
inlet 
occurred only when the total pressure profile at the inlet was uniform. Therefore, 
the piping upstream of the turbine should be arranged to achieve this objective. 
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W. A significantly larger loss of total pressure and variation of the absolute flow angle 
occurred over the range of azimuth angle 120 to 170 degrees. This finding is 
similar to that of Gabrev [241 and was probably caused by secondary flows. 
Japaski [321 conducted an experimental study of the flow mechanism in the turbine 
volute. The volute geometry was a rectangular cross-section. Japaski's main conclusions 
from the observations were that very strong secondary flow existed in the volute and large 
variations of flow angles were observed and total pressure loss was high. These results 
seemed unexpected and this may be attributed to the volute geometry as well as the poor 
manufacture of the volute. 
Mizumachi et al [331 carried out an experimental work to verify the theoretical analysis 
based on the application of a five hole probe located in the centre of the volute passage and 
at series of azimuth angles around the discharge and the following results were reported. 
i. The flow angle was dependent on the assumed rate of dissipation and on the swirl 
coefficient, which was found to lie between 0.85 and 0.9. 
ii. The flow through the volute followed the free vortex pattem over the first 180 ' of 
azimuth angle and in the later part of the volute, the flow followed the 180' relation 
cwrm - k, where m was a function of azimuth angle 0 and m approached zero as 
approaches 360'. 
A performance comparison of a turbocharger turbine with both a vaned and vaneless 
volute was conducted By Baines and Lavy [341. The vaned stator was designed with a 
throat area intended to give the same design point capacity as the original vaneless volute, 
assuming free vortex flow. A substantial reduction in peak efficiency resulted when using 
the vaneless volute. It was also noted that the efficiency at off design fell off less sharply in 
the vaneless case, suggesting a greater off-design incidence penalty when using guide 
vanes. 
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2.2.2 Centrifugal Compressor Impeller, Vaneless Diffuser and the 
Volute 
The centrifugal compressor has attracted a great deal of attention during the last two or 
three decades. Hence, a large number of papers dealing with various aspects of radial and 
mixed flow centrifugal compressors were published. During the execution of this research 
programme, although an exhaustive study of the turbo-machinery literature was addressed 
to the IFR turbine engine as it was considered the core of the work in this thesis, the author 
was aware that a review of the most relevant papers regarding the design of centrifugal 
compressor should be included hereafter. 
2.2.2.1 The impeller 
Balie and Farmingdale [351 outlined a method for computing the characteristic values of 
a centrifugal compressor, such as work coefficients, loss coefficients and efficiency. These 
dimensionless quantities were presented as functions of Reynolds number 
(Re)a 
= 
D2U2 IVI 
, diameter ratio d2ld, , Mach number 
Ma = U21a, and flow factor 
CmI /U2 which refer to the size, the speed and the shape of the component. By combining 
the work and loss coefficients, the efficiency and pressure coefficients were calculated as 
function of the forgoing characteristics values. 
The authors have produced a number of design diagrams for centrifugal compressor with 
radial blades impeller, which show the relationships of flow factor, pressure coefficient, 
efficiency and Mach number fo r specific values of Reynolds number 
(R, )a =2x 10' (, u = 1.3), slip factor O., f = 1.25, diameter ratio d2ld, = 1.6 and meridional 
velocity ratio CmI 
lCm2 
= 1.0. These diagrams highlight the following: 
i. The optimum efficiency was obtained only over a narrow range of the flow factor 
CmI /U2 ) close to 0.3. 
At constant Mach number less than 1.2, both the pressure coefficient and the 
adiabatic efficiency drops only a little with increasing flow factor. At constant 
Mach number higher than 1.2, the drop of both parameters is quite noticeable. 
-23- 
M. EBAID CHAPTER 2 
iii. The pressure coefficient and adiabatic efficiency, at constant flow factor, increased 
considerably with decreasing Mach number. 
The diagrams presented in this work could not be used as a general guide for the 
compressor design as they were produced for a special case. Moreover, the Mach 
number M. =U 21a, does not represent actual flow velocity. 
BaIje [101 pointed out that the maximum efficiency of the compressor is a unique function 
of the similarity parameters, specific speed N, Specific diameters D, Reynolds number 
Re and Mach number M, I His results indicate maximum efficiency would be expected 
when flow angle at impeller exit A ýý 900 9 130 ý! N, ý! 90 and 1.7 ý! D, ý! 1.3. Moreover, 
the peak value of the efficiency should increase with increasing Mach number for low 
specific speed. This is particularly noticeable in the case of radial compressors with large 
diameter ratio. BaIje's work provided very useful guidelines and perhaps defines practical 
design boundaries. However, it did not deal with the methodology for the actual design. 
Rodgers [361 presented a method of estimating the pressure-flow characteristics of radial 
compressors provided that the peak impeller and diffluser efficiencies and compressor 
geometries are prescribed. Rodgers employed this method to investigate the effects of the 
impeller tip diameter to inducer diameter ratio at mean streamline d2ld, , diffuser throat to 
impeller inlet area ratio AdIA, and the inducer blade angle at mean streamline fl, on the 
characteristics of 27 compressors of straight radial blades and zero prewhirl to the inducer 
inlet for design pressure ratio ranging from 3.0 to 6.0. His results are summarized as 
follows: 
i. For impellers of pressure ratio exceeding 4.0, diameter ratios at mean inlet greater 
than 2.0 are desired for higher efficiency. Also, for adequate flow range between 
surge and choke at such pressure ratio, '4dlA, should probably be less than 0.2 and 
inducer blade angle A not greater than 50 deg. 
H. The blade angle measured from the axial direction should be less than 60'. This is 
because of the high rate of turning could restrict the range of operation. 
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W. It was found that the overall pressure-flow characteristics were primarily strong 
functions of the inducer and diff-user throat areas AdIA, and. secondarily. were 
strong functions of the impeller diameter ratio d2ld, - 
Results given by Ingham and Bhinder [37], which were obtained on a 6/1 pressure ratio 
compressor, also indicate that the space rate of turning of the fluid has a significant 
influence on the efficiency as well as the range of impellers. 
Stahler [38] investigated the effect of inducer relative tip Mach numberMer on efficiency 
using several Boeings compressors. The results presented indicate the penalty that may be 
paid for the increase in Mer , Efficiency falls off rapidly forMer greater than 0.8. 
Maximum efficiency 17ad of 79.5% occurred atMer equal to 0.73. Since the design mass 
flow rate and the pressure ratio have not been given, it is therefore, difficult to deduce that 
the drop in efficiency is due to high Mach number effect or low speed effect. 
Came [391 developed a computer-based centrifugal compressor design procedure for the 
impeller and the diff-user. The impeller design package includes a geometry modelling, 
aerodynamic analysis, stress analysis and the direct generation of data for manufacture by 
numerical control. The method of diff-user design incorporates analyses of the flow in the 
vaneless space and the diff-user channel geometry was selected based on pressure recovery 
data. These packages were used to design a centrifugal compressor of 6.5-pressure ratio 
and were tested experimentally to evaluate its performance. Then it was compared with 
that of an earlier compressor designed with less advanced techniques for the same 
aerodynamic duty. The experimental results showed that the performance of the 
compressor based on new technique gives better performance than the less advanced one. 
These results can be disputed on the basis that the two impellers were not similar as the 
new designed ones have a backswept blades while the less advanced one have radial 
blades. 
Anderson el al [401 has investigated the effect of blade curvature of the impeller on 
centrifugal compressor performance. The three impellers used in this investigation have 
similar dimensions but different blade curvature, which is parabolic, elliptical and circular 
blade forms, respectively. This investigation has shown the following: 
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i. Impeller with elliptical blade curvature had highest peak adiabatic efficienc. v at all 
of the equivalent tip speeds except at 462 and 528 m1s. Impeller with the parabolic 
blade curvature had the highest peak efficiency at equivalent tip speeds of 462 and 
528 m1s. Impeller with the circular blade curvature had the lowest peak adiabatic 
efficiency at equivalent tip speeds higher than 330 m1s. For the range of tip speeds 
investigated, all three impellers decreased in adiabatic efficiency with increasing tip 
speed. 
ii. Impeller with the circular blade curvature had the highest slip factor of all three 
impellers. 
iii. The variation of pressure ratio at peak adiabatic efficiencies with equivalent tip 
speed was more nearly the same for the three impellers than the variation of slip 
factor and peak adiabatic efficiency. Impeller with the circular blade curvature had 
the highest-pressure ratio at equivalent tip speeds as high as 396 m1s. Impeller 
with elliptical blade curvature had the highest at 429 and 495 mls and impeller 
with the parabolic blade curvature had the highest peak at 462 m1s. 
iv. Impeller with the circular blade curvature had the highest maximum specific 
capacity at all equivalent tip speeds up to 495 m1s. Impeller with elliptical blade 
curvature had nearly the same specific capacity as impeller with the circular blade 
curvature. Impeller with the parabolic blade curvature had a maximum specific 
capacity 6% to I I% smaller than that of impeller with the circular blade curvature. 
V. Impeller with elliptical blade curvature had the largest useful operating range at a 
pressure ratio of 1.80. Impeller with the parabolic blade curvature had the largest 
useful operating range between pressure ratios of 2.20 to 3.00; and impeller with 
the circular blade curvature had smallest useful operating range at all pressure 
ratios. 
iv. Impeller with elliptical blade curvature and impeller with the circular blade 
curvature exhibited an operational instability at high equivalent tip speeds near the 
maximum specific capacity. 
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This work is considered to be a valuable contribution and would help the designer to select 
the optimum blade shape for a specified application. 
Ingham [411 carried out similar work to investigate the effect of an inducer design on the 
performance of a centriffigal compressor impeller. Dean [421 has produced experimental 
results from a low speed compressor showing a tip velocity profile, which he approximated 
to a square jet and wake flow. He suggested that for a centrifugal impeller, the theoretical 
maximum diff-usion ratio V2 IV, is 0.5. He based his results on the work done by Lieblein 
and Johnsen [431 who achieved such diff-usion in an axial stage. More modest design 
limits Of V2 IV] = 0.625 were adopted by Dallenbach et al [44] and Stiefel [451, but even 
these are seldom achieved due to the boundary layer separation, which occurs in most 
impellers. 
2.2.2.2 Vaneless diffuser and the volute 
The radial vaneless diff-user is a major source of inefficiency in centrifugal compressors; 
therefore, most of the work cited in the open literature was directed to study the flow and 
find methods to predict the losses in the vaneless diff-user in an attempt to increase its 
efficiency. 
Polikovesky and Nevelson 1461 calculated the loss for the incompressible flow and they 
found that the losses were predominantly at the diff-user entry. This was due to the high 
inlet loss, attributed to the impeller exit flow not completely filling the diff-user inlet cross 
section. Brown [471 obtained better results by varying the friction factor with radius and 
found that the highest value was at the entry. 
Dean and Senoo [48] put forward a theory to explain the large total pressure losses at the 
diff-user inlet. Since the relative velocity distribution between the blades of an impeller in 
the circumferential direction is non-uniform, an unsteady flow is produced at the diff-user 
inlet. They proposed that this velocity profile can be considered as a jet and wake. In the 
diff-user these two flow regimes mix, producing a total pressure loss. An incompressible 
flow theory based on this model predicted that in most compressors, the jets and wakes 
would mix out to virtually uniform flow by a radius ratio (actual radius /diff-user inlet 
radius) of 1.05. 
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Johnston and Dean [491 presented a simplified version of jets and wakes theory. They 
developed their theory for incompressible flow and combined it with a one-dimensional 
treatment of the remainder of the diff-user. They suggested that separation caused by 
boundary layer, fluid tends to form regions of high and low energy, which they described 
as ajet and wake respectively. 
A comparison of the losses by the two theories showed little difference provided that the 
swirl parameter C,, lCr was greater than 2.0. 
2.3 SMALL GAS TURBINE FOR HIGH-SPEED TURBO- 
ALTERNATOR APPLICATIONS 
Because the use of high-speed turbo-altemator for power generation for a specific load and 
rotational speed is not common, relevant published literature is extremely limited. 
However, several papers were found in the open literature as described hereafter. 
Anon [501 carried out an experimental work on a compound diesel engine for automotive 
use. A high-speed turbo -alternator, HSTA (10 kW at 100,000 rpm), with a radial turbine, 
was positioned downstream of the turbocharger to convert exhaust energy into electrical 
output. This was then used to improve overall engine efficiency by driving a high-speed 
motor positioned in the engine drive train. The ability to maintain HSTA turbine efficiency 
was claimed by controlling the HSTA speed independently of the engine condition; i. e. by 
allowing the turbine to operate within an acceptable range of isentropic velocity ratio. 
However. ) no mention was made of the 
implications of this for engine back pressure and 
the subsequent effect on engine performance, which could be considerable. 
Cleland el al [511 developed aI to 3 kW HSTA for use in remote areas. The high-speed 
permanent alternator, HSPMA was designed to be directly driven by a radial turbine at 
100,000 rpmvia aerodynamic bearings. However, full test evaluation was prevented by 
problems with the bearing system. A similar system was described by Barber and Boda 
1521 for small community power supply. In this case the HSPMA was driven by an axial 
turbine to produce 20 kW at up to 60,000 rpm. It can be seen that research work on a 
complete integrated system combining a SGT and HSPMA was still scarce. 
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Rodgers [531 presented a re-appraisal of the small gas turbine turbo-altemator, two turbo- 
generator concepts were considered: the first concept was a SGT of radial type using an 
annular combustor while the second concept used a reverse annular combustor. Both 
would directly drive a high-speed generator. 
Rodgers claimed that thermal efficiencies approaching 28% were attainable based upon 
current technology levels and with externally cooled metallic hot end components. Cost 
models indicated turbo-generators specific cost $1kW increases towards the lower range of 
its power output as a result of fixed cost assumptions for the controls and accessories costs. 
Capital cost increases towards the lower range of turbo-altemator. Small turbo-generators 
can play an important role and compete commercially if the manufacturing cost can be 
resolved. 
Rodgers [541 extended his work and carried out a development programme to design, 
fabricate, and test a 10 kW high-speed alternator. The target of this work was to produce a 
gas turbine of 10 kW output with specific fuel consumption of 0.67 kglkWh, without 
exceeding a turbine inlet temperature 1200 K. To achieve this goal, three-prototype turbo- 
generators package were tested. Detailed design work was initiated on three engine 
configurations with rotational speeds of 85,000,100,000, and 110,000 rpm. This 
programme of work revealed the following results: - 
i. The best design configuration to achieve the required objectives would incorporate 
a single stage centrifugal compressor and single stage radial turbine mounted back- 
to-back on a common rotor shaft. This arrangement being considere optimum 
from the standpoint of size, weight, simplicity and cost. 
It was estimated that the maximum allowable turbine inlet temperature at sea level 
conditions 15.5* C would be of the order of 944 K. 
The 85,000 rpm configurations appeared marginal from a performance standpoint, 
particularly if component clearances could not be strictly maintained. 
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iv. The I 10,000 rpm configuration provided the best fuel economy 0.55 kg1sec but 
had the highest inducer tip relative Mach number and lowest flow range. The 
improvement in SFC at speeds above 100,000 rpm was relatively minor. 
This study can be considered as a good reference for future research developments of 
turbo -altemator. 
The primary aim of Pullen's [551 work was to design and develop a directly driven high- 
speed alternator and gas turbine as a portable generator with a power output of 50 kW. The 
motivation for producing such a device was the substantial reduction in weight and size of 
the generator in comparison to conventional low speed devices. The research area of his 
work was addressed to: - 
L The turbine performance and the aerodynamic design of the turbine volute. 
ii. The mechanical designs aspects relating stress and vibration analysis. 
iii. The design and development of the disc alternator. 
His work showed the potential of turbo -alternator as a portable power plant. 
Makey and Noe [561 caff ied out a research programme to develop a family of highly 
recuperated small gas turbine-driven generator sets rated from 3 to 30 W. The proposed 
programme was to run the generator at the same speed of the compressor and the turbine, 
thus eliminating the need for a gearbox with no engine-driven accessories, hence no 
lubrication system as the rotor shaft will run on air bearings. The proposed system will 
offer an expected efficiency between 30% -35% and they claimed that the key issue to this 
high efficiency was the designing of a low cost circumferential recuperator of high 
effectiveness range of 90% - 95%. 
The test results showed good performance, but were not as highly effective as those 
predicted by the computer programme. This may be due to higher heat losses than 
anticipated; therefore, better insulation techniques for circumferential recuperator will 
be 
required. A drawback of this work is the addition of an extra component that will add more 
weight to the unit. 
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Atkinson [571 carried out a research programme for the design and performance of radial 
turbines for small, low power applications. A design procedure was developed for the 
turbine rotor, inlet guide vanes and volute. The procedure was then evaluated through the 
design of 3.2 kW turbine for an automotive turbo-alternator to be located in the exhaust of 
a small gasoline engine in a hybrid electric vehicle, to recover some of the waste energy. 
The turbine was designed to accept 27.1 g1s of exhaust at 1073' K, with a total-to-static 
expansion ratio of 1.6 1: 1 at 100000 rpm. The measured peak total-to-static efficiency was 
80%, and the flow characteristic was within 2% of design. This was encouraging in the 
case of turbo-alternator turbine due to its very low power and size. 
2.4 MAIN OBSERVATIONS FROM PREVIOUS WORK. 
2.4.1 Inward Flow Radial Turbines and Centrifugal Compressors 
i. Axial exit/tip velocity ratio CmI 
/U2 
9 which has been referred to as the flow 
coefficient term was used by many designers in design calculations as a criterion 
factor for radial turbine efficiency. A recommended value for this factor for best 
efficiency should lie between 0.3 - 0.5. Another criterion factor for radial turbine 
performance is the velocity ratio u, lcs, in which a value between 0.67 to 0.7 
would be optimum for best efficiency. Also, The blade-loading coefficient 
was recommended to be a good design criterion factor for radial VIBL Cvi, 2 
/U2 
turbines. On the basis of zero swirl assumption, VBL should lie between values of 
0.95 to 1.0 for best achievable efficiency. 
H. Specific speed N, and specific diameter D, were considered by some designers as 
performance parameters for radial turbines. Several charts were developed showing 
the relationship between the component's efficiency of radial flow machines and 
these parameters. 
iii. Several experimental works revealed that higher blade numbers Of IFR turbine were 
preferred for achieving best efficiency. 
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iv. Most of design methods of rotors and impellers of radial flow machines were based 
on one-dimensional approach. 
V. It was observed that the shape of the impeller and hence blade curvature had a 
significant effect on the performance parameters such as the slip factor, efficiency, 
maximum flow capacity and the pressure ratio of centrifugal impellers. 
A. Design methods of the radial flow machine casing were based on the assumption of 
one-dimensional, free vortex and mass conservation. These methods produced 
satisfactory results in terms of performance and efficiency. 
Vii. Several experimental work results reported a wide variation Of IFR volute discharge 
flow angle with azimuth angle around the volute, about 10* to 19'. Also, it was 
reported that most of the stagnation pressure loss occurred in the inlet region. 
Viii. The cross-sectional shape of the IFR volute had a great influence on the turbine 
efficiency. Also, it had an effect on the variation of the absolute flow angle a2 . 
ix. The length of the angular bend at the entry of the IFR volute (known as the tongue) 
plays an important part in achieving the desired velocity profile, and hence 
maximizing the tangential flow velocity c,,, at the rotor inlet. 
X. Mechanical considerations regarding stress analysis (centrifugal and thermal) and 
vibrations analysis of the radial components were not given the attention in the 
design approach of radial turbornachinery. 
2.4.2 Small Gas Turbine For High Speed Turbo-Alternator Applications 
i. Considerable attention has been paid to the development of small gas turbine 
engines for use in power generation to exploit their attractive features in terms of 
low cost, high power to weight ratio, and low emission. 
ii. The best configuration of a small gas turbine for high-speed turbo-alternator 
applications would be a single stage centrifugal compressor, a combustion chamber 
and a single stage IFR. This arrangement being considered optimum from the 
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standpoint of size, weight, simplicity and cost. For 50kW turbo-alternator 
machine, the best thermal efficiency was achieved at a running speed of 93.000 
rpm. 
iii. High-speed turbo-alternator systems in which a small gas turbine coupled directly 
to high-speed permanent magnet alternator would be an optimum arrangement to 
reduce the system's cost, weight and size. 
iv. Then-nodynamic performance of small gas turbine engines are still primarily 
constrained by the temperature limit of the hot part of the engine, i. e. the turbine. 
Therefore, many research programmes have been carried out to study the feasibility 
of using ceramic materials to be used in the turbine industry as a replacement to the 
traditional metallic materials such as Nimonic and Inconel alloys. 
V. All literature references agreed that small gas turbine engines, to be widely 
accepted over presently available units of the same power, must offer a substantial 
increase in efficiency, and a significant reduction in cost. 
2.5 JUSTIFICATION OF THE AIMS. 
L Significant advances have been made in understanding the aero- thermodynamics 
design and performance of radial flow compressors and turbines, but published 
literature on system integration and design of the complete machine is still scarce. 
Therefore, this work represents a comprehensive design work of the complete 
system. 
H. For turbo-altemator systems, the driving speed of the gas turbine would be dictated 
by the speed of the directly-coupled alternator. For constant voltage and frequency 
output, the system speed must remain constant at the design and off design 
conditions. In the present research, the load and speed for the gas turbine were 
specified to be 60 kW and 60000 rev/min. This was a serious constraint on the 
design of the IFR turbine. Papers dealing with the design problem subject to serious 
constraints as in the present case are almost non-existent. 
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iii. An analytical method to determine the optimum number of blades and the axial 
length of the IFR turbine rotor was not cited in the open literature as far as the 
author is aware of Therefore, developing a design method for calculating the 
optimum number of blades Nb and optimum axial length Z ..... , 
for an 1FR turbine 
rotor would offer a significant contribution. In addition to that, applying the method 
of prescribed meanstream velocity for the design of blade profile and flow channel 
of the 1FR turbine does not appear to have been tackled in the published literature 
reviewed by the author. 
iv. Complete analysis of the combined stresses (structural and thermal) and vibration 
of the rotating system due to the effect of centrifugal forces and elevated flow 
temperature were scarce and not given considerable attention. Therefore, detailed 
analysis of stresses due to combined centrifugal forces and thermal forces and 
vibration of the rotating system have been included in the current work using 
advanced computer software programmes. 
V. Component matching between the turbine and the compressor is considered an 
important topic regarding the prediction of the performance of the system at the 
design and off-design conditions. Therefore, it is felt that some work is needed to 
cover this topic possibly with a new approach. 
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CHAPTER 3 
TURBOMACHINERY THEORY, PERFORMANCE AND 
DESIGN MODELLING OF IFR TURBINE 
3.1 THEORETICAL BACKGROUND 
A full analysis of the performance parameters of the IFR turbine is presented in this 
Chapter. This entails complicated equations and parameters, which describe the design, 
performance and operation Of IFR turbines. 
3.1.1 Introduction 
In general, gas turbines cover tremendous ranges of power, rates of mass flow and 
rotational speeds. For small power range 10-100kW, the recommended configuration 
would be based on a simple gas turbine open system, which consists of a centrifugal 
compressor, a combustion chamber, a radial turbine and a power transmission shaft 
that connects the compressor and the turbine as shown in Fig. 3.1. 
Fuel 
2 
On, 
Power --tP-t 
4 Exhaust 
Air (th, 
(rhg ph, + rhf) 
TT mbine 
Compressor 
ýICJCombustion 
chamber 
FIG. 3.1 AN OPEN SIMPLE GAS TURBINE CYCLE 
In power generation applications, there are many arrangements of the compressor, 
turbine and the alternator on a single shaft. Only four arrangements are considered and 
the others hence omitted due to the alternator being close to the hot part of the engine. 
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Hence the alternator will be subjected to overheating. These four arrangements are 
shown in Fig. 3.2 in which the alternator is always located at the compressor end. 
hine 
Case (1) Case (2) 
FIG. 3.2 POSSIBLE ARRANGEMENTS OF HIGH SPEED TURBO-ALTERNATOR 
Another consideration was the end thrust developed due to aerodynamic pressure 
loading and pressure forces on the turbo-machinery rotors. For cases I and 3, the 
forces on the compressor and the turbine rotor act against each other. However, for 
cases 2 and 4, the net forces will not be zero and this may cause bearing problem in 
term of friction losses and instability. Therefore, cases 2 and 4 are dismissed. Ducting 
problems of the compressor inlet and turbine exhaust means dismissing case 3, leaving 
only case I as an available option. 
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3.1.2 Gas Turbine Cycle Analysis 
For simple gas turbine, operates on Brayton cycle, is represented on T-S diagram as 
shown in Fig. 3.3. 
F IG. 3.3 TEMPERATURE- ENTROPY DIAGRAM OF GAS 
TURBINE CYCLE 
The gas turbine thermodynamic analysis can be simplified by making the following 
assumptions: 
L The air used by the gas turbine as well as the products of the combustion are 
considered to behave as perfect gas. 
H. The specific heat capacities of the air and the combustion products are considered 
to be constant through the individual process and represented at the average 
temperature of that process. 
iii. The loss of stagnation pressure in the combustion chamber is a constant percentage 
of combustion chamber inlet pressure. 
The gas turbine cycle performance can be calculated in step-by-step analysis for each 
different component in the cycle as described hereafter. 
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Step 1 Air compression in the compressor 
The compression power (W, ) is given by 
T Ya We : -:::: "'aCpa 01 PO 2-I 
17, Po I 
(3.1) 
The final stagnation temperature T02 in the compression process can be derived from 
the definition of compressor efficiency, 77, = 
(T02 
-TOI)s (refer to Fig. 3.3) to be 
(T02 -TO I) 
expressed as: 
T02 =TOI + 
TO p02 
17, Po , 
Step 2 combustion process 
(3.2) 
The energy balance of the combustion chamber for a perfectly insulated chamber with 
no work transfer process can be expressed as: 
filaH02 + Mf Hf - rhgH03 
Equation 3.3 can be transformed to give an expression for fuel/air ratio 
mf Cpg (T03 -Tref 
Cpa (T02 
-Tref 
th 
a 
(LCV)(77,, ) Cpg (T03 -Tref 
Step 3 Gas expansion in the turbine 
The turbine power W, can be expressed as 
Yx 
Wi =0+ f)rh. Cpg)7tT03 I_ 
P04 Y, 
P03 
(3.3) 
(3.4) 
(3.5) 
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The exhaust stagnation ternperatureTO, in the expansion process can be obtained from 
the definition of turbine efficiency, 17, = 
(T03 _T04) 
, (Fig. 3.3) to be expressed as: (T03 -TOA 
Ye - I/ 
04 ::::::::: 
T03 
-77t 03 
1_ 
P04 yx 
TT 
P03 
Step 4 Thermal efficiency and specific fuel consumption of the cycle 
171h = 
output power 
- 
Wnel 
_ 
(W, 
- 
W) 
Input power fih,, (LCV) 
SFC = 
3600f 
W, - W, 
Step 5 Specific work output 
W, 
= W, - W, 
From above, the efficiency of the gas turbine cycle can be increased by 
i. Increasing the inlet turbine temperature To, 
ii. Increasing turbine inlet pressure Po, 
iii. Increasing the component's efficiency q, 17,, )7,,. 
3.1.3 Turbo-Machinery 
(3.6) 
(3.7) 
(3.8) 
(3.9) 
Fluids machines are devices for either converting the energy held by a fluid into 
mechanical energy or visa versa. The mechanical energy is usually transmitted by a 
rotating shaft. A machine in which energy from the fluid is converted directly to the 
mechanical energy of a rotating member is known as a turbine. If the primary object is 
to increase the pressure of the gas, the machine is termed a compressor. 
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Turbo-machinery classification 
A classification of types of turbo-machines is summarized in the Table 3.1 
CLASSIFICATION OF TURBO-MACHINERY 
Energy Transfer 
Energy transferred from the 
working 
Energy transferred from the rotating 
fluid to the rotatinP Dart part to the working fluid 
Power producing machines Absorbing power machines 
e. g. turbine e. g. purnp& compressor 
Direction of Flow 
F- 
Axial Flow Machines Radial Flow Machines Mixed Flow Machines 
Path of the fluid is parallel Path of the flow is in the Path of flow is partly 
to the axis of rotation plane of rotation axial and partly radial 
TABLE 3.1 CLASSIFICATION OF TURBO-MACHINERY 
3.1.3.2 Radial turbo-machinery 
For radial turbo -machinery, there are two main types, which are: 
L The centrifugal compressor 
ii. The radial turbine 
Both types consist of two main parts as shown in Figs. 3.4,3.5. The stator part is 
referred to as the casing or the volute. The rotating part is referred to as either the rotor 
for the turbine or the impeller for the compressor. Detailed description of these parts 
will be given in later Chapters. 
3.1.4 Basic Equations For Radial Turbo-Machinery 
The basic equations that are required to analysis the flow through radial turbo- 
machinery are the equation of continuity, equation of momentum, and the general 
energy equation. The derivation of momentum and steady flow energy equations can 
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be found in any thermodynamics and turbomachinery textbooks; hence they are not 
referenced hereafter. 
FIG. 3.4 A CENTRIFUGAL COMPRESSOR 
Vanes 
Gas in Exhaust 
Stator N diff-user 
'A 
-sow- Gas 
out 
volute 
FIG. 3.5 AN INWARD FLOW RADIAL TURBINE 
3.1.4.1 Equation of continuity 
Mass flow rate: th = o, Ac, = PAC2 (3.10) 
3.1.4.2 The momentum equation (Euler's equation) 
Specific Work output: 
Pý, -: ": (Cw2U2 - CwIUI) (3.11 a) 
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Equation 3.11 a can be expanded to give 
2 
_U12) 
2 
_V 
2)+(C, 2 2 (Cw2U2 
- cwlul 
[(U2 
(V2 
C1 (3.11 b) 2 
3.1.4.3 The steady- flow energy equation 
(h2-4)+ (C2 2_ C12) + 9(Z2 - ZI (3.12 2 
Assuming no change in potential energy, equation 3.16a is reduced to give 
. 
-= 
12_2 
(h2 - h, )+ -(C2 c, )=H, 2 - Hol (3.12b) 2 
3.2 PERFORMANCE AND DESIGN MODELLING OF IFR 
TURBINE ROTOR 
3.2.1 Introduction 
The mathematical modelling of an IFR turbine rotor is desirable for many purposes 
including design, analysis of measured performance data and estimation of 
performance. The mathematical models developed and employed in the present work 
are essentially one-dimensional, which is implicit in Euler's equation 
The performance of an IFR turbine rotor is controlled by several dependent and 
independent variables which come under three main categorizes as shown in Table 3.2 
CONTROL 
DESIGN VARIABLES VARIABLES 
PERFORMANCE 
Inlet pressure Tip diameter, Blade width Mass flow rate 
Inlet temperature Exducer and Hub diameter 
. 
1sentropic efficiency 
Rotational speed Axial length, Blade angles Torque developed 
Properties of working Inlet and outlet Mach 
Degree of reaction, Flow 
fluids numbers coefficient 
and blade 
loadaiz coefficient 
TABLE 3.2 MAIN PARAMETERS OF AN INWARD FLOW RADIAL TURBINE 
-42- 
M. EBAID CHAPTER 3 
The interaction between the three categories can be studied, without referring to the 
flow in a turbo-machine, by combining the main variables involved into a relatively 
smaller number of dimensionless groups and expressed them in terms of design 
variables as described hereafter. 
3.2.2 Development of Non-Dimensional Performance Parameters of 
IFR Turbine Rotor 
Applying the steady flow energy equation for the IFR turbine between inlet (i) and 
outlet (e) conditions, i. e. the work transfer from the turbine can be described as: 
-W= rhA(h+ (3.13) 
Further assuming the working fluid behaves as a perfect gas, and its specific heat C, is 
independent of T for the range of temperatures considered, equation 3.13 for the ideal 
and the actual power produced by the turbine can be converted to equation 3.14 as 
shown below: 
the 
T 
Pe 
(3.14) (W) 
actual 
= 
p771-1 
(Tj - T, ), = IhCp77, -, i pi 
Where, 
H, T, P, 77, are total enthalpy, total temperature, total pressure and total-to-total 
isentropic efficiency respectively, of the working fluid. 
From mechanical considerations 
actual::::::: r21rN (3.15) 
Hence, equating 3.14 and 3.15 and dividing by d2'P,, it can be shown that: 
thvcpTi d2N 
_ýe 
y 
(3.16) 
d23p 2p IT di Ti 2 
V-cp Pi 
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or 
Y-1 
d2N Pe 
d rhVCrTj 2; r VC- 2p Ti pi 
By definition, the spouting velocity c, is given as: 
Y-1 
cs 2CPTI I- 
Pe 
F, 
pt 
and the blade tip speed u2 as 
U2 = zd2N 
CHAPTER 3 
(3.17) 
(3.18) 
(319) 
By combining equations 3.18 and 3.19 and re-arranging, an expression for the velocity 
speed ratio is obtained: 
d2N 
U2 7r C 
-PTi 
c -. 
r2- 
sr IV : 
ýe 
pi 
I 
F, 
(3.20) 
The non-dimensional parameter u, 1c, is referred to as the isentropic velocity ratio or 
spouting velocity ratio. 
Also, substituting equation 3.20 in equation 3.17, the following expression for specific 
torque is obtained: 
Y-1 2 
V-2 p e 
d2tiiý-CpTi 4 U2 ICs pi 
Where: 
d, 
2 P, = Dimensionless mass 
flow parameter (MP) 
(3.21) 
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d, N 
= Dimensionless speed parameter (SP 
T= Dimensionless specific torque parameter, dimensionless torque per d2rhVC, T, 
unit mass flow rate (ST) 
T 
23 
PI 
Dimensionless torque parameter 
Total to total pressure ratio (P, ) P, 
U2 
Isentropic velocity ratio (VR) 
CY 
)7, -, 
Adiabatic efficiency from total inlet to total outlet conditions 
3.2.3 Relationship Between Turbine Performance Parameters and 
Geometric Design Variables 
The geometrical shape of a typical IFR turbine is shown in Fig. 3.6 and the principal 
dimensions are defined in Table 3.3. 
PARAMETER NOTATION PARAMETER NOTATION 
Rotor tip diameter d2 Blade angle at rotor inlet I 18b 2 
Rotor blade width at tip b2 Blade angle at exducer Ae 
Rotor exducer diameter de Blade angle at hub Ah 
Rotor hub diameter dh Blade angle at exit mean diameter Al 
Rotor mean diameter at exit 
L- 
d, 
I 
Axial length Zaral 
TABLE 3.3 PRINCIPAL DIMENSIONS OF A TURBINE ROTOR 
The design variables include the ratios of the geometric dimensions such as 
b2ld2 
d, Id2 , djd2 , 
d,, ld2 . Furthermore, it is assumed that the blade angles and the flow 
angles are the same under certain conditions, i. e. 
X2 
--::, 
82 
, etc. 
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,u 
N 
0 
1 
,ý 
m 
p) P. [p iponpx-, l 
I P) pip -P" 
CLIp ulp qnf I 
N 
C, 
(Zp) uip diiioloN .5 
mE 
ý%o 
foi 
ci 
0-0 ; To 
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d2 
dh 
--/71 co 
I 
182 
l4 
mi 
lil 
FIG. 3.7 VELOCITY TRIANGLES OF WR TURBINE 
From the inlet and outlet velocity triangles, Fig. 3.7, the following expressions are 
derived 
Absolute flow velocity at rotor inlet: 
Absolute tangential flow velocity at rotor inlet: 
Absolute flow velocity at rotor outlet 
U sin 82 C2 ' 
sin(a, + J82 
Csi, 2 = U2 
sin . 
82 CoSa., 
sin(a, + 182) 
sin 8, 
C, 
sin(a, +, 8, ) 
Absolute tangential flow velocity at rotor outlet: c,,,, = u, 
sinAcos a, 
_ 
sin(al +A) 
(3.22) 
(3.23) 
(3.24) 
(3.25) 
3.2.3.1 Efficiency expression ()7, _, 
) 
The total-to-total efficiency of a single stage IFR turbine is defined as: 
(AH)ac. 
11, al 
U2C, ', _UC, ] 
111-1- (AH) isentropiC cs 
22 (3.26) 
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Substituting for Cw2 and cwl from equations 3.23 and 3.25 in equation 3.26 gives 
77t-t =22[ U2 
2 sin 82cosa2 
_ U, 
2 sin 6, cosal 
c sin(a 8 sin(a, +A) s2+, 2) 
U2 Sn A OOS (dl 
2) 
Sin A cosaý 
cs sin(a2 +2 
(d2 2) 
sin(a, +A) 
(3.27) 
Substituting for U2 ICs from equation 3.20 in equation 3.27,77, can be expressed as: 
2 
d2N 
2 
FCP 
T' sin 82 cos a2 (d 12) sin, 81 cos a, 
17t-t ý Ir 
Pe sin(a2 + 182) (d2 
2) 
sin(a, 
pt 
Equation 3.28 showed that q, -, =f 
(P,, Sp 
, a, , 
8, . 
a29,82 , dý 
Id2) 
3.2.3.2 Degree of reaction expression (R) 
(3.28) 
By definition, the degree of reaction is described as the ratio between static enthalpy 
drop across the rotor to the total enthalpy drop across the turbine stage as: 
Hi - H, 
R 
h2 
Hi -He 
C2 ci 
(H02 - -) - (H, - 
Hi -He 
Since the total enthalpy drop in the rotor is equal to the total enthalpy drop in the stage 
and by considering the flow is adiabatic as shown in Fig. 3.8 
i. e. Hi =H02 and He= Hol, therefore the above expression can be expressed as: 
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F IG. 3.8 ENTHALPY - ENTROPY DIAGRAM FOR A TURBINE STAGE 
C2 - cl 
C,, 2U2 - CwlUl 
22 
sin 82 dI 
sin(a2 +, 
62) d2 
(sin 82cosa2 d, 
ý 
sin(a2+92) 
-d2 
sin A 
sin(a, + A) 
sin A cosa, 
sin(a, + A) 
Equation 3.29 showed that R=f (al,, 81, a2 , 
82, d, Id2) 
3.2.3.3 Specific torque expression (z-1d2rh V -CTj ) 
(3.29) 
Substituting for q, from equation 3.28 in equation 3.17, an expression for specific 
torque is obtained: 
2 
_d2N 
sin A cosa2 dI sinfl, cosa, 
d2ý C--T sin(a + d, sin(a 22 182))-ý 
(3.30) 
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Equation 3.30 showed that T-=f (Sp, a2 d2 rh ', 
FC 
pT 
Another form of dimensionless specific torque is obtained in terms of velocity ratio, 
pressure ratio and rotor jZeometrV as: 
V2 
_ý2 e 
Y-1 2 
Sn Acos a2 
2 
sin a, cos'g, 
d lhv-cT 2 C, Pi 2p sin(a2 +, 
62) d2 
sin(a, 
Equation 3.31 showed that 
dT-, 
::::::: 
f (U2 ICs 
, P, 
lfý, a2 , 182 , a,,, 8,, d, 
1d2) 
2'hVC T 
3.2.3.4 Flow coefficient expression 
(CmIIU2 ) 
(3.31) 
Flow coefficients are commonly used in axial turbine efficiency correlations. In the 
case of radial turbines, a modified form is often used based on the exit meridional 
velocity: 
ýfc - CmIIU2 (3.32) 
Flow coefficient can be expressed in terms of geometric dimensions of the IFR rotor as 
shown below: 
From exit velocity diagram, Fig. 3.7 
sin A c., := cl sin al = 
lu 
I sin(al +, 81) 
] 
sin a, (3.33) 
Substituting for c,,,, into equation 3.32 and re-arranging will give: 
Of = 
u, (sin a, sin fil 
U2 sin(a, +, 81) 
(3.34) 
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Of _ 
d, sin a, sin 8, 
c d2 sin(a, + fil) 
Equation 3.3 5 showed that of, =f (a,,, 8,, d, 
/d2) 
3.2.3.5 Blade loading coefficient (c w2 
/U2 ) 
(3.35) 
Blade loading coefficients VB, are used extensively in axial turbine efficiency 
correlations. However, Baines [581 has suggested that the blade-loading coefficient 
may be valuable parameters in radial turbine performance correlations. It is based on 
the actual total enthalpy change through the turbine and is usually defined using the 
rotor tip speed parameter: 
- 
(Affi-e )actual H02- Hol 
_Cw2U2 
-CwIUI 
_c ""' - 
U, C", (3.36) BL -"::: 
U22- U2 
2-U22-U2U2U, 
Equation 3.36 can be expressed in terms of geometric dimensions of the rotor by using 
equations 3.23 and 3.25 to develop into: 
BL :::::::: 
sin, 82cosa2 d, 
2 Sn fil COS a, 
sin(a F, ) d sin(a 2+ý 2) 21+ 
Equation 3.37 shows that blade loading VIBL =f (a2l)62, a,,, 8,, d, 
1d2) 
(3.37) 
Equations (3.27,3.29,3.30,3.31,3.35,3.37) provide general relationships between the 
geometric variables, which include (dld2 , 82, a2 , 8,, a, 
) and the performance 
parameters such as the total-to-total efficiency q, specific torque parameter 
-rld2 th 
ýCj 
, degree of reaction 
R, flow coefficient of, and blade loading 
coefficient VIBL - 
It should be emphasized at this point that the angles 81, A are relative flow angles 
respectively, and should not be confused with the blade angles Aband 82h of the I FR 
turbine. Under certain conditions however, the flow and blade angles may be equal. 
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In order to study the relative influence of all the geometric variables involved on the 
performance characteristics, large number of solutions would be obtained. Therefore, 
in view of the magnitude of the task, the design condition will be considered here 
where 82 = 85' for minimum incidence loss based on flat plate model data Bhinder 
[21 and a, - 90' (zero swirl at rotor exit). Therefore, equations (3.27,3.29,3.30,3.3 1. 
3.35,3.37) can now be re-written based on these assumptions as follows: - 
2 
77t-I ) design= 2 
U2 sin 82 COS a2 
- 
cs design - sin(a2+, 
82 )- design 
(R)design =1- 
S'-n A 
sin(a2 + 182) 
2 
(tan 
d2 
sin. 82cos a2 
sin(a2 + P2 ) 
design 
T 7c d2N Sn 182 COS a2 
dth IC -, T, 
) 
desi . gn- 2 ýC -PTi 2p, desi . gn 
Sftl(a2 + 182) design 
or 
design 
d2 N sinfl2cos a2 
d3p2d2p sin(a2 + 182) 2i2i design design 
VCPT 
design 
cm, d, (Of, Lesign =-=d (tan, 01)design 
U2 2 design 
cu, 2 sin . 
82 
cosa, (VBL )design 
U, = sin(a2 + 182 ) design 
(3.38) 
(3.39) 
(3.40) 
(3.41) 
(3.42) 
(3.43) 
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3.2.4 Development of Rotor Aerodynamics Parameters 
3.2.4.1 Absolute flow Mach number at rotor inlet (M2) 
The absolute Mach number at rotor inlet is given as: 
M2 ý 
C2 
(3.44) 
a2 
From inlet velocity triangle shown in Fig. 3.7, and using sine rule: 
C2 U2 U2 
(3.45) 
sin 82 sin (180 - (a2 + 182)) sin( a2 + '82 
Substituting equation 3.45 for C2into equation 3.44 gives: 
U, sin 
A 
M2 
= a2 sin(a2 + J82) 
(3.46) 
The velocity of sound can be expressed as: 
a2 = ai 
t2 2 
(3.47) 
T 
and 
t2 C2 
2 
T02 2CpTO2 
For adiabatic flow, T., = T,, the above expression can be re-arranged as follows: 
L2 C2 
2 
(3.48) 
T, 2CPTj 
Combining equations 3.45 and 3.48 and substituting into equation 3.47 and re- 
arranging gives: 
" a, 
U2 
2 
sin. 82 (3.49) a2 ":: 
2CPT, sin(a2 +p 2) 
(3.50) By definition a, = 
VyRTj 
Substituting equation 3.50 into 3.49 gives: 
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v 
a2 =a, 
U2 sin, 82 
2 /2- 
2 a, sin(a2 + 
Hence, by substituting equation 3.51 into 3.46, the following expression can be 
obtained: 
U2 sin)62 
a, sin(a2 + 182 M2 
1_)/-' 
U2 
2( 
sin A 
2-Y2 
(3.52) 
2 a, sin(a2 + P82 
) 
The expressionU2/a, can be written as: 
ý2 
= (U 2 ICs)(c, lai) (3.53) 
a, 
Where cs is the spouting (isentropic) velocity across the IFR turbine stage and can be 
expressed in the following form: 
cs 2CPTI 
II- 
Pe 
Y, Xy 
Y2 
pi 
Substitute the above expression in equation 3.53 to develop equation 3.54 as: 
2p 
Y- Yr 
Y2 
U2 
- 
U2 
-e (3.54) 
a, cs V-l pi 
Substituting equation 3.54 into 3.52 and re-arranging, an equation for Mach number 
M,, at the rotor inlet can be obtained as: 
V 
/2 y7 
U2 2 P, y 
C, pi 
M2 
y 
22pY-; 
yy 2 
sin(a2 +, 
02) U2 
e 
sin, 82 cs 
pt 
(3.55) 
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3.2.4.2 Velocity ratio( U2 
ICs ) 
An expression for U2 
ICs 
can be obtained by re- arranging equation 3.55. 
U2 
C, 
sin(a2 + 182) 
sin, 82 
(y 
- 
DM2 2 
1+( 
Y-- -1 W2 
2 
p 
pi 
e 
3.2.4.3 Relative Mach number at the exducer tip diameter(Mer) 
(3.56) 
The velocity profile considered at the rotor outlet is of the free vortex type with 
constant axial component of the absolute velocity. This free vortex type of discharge 
will follow the well-known relationship, c,, r =constant. 
The relative velocity at exducer tip diameter expression v, can be written from the 
outlet velocity triangle diagram, displayed in Fig. 3.9 
V, = C., + (U, - Cwe 
2 
Ve 
2 
Cme 
2 
U2 
2 Ue 
_ 
C. 
e 
U2 U2 
For simplicity, let 
k2 
, and divide equation 
3.57 by yRtl: 
U2 U2 
222 
ve Cme 
+ 
U2 (k, - 
k2y 
, vR t yRt, vRI, 
(3.57) 
As cme = c., =q sin a, and multiplying the second term of RHs of the expression 
TT 
above by '= -"" and re-arranging, the above expression can be written as T TO I 
CHAPTER 3 
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cc Ph 
Cmh 1, cmi c 
C, 
ah a a,, 
C"h 
ýcl, 
I 
Ul 
U, 
FIG. 3.9 VELOCITY TRIANGLES REPRESENTATION OF A FREE VORTEX 
FLOW AT THE EXDUCER OF AN IFR TURBINE ROTOR WITH 
CONSTANT AXIAL COMPONENT OF THE ABSOLUTE 
VELOCITY 
U2 T 
Aler 2=M, 2 (sin a, )' + 
T, (k, 
-k2 
)2 
; lRt, T, 
7ý 
As M, = M" 
sin, 6, 
sin aI 
p TO I Te ey 
TT 
03 1 
pi 
ti ti 
TO I 
T, 7-1 ml 
2 
Substituting the expressions above into equation 3.58 results: 
m2:: - 
(Mer 
sinfle 
)2 
+ 
U2 
21+721 ml 
2 
(k, -k2 
)2 
er 
vR T, I- th, I_ 
(pe )r 
-yr 
I 
P, 
(3.58) 
(3.59) 
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Where, 
Mer is the relative Mach number at exducer tip diameter. 
M, is the absolute Mach number at rotor outlet mean diameter. 
As MI = Mer sin fle u 
7rd, N 
#A, jLd yR = Cp (y - 1) sin a, ' 60 
CHAPTER 3 
Then by substituting the expressions above into equation 3.59 and re-arranging would 
result: 
2d2N 
Ue C. 
e 
) 
( )_ ( 
60 VC '- uu T P P 
er ' , ) (2 
K d2N ue Cwe X 
60 V_C u PT U2 2 2 pe 1+__ 
____ (7-1) 1-7h, I-sin 
Y- 
-I- 
2 2e (sin aj 
e. j 
(3.60a) 
Substituting for 
Ue 
=de and c,,,, =0 (assuming zero swirl at rotor exit), then equation U2 d2 
3.60a is transformed to the form as displayed below: 
2d2N2d, 2 ) 
V-C 60 d2 
p 
er 2 
d2N 
60 VZ7 d, 
2 
(Y-1) 1-77 1-( e I-sin 'ge 
I+ 
__ ____ I 
P "_l y 2 I-r7,, (I-( e) 
P 
(3.60b) 
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3.2.4.4 Absolute inlet flow angle (a2) and relative flow angle (, 82 ) 
An expression for a, can be developed in terms of speed parameter d2NIýC-PT, . 
inlet Mach numberM2 and blade-loading factor (Vf2)BL as follows: 
22T 
By defmition, M2 
2= C2 
-C2 
02 
RT yRt2 r 02 t2 
2 
M2 2 
C2 
I+m22 
')CpT02 2 
Re-arranging equation 3.61 for C2 
1jcpTO2 
would result to 
C2 
NFCPT02 
From inlet velocity triangle, Fig. 3.7 
ýF2 Y- OM2 
M2 2 
CoSa2 = 
Cw2 
= 
Cw2 U2 
C2 U2 C2 
(3.61) 
(3.62) 
(3.63a) 
Substituting for C2 from equation 3.62 and for U2 =; rd2NI60 into equation 3.63a and 
re-arranging would give: 
M2 2 
-1 
Cw2 
Y 
;r) d2N y-I 2 
a2 = COS 
m U2 
'k60 p2 
Similarly an expression for 82 can be obtained as: 
=tan-' 
2 
)BL 
60 
M2 
(sino2) 
d2 N2 
1+2 
M2 
VCP7: )ýr 
(3.63b) 
(3.64) 
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3.2.4.5 Relative flow velocity ratio(V2/V, ) 
An expression for V2 
/VI in terms of inlet blade loading factor (V/ 2 )BL pressure ratio 
P, IP, , speed parameter 
d2NIV-CPT, , and relative inlet and outlet flow angles 
#25,8, 
is developed as follows: 
Consider the inlet velocity triangle Fig. 3.7 and using the sine rule, it can be written: 
V2 U2 
(3.65) 
sm a2 sin(a2 + '82 
V2 sin a2 (3.66) 
U2 sin(a2 + 182) 
Multiply LHS of equation 3.66 by vlv, and divide both sides by IIVCTol and by 
puttingU2 = 7rd2NI60, then equation 3.66 becomes: 
vi V2 z d2N sin a2 (3.67) 
v60 -CTO I 
V-CP-T-ol 
PT, Sn(a2 
+ 182) p 
Multiply and divide RHs of equation 3.67 by c, 
IV; Wt-, and re-arranging resulted into: 
V2- d2N C, 
)( ý, vRti 
[Cp To i sin a2 
v 60 IK 
-c yRt sin(a 8 
p12+1 
2) 1 TO, V, 
t 
But cl - 
sin 61 cl 
ýy-Rt vi sin a, 
Jml 
2 
IT 1 
F2 
and I+ 2' 
Substituting the above three expressions into equation 3.68 woul give: 
2 ml 
d2N Y-1 2 sin a2 V,, 
+ 
PT,,, 
sin a, mi sin(a2 + 182 60 
V-C 
(3.68) 
(3.69) 
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Multiply and divide LHS of equation 3.66 by (u2 - cý, ý) resulted into: 
v 
U2 (1 -) 
2 ! 2_ U2 - Cw2 V2 U2 (Cm, 2 U2 sin a2 (3.70) U2 U2 U2 - Cw2 U2 Vw2 COS 
182 sin(a2 + 162 
Since _d 
2N d2N rýTiooo-', 
T vCP 01 NFCpTO3 
and MI = Mer 
sin a, 
Then by substituting for 
give: 
sin a2 d2N 
sin(a2 + '82 -C -PTO I 
and M, into equation 3.69 would 
IM 
er 
2 
sin 
2 pe 
(Cw2 /U2) dN sinfl, 
FL; 
3 
v2 sin 
2a V2 
(7r(I 
21 
ol 
v 60 ýC-pTO3 (COS )02)(sin a, Mer ( sinfle 
sin a, 
(3.71) 
For zero swirl at the outlet, i. e. a, = 90', equation 3.71 in the general form becomes: 
V2 /70 - 
(Cii, 
2 
vi 60 
Mer 2 sin 
2 pe 
U2) d2N rT, Y-I+ 2 
T- COS iMs in fle 
) 
-XPT, er 
(3.72) 
rh V -ýý, -T, 3.2.5 Development of Mass Flow Parameter d2 I Pi 
Two models for the mass flow parameter were developed. These are termed as model 
(1) and model (2). 
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Mass flow parameter in terms of rotor outlet design variables, model (1) 
Using the continuity equation at rotor outlet for mass flow rate gives: 
th = pA, c, sin a, 
Assuming zero- swirl at rotor outlet, Le. a, = 90' 
th = 
Pol 
But ti and p., = 
Pol 
Pol To I RT,,, 
(3.73) 
Substituting the two expressions above and introducing blockage factor 8f, at rotor 
exit in equation 3.73 would result into 
r 
-7, , 
Y-1 Ccde2d2 hveý, T 
.= 
ti p zBf, (_h 2p 22 d2 
ol TO IRd PTO, 
d2 
2 
(3.74) 
CTT 
But 
týVCPTOI 
2p 
02 
P02 
01 (3.75) 
P d2 2 PO I 
d2 P02 
01 
T02 
Substituting equation 3.75 into equation 3.74 and re-arranging would develop into: 
ol T 
CpT02 
02 2_ (dh )2 (3.76) p12t 
(cp 
C, 
d2TTR2 
d2 
2 
P02 P02 
01 01 PTO, 
d 
p 
tj Cl 
2 ), -1 
and 
T02 
But 
R 7-1 TO I 2CPTOI 
TO I 
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Then by substituting for CP IR, T021TO, and (t, IT,, expressions into equation 3.76 
yield to: 
th VF, TT, 
IV 
cil 
, Y-1 
cl 
(ýe h 7rBf (! 
L) 
2 
d2 2 P02 
iv -I PO 2 2CPTOI ýc -PTO I-I 
d2 d2 
I 
p2 
ol 
PO 2 
cl cl cl 
As rr T-O, tl FýyRtjj 
(I cl 
2 
CPT, ( + ti Y-1 2CPtj 
Cl 
(3.77) 
yRt, 
+2 
Y-1 2 yRt, 
In terms of Mach number MI, the above expression can be developed into 
cl iml 
UP -To 
I 
Fl+ý2. ý M12 
Substituting for c, 
IV-CPTOI 
above into equation 3.77 and re-arranging would result 
into: 
th V -CT,, 2 
-(dh 
)2 
mi 
-y Bf - -ý-) d 2p VY -1 PO 222 
Y+l 
2 02 2 
-2mI) 
(3.78) 
V )7, t 
1- (ýO-I-) I P02 
':: OPIP where 
OP, is the pressure loss across the stator But P02 OpI P03 :'i 
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Hence., mass flow parameter above can be expressed in terms of stagnation pressure 
ratio across the turbine stage and rotor exit conditions as: 
th XTI 2_ (dh )2 
Mer S'n ß, 
2B fl ) d2 Pi 
ýiv 
-1p4dd 
1+y21 (Mer 
sinße )2 
x 
I 
7711 ( 
OP, Pi 
) 
(3.79a) 
Where 8f =1_2[ 
021d2) 
71 (d, 
ld2)+(dhld2) 
3.2.5.2 Mass flow parameter in terms of rotor inlet design variables, model (2) 
Similarly, an expression for the mass flow parameter in terms of rotor inlet design 
variables can be developed as: 
th Vc-, Tj 
IrB 
b2 M2 
d2 pi 
f2 Y+ 
2(y-1) 2 
d2 
I+721 M2 2 
sin a2) 
3.2.6 Development of Blade Tip Width to Tip Diameter Ratio 
Parameter (b2ld2 ) 
(3.79b) 
At inlet to turbine rotor, using the continuity equation and velocity triangle at inlet, the 
mass flow rate is given by: 
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rh = p, A2c,,, = (-! 
ý-2-)(702b2 
)(C2sin a2) 
Rt2 
As P2 -":::: P02 
12 
XY-1 
T02 
2 
--,: tTc 2 020 2CP 02 
C2 --'ý U2 sin 
fl2 
sin(a2+, 82) 
CHAPTER 3 
(3.80) 
Substituting for P2 11 t2 and C2 expressions in equation 3.80, and rearranging would 
give: 
PO 22 
yy-l 
2b in a sin 
th =IC2 "Td2 
2 
U2 
S2A 
(3.81) 
RT02 2CPT02 d2 sin(a2 +182) 
Introducing rotor inlet blockage factor Bf,, pressure loss coefficient OP, at rotor inlet 
would imply the following: 
PT --:: T= T R =: p 
p02 Opi (p03 Opi (i )5 
02 - 03 
y 
Substituting for P, T, and R in equation 3.81 would give: 02 02 
op, (Pi )I- C2 
2 
yr-I 
B J2 7rd2 2 
b2 
U2 sin 
a2 sin . 
82 
(3.82) 
CP 
IT 2CPTi d2 sin(a2 + 182 
Finally, substituting for U2 I C1 in equation 3.82 and re-arranging, an expression for 
b, Id2 is obtained as: 
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b2 
d2 
rhVCTi sin(a2 + J62)) 
2 OPIB d2p sin a sin f2 22 182 
J 
3.2.7 Blade Tip Velocity at Rotor Inlet 
Pe 
From cs = 2CPT, I_ pt 
and U2= 
U2 (Cs 
cs 
Substituting equation 3.85 into equation 3.84, would give: 
p 
U2 
1- 
2CPT, I- 2T 
cs 
F- 
pi 
d2N )7" 2( d2N 
X sin 
A2 
yy 
-I 
2 V-C 
PT, sin(a 
g VCPTj 2+1 2) 
(3.83) 
(3.84) 
(3.85) 
(3.86) 
3.2.8 Development of a Specific Speed (Q, ) Model for IFR Turbine 
The concept of specific speed has been used in the literature to classify turbomachinery 
types. Specific speed is a similarity parameter and it is sometimes referred to as a 
shape factor and is given by the following equation: 
Ns = 
N(0, )'1' 
= (AH, 
-e)s 
N. 1) 
Y2 
(AH3-1 )s Y4 
(3.87) 
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This equation can be developed and expressed in terms of the design variables of the 
turbine as follows: 
fiiRt, 
A 
(3.88) 
Equation 3.88 can be modified to include other dimensionless parameters, as follows: 
2T 
()l p thRt, 
d2 
01 
cp 
pl Pi d2 TO, Pol CP 
R 
-1,01 
2) 
d2pc 
fo I (d2 (3.89) 
2 01 p To IA 
R 
=, 
v-1 -ýj 01 M12 Substituting for - and -ýý = 
[I 
+ into equation 3.89 CP r To IA2 
gives: 
2 
2ý-l 
+, 
Y-IM12 Y-1 (d2 2) (3.90) 
d2 PO Ir2 
Equation 3.90 can be further modified to give: 
Td 
l+Iýý11M12 2) 01 
-' 01 
p03 Z-1' -1 Q-C-Joý Xd2 (3.91) 
d2 2 PO 
3 
TO3 
Po 2 
T 
p 
But A(H T 0, 3-1 s 
Cp 
03 
1 
P03 
Substituting equations 3.91 and 3.92 into equation 3.87 would give: 
(3.92) 
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v 
2 CT yy /2 Y4 1 P03 MF 
2 -1 ol 
Y2 2p 
03 
+y2MI 
Toý (CPT,, 
l)y4(d 2' 
N 
PO I 
d2 P03 T03 
y y 
A(H 3-1 
04 
Y-Y 
CTpI 
p 03 P03 
(3.93a) 
Equation 3.93a can be further modified to give 
ý2 
1( p03 Ir 
l+ 2 
Y/y 
-T 
ý4 
2 
03 
m dN 
N(O1) 
ý/2 7ý Pol )ý d2 2 p03 2T)ý 
PT 
03 
VýzpT03 
A(H3-1 s 
ý/4 Y4 
01 
pX' 
LII 
p03 
i 
(3.93b) 
y 
y Ty 
Substituting for "=I- 77, into equation 3.93b, resulted into T03 PO 3 
. ý/2 
Ns _ 
N(Q, ) 
A(H3-1 )s 
Y4 
V-/ 
(P T 
/2 
ý2 
p 03 122 03 
Ir tilvCpT 
+Y-1mX 1- _d 
N 
Po d22 
ýýj03 
2 
p03 p03 ýCpT03 0, 
Pol 
p03 i 
(3.94) 
The N, term above is given in rps and can be expressed in rad /s by substituting 
0, = 21-W, , hence equation 3.94 
in the general form notation becomes: 
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0 
[C 
= (2)- 
p 
e 
pi 
(3.95) 
Specific speed f2S is referred to as a shape factor; therefore it would be appropriate to 
express equation 3.95 in terms of the geometric dimensions of the rotor. This can be 
done by substituting equationsMI =Mer sinfle and 3.79a into equation 3.95 and re- 
arranging would develop into: 
B d, dh 
2 
M, sin, 6, 
7_1 4 d2 d2 
+L--l (A4,,, sin, 8, )' 
Y2 
27r 
p4 y e 
P, 
V /2 
Y4 
N Pe d2 
77t, P, CT vp, 
(3.96) 
3.2.9 Development of a Specific Diameter (D, ) Model of IFR 
Turbine 
By definition, specific diameter in non-dimensional form is given as 
Ds = 
d2(AH3-1 s 1V4 
1/ 
/2 
Substituting equations 3.91 and 3.92 into equation 3.97 would give 
I-v Y2 /2 
th ýC-- -P, 2 '/Y-l Pe 
Y 
d, N 7-1 
21 1+ 2 
mi 
yy Y- 
7e 
Jý d2 Pi P, T, 
(3.97) 
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d2(AH3-1 )s 
ý/4 
- 
(01) 
ý/2 
p 
Xy 
ý4 
CpT03 1- 0, 
)yyy 
P03 
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p 
ý/2 
03 
; ýZýCjpT03 
2 
YY-l 
TO 
y Po ,d22 
mi - 
(C, T., ) 4 
2 
P03 T03 
(3.98a) 
Equation 3.98a can be further modified to give 
d2 (AH3-1 ) 
ý/4 
(01) 
ý/2 
X 
p y 
p03 
Y-1 P03 lýlýCpT03 
1+ 
7-1 
m 
Y Po , 
d2 2 p03 2 
X yy-, 
1- Iht 1 
po ,r 
yr 
p03 
(3.98b) 
Equation 3.98b for the specific diameter can be expressed in terms of the geometric 
dimensions of the rotor in the general form as: 
7r Bfý 
fd 
e 
4 d2 
v- y 
Y4 
P, 
; 
y 
pi 
(dh )21 Mer sinfl, 
d2 
I+ 
Y-1 
(Mersin pe )2 
2 
IV2 
Y2 (3.99) 
BaIje [101 reported that the predicted region of achievable best efficiency for specific 
diameters would be in the range 3.0 to 5.0. 
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3.3 DESIGN MODELLING OF NOZZLE-LESS VOLUTE 
CASING 
The theory and modelling of a nozzle-less volute casing is based on the assumptions of 
steady, step by step one-dimensional and adiabatic flow conditions in which the mass 
is changing as linear function of the azimuth angle while the energy and momentum 
are conserved. The complete design modelling of the main parameters of the casing is 
described hereafter. 
3.3.1 Principal design variables of nozzle-less volute casing 
3.3.1.1 Volute parameters 
L The cross-sectional area A(p of the volute and the variation of this area as a 
function of the aziirnuth angle ýp. 
The radial distance of the centriod F, of the cross-sectional area from the axis r,, 
of rotation. 
iii. The shape of the volute cross-section. 
3.3.1.2 Rotor parameters 
i. Rotor tip diameter d, and blade tip width b,. 
Effective peripheral flow area A2or the number of blades and blade thickness 
at 
d2 
* 
3.3.1.3 Operating conditions 
Rotational speed, N 
Mass flow rate, rh 
Stagnation temperature, T, and stagnation pressure P, of the working gas at the 
entry flange of the turbine. 
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3.3.2 Development of Main Design Parameters 
For any angular station of the nozzle-less volute at azimuth angleýp, the cross-sectional 
area is A, and the distance of its centriod from the axis of rotation is r, as shown in 
Fig. 3.10. 
The tangential mass flow through any cross-section plane at azimuth angle ýp is: 
th = PC A(p c U, (o th 360 
(3.100) 
FIG. 3.10 SCHEMATIC DIAGRAM OF NOZZLE-LESS VOLUTE CASING 
Re-arranging for c,,,,, will give: 
(p th (3.101) 
360 p, A, 
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Using the equation of free vortex flow C,,, r = k, the relationship given below follows 
the conservation of mass, energy and of angular momentum 
c=k (3.102) wVr4p = Cw2r2 
Substituting equation 3.102 into equation 3.101 would give: 
r2 
= 
(-ýý 
li, (Cw2 
- (3.103) T, 360 p, A, 
Re-arranging equation 3.103 gives: 
Aq (p (3.104) 
360 r. P97 r2Cw2 
Mass flow rate at rotor inlet is given by: 
"' -": (P2)(Bf2 A2)Cm2 
Cm2 :::::::: 
'i, (3.105) 
P2B A A2 
From inlet velocity triangle depicted in Fig. 3.7 
w2 
Cm2 
(3.106) 
tan a2 
Combining equations 3.105 and 3.106 with equation 3.104 and re-arranging yield to 
Aý, 2 
_? 
L (tan a2 
360 P, r2 
A,, 
= (Bf2 -ýL2 
r., 
(tan a2 A2 360 P, r, 
A 
But 
P, p 
TV 
2 
T02 
C2 
2CP 
2 
TO 
2CP 
2 
C2 
2CPT02 
2 
Tov clvp 
T02 2CPT09, 
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Since adiabatic conditions in the volute is assumed. then 
=T 
T02 =ý TO(p =ý T03 i 
i. e. equation 3.106 becomes 
2 
YY-l 
C2 
A 2CPT, 
P(, 
o cw(o 
2 (3.110) 
2CPT, 
From inlet velocity triangle depicted in Fig. 3.7 
Cw2 = U2 sin. 82 Cos a2 andC2 = U2 sin 
A 
sin(a2 + 182 ) sin(a2 + 
Substituting for Cw2 into equation 3.102 would give: 
cw(p =U2 
r2 sin A COS a2 
ý(p sin(a2 + 182 ) 
Substituting the expressions C2 and cwO into equation 3.111 and re-arranging yield to: 
2 
Yr-l 
Ir d2N sin)62 
A 
V-2- V-CPT, sin(a2+)62) 
(3.112) 
J09 7, - r2 d2N sin, 82cos a2 
. \[2- F, 
V-CT sin(a 8 r. p, 2+, 2) 
Finally by substituting for P21p,, in equation 3.108 and re-arranging, the following 
expression is obtained: 
A, 
A2 
7r d2N 
V -2- VC -PTj 
sin, 82 
12 1/, V-l 
sin(a2 +, 62) 
) 
2 
sin, 82 cos a2 
sin(a 8 2+, 2) 
kD 
. 
12 )kLdIl U2 
3-60 )ý r2 
r, 
d2N 
-2 r-,, V -C T, 
(3.113) 
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Where BA is the blockage factor corresponding to rotor entry and is given as: 
7r 
d2b2 
Where Nb : Number of blades 
t2 : Thickness of inlet rotor blades 
(3.114) 
Equation 3.114 can be re-arranged to give the volute design parameter A. Ir. at any 
azimuth angle as: 
2 
Ir d2N Sin P82 
Av -2- C -PT sin(a 8 
(Bf., )(tan a (P 
A2 2+, 2) 
Fv 2 2) 360 r2 
Ir r2 d2N sin 82 cos a2 
2 
r2 Fl, V -CT- sin(a2 + P82 p 
(3.115) 
Equation 3.115 represents a fundamental design equation linking the main design C7-- 
parameterA, /ý of the nozzle-less volute casing with relevant principal dimensions of 
the rotor and the operating conditions. 
3.4 SUMMARY 
A complete analysis of the performance parameters of the IFR turbine has been 
presented in this Chapter. The developed modelling equations have been employed to 
investigate the influence of the individual parameter on the overall performance of 
turbine and on each other. The equations have also been used to design of various parts 
of the IFR turbine as described in the following Chapter. 
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DESIGN OF INWARD FLOW RADIAL TURBINE 
4.1 INTRODUCTION 
A complete theoretical analysis and design modelling of radial turbine was described 
in Chapter 3. An integrated approach for the overall design of a single stage inward 
flow radial turbine comprising a rotor and the casing based on this analysis will be 
described in this Chapter. The current IFR turbine is designed to drive a directly- 
coupled permanent magnet high- speed alternator running at 60000 rpm and 
developing a maximum 60 kW electrical power. 
4.2 DESIGN OF INWARD FLOW RADIAL TURBINE ROTOR 
The complete design of the IFR turbine rotor requires the aero-thermodynamic, 
structural and manufacturing criteria to be satisfied simultaneously. The design 
specifications normally include the mass flow rate of the working fluid, pressure ratio, 
and in some cases, rotational speed. In the current work, the task is to determine: 
i. The pricipal dimensions of the rotor including the number of blades to meet the 
overall performance requirements within the known constraints. 
H. The optimum axial length of the rotor. 
iii. The design of the flow channel. 
4.2.1 Choice of Principal Dimensions of an IUFR Turbine Rotor and 
Number of Blades 
The choice of the principal dimensions of a turbine rotor for a given set of inlet design 
specifications as shown in Table 4.1, can be found by solving equations (3.20,3.60b, 
3.63,3.72,3.79a, 3.83) that were derived in Chapter 3. An analytical method is 
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indeed difficult and can be very time consuming, especially if the complete procedure 
has to be repeated for different design cases. 
DESIGN SPECIFICATION DESIGN VALUE 
Mass flow, th 0.572 kg1s 
Pressure ratio, P, IP, 3.6 
In et stagnation temperature, T, I OOO'K 
Rotational speed, N 60000 revlm-tn 
TABLE 4.1 INPUT DATA AT DESIGN POINT OF IFR TURBINE 
In view of this, numerical optimisation techniques can be a useful tool to problems 
involving a large number of variables. Many algorithms have been developed by Biggs 
[59,60,611. In this section, an adaption of this numerical optimisation technique to the 
design of the IFR turbine rotor is applied and described in the following section. 
The optimisation programme started by assigning different values to a set of 
parameters XP) X2ý X3! 1***'******* Xn , Therefore, an objective 
function denoted by 
F(X), where X is a vector with elements, XP 
X2" X39* 
... ******* 
Xn 
must be 
formulated and the aim is to determine the values of the vector X, which will find the 
optimum value of the function F(X). This function may be subjected to possible linear 
or non- linear equality and inequality constraints, i. e. 
7-0 i= 1ý 213 . .................................. me 
9-i ý! 0i=M, + ") Me+2 
. ................... in 
Where: 
g, and g, represent non-linear equality and inequality constraints, respectively. The 
subscripts i and j refer to the number of constraints. 
4.2.1.1 Constraint optimisation technique procedure 
The frame size and weight of an IFR turbine is often an important parameter 
consideration, in view of this, the size of the turbine rotor plays an important rule in 
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determining the overall size of such a turbine. Therefore. the aim is to minimise the 
rotor tip diameter d2and this can be considered a constraint optimisation problem. The 
procedure to solve such a problem is described below: 
i. Selection of main principal parameters of a turbine rotor 
The choice of selecting the principal parameters of a turbine rotor to solve this 
optimisation problem is given by the matrix: 
X=j 
d2 = X(I) 
U2 
ICs 
= X(2) 
a2 = X(3) 
(y/2)11 
= X(4) 
M2 
= X(5) 
b21d2 
= X(6) 
Mer 
= X(7) 
Be 
= X(8) 
deld2 = x(9) 
dhId2 --",: x(' 0)- 
ii. Formulation of the objective function 
The objective function is to optimise the rotor tip diameter and it can be formulated as 
follows: 
F(X) = 
d2 = XO) 
Formulation of equalily and inequalily constraints 
A. EqualitV constraints 
Y-1, 
y 
60V2 p 
_ý2 
fL- 
PT 
Ig (1) 
e0 
PT 
cs 
pi 
(4.1) 
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A-2 g(2) = cosa2 - 
Cv 2z d2N 
PT I PT 
U2 60 V-C 
+ 
Y-1 
M2 2' 
2= 
(y 
- 
J)m 
22 
TI+v-I 
M2 2 
y+y2(y-1) 
A. 3 g(3) = 
b2 IýVcp i VTý 12 
d2p Bf2 y sin a 2 
d2 
i 
07C m22 
A. 4 
Y2 
g(4) = 
th ýC--, Ti 
- 
Pe 
2 d2 Pi pi 
I- 7h, (P') 
pi 
;r 
(±, 
-) 
2_ (ýLh )2 
d2 d2 
I 
Mersin P, 
I+(v21 )(Mersin pe)2 
(4.2) 
(4.3) 
(4.4) 
A. 5 
Y2 
g(5) = A4,, -1 
2 
)2 d2N ((d, ))2 (60 
ýC-T, d2 
p, 
77t, I 
P, 
) Y-yy sin' 6,1 P, 
22 
d2N d,, 
60 ýc 
p T, 
d2 
y 
I- 77t, 0- (P') 
(, in 2 aj P, 
= 
(4.5) 
CHAPTER 4 
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B. lv! (ýquqlLty constraints 
B. 1 U2 ICs ! ý- 0.707: Velocity ratio is governed by permissible maximum efficiency. 
g(6)= U2 
ICs 
-0.707 (4.6) 
B. 2 a2 :!! ý- 21 Absolute flow angle at rotor inlet is fixed by turbine efficiency. 
g(7) = a2-21' (4.7) 
B. 3 Cw2 /U2 :! ý 1 -0 : Specified by minimum incidence loss considartion. 
g(8) ý Cw2 /U2 -1 *0 (4.8) 
BA M2 :! ý 1 -0 : Mach number at rotor inlet specified by shock at rotor entry. 
g(9) = M, - 1.0 (4.9) 
B. 5 b, Id2 :! ý0.15 : Blade width to tip diameter ratio govemed by leakage loss. 
g(10) = b2ld2-0.15 (4.10) 
B. 6 Mer :! ý 1 -0 Mach number at exducer tip diameter governed by choking 
condition. 
90 1) = Mer -1 -0 (4.11) 
B. 7 )6, ý! 25' Relative flow angle at exducer tip diameter fixed by the rotor 
machining requirements and the relative Mach number M, at 
exducer tip. 
g(12) = 25 - (4.12) 
B. 8 d, Id2 :!! ý 0.75 : Exducer to tip diameter ratio fixed by permissible relative Mach 
numberMerto keep the exducer tip Mach number subsonic. 
g(l 3) = d, ld2-0.75 (4.13) 
B. 9 dhld2 ý! 0.25 : Hub to tip diameter ratio specified by stress limitation and 
blockage factor. 
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(4.14) 
B. 10 d2 :! ý 20.0 This is controlled by the size of the turbine. ) rotor tip speed and 
stress limitation. 
g(16) = 
d2 
-20.0 (4.15) 
B. 1 I v, Iv, ý: 2.0 : This is specified by the axial length of the rotor 
g(l 7) ý V2 
IVI 
-2.0 (4.16) 
4.2.1.2 Optimisation programme 
OPRQP Fortran programme (double precision), short for optimisation using recursive 
quadratic programming is used to solve a general non-linear programming problem 
using the successive quadratic programming algorithm and a user- supplied gradient. 
The description of the OPRQP programme is found in Refs. [57,58,591. 
The only unusual feature is the use of the rotor tip diameter d2 as an optimisation 
variable and an objective function. However, such a choice should not affect the 
working of the programme. 
The objective function and the equality and inequality constraints with their first 
derivatives are inserted into the programme into two sub-routines called, call function 
and call gradient. 
4.2.1.3 optimisation results 
The optimisation computer programme was run for several number of blades. The final 
output results for each run gives the numerical values of the matrix X and the 
corresponding number of blades for each run. 
Optimisation results reveal that the changes in the values of the objective function for 
the number of blades ranging from 12-20 blades is relatively small. Consequently, any 
blade number chosen in this range is quite satisfactory. For the present research, the 
optimum number of blades which gives the best values of the objective function is 12. 
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4.2.2 Design Calculations Based 
Optimisation Technique. 
4.2.2.1 Design data 
on Data Obtained by Numerical 
The optimum design data of the turbine rotor obtained using the optimisation 
technique is shown in Table 4.2. A schematic drawing of the turbine rotor including b 
the main dimensions is shown in Fig. 4.1. 
DESIG"P Rj4MITR71 DESIGN -VALUE 
Nb 12 Blades 
d2 16.91 cm 
U2 ICs 0.67 
a2 17.0' 
Cw2 /U2 0.97 
M2 0.93 
b2ld2 0.051 
Mer 0.80 
A 27.0' 
d, Id2 0.70 
dhld2 0.36 
TABLE 4.2 DESIGN DATA OF A TURBINE ROTOR OBTAINED USING 
OPTIMISATION TECHNIQUE 
FIG. 4.1 THE DESIGN GEOMETRY OF AN IFR TURBINE ROTOR BASED ON 
NUMERICAL OPTIMISATION 
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4.2.2.2 Rotor design 
Using the design data from Table 4.2, the design calculations for the aerodynamics 
and performance parameters were carried out based on the equations derived in 
Chapter 3. Consequently, a complete summary of the output results is obtained and 
listed in Tables 4.3. 
DESIGN GEOMETRICAL FLOW ANGLES AT FLOW VELOCTIES 
SPECIFICATIONS DIMENSIONS ROTOR INLET AND AT ROTOR INLET 
Wnei 
= 60kW 
d2 
= 16.91 cm a2 = 17.0' 
C2 = 538.82 mIs 
N = 60000 r. p. m 
b2 
= 0.87cm ß2 = 84.2' v2 15 8.13 mIs 
P, /P, = 4.0 t2 = 0.25 cm a = 90, 
Cm2 157.34mls 
l T, =IOOOK d, = 9.3 0 cm a = 90' Cw2 = 515.11 m/s h 
mg = 0.574 dh = 6.09 cm , ae = 90 
d = 11.67 cm e ßh 44.32' 
t, =0.15cm 
ß, 32.59' 
ß, 27.0' 
FLOW VELOCITIES 
AT ROTOR EXIT 
ROTOR SPEED I MACH NUMBER 
AT ROTOR INLET 
AND EXIT 
PERFORMANCE 
PARAMETERS 
C, 186.77mls U2 = 531.24m Is 
M2 
= 0.93 S, = 0.157 
Cw2 0-0 MIS u, = 292.18m/s M, = 0.35 Sl, = 0.24 
Ch 186.77 mIs Uh = 191.25m Is 
Mhr 
= 0.50 7711 = 0.87 
Ce 186.77m/s Ue = 366.55 mIs MI, = 0.65 R = 0.56 
V, 346.77 mls Mer = 0-8 05 = 0.55 
Vh 267.32mls Dv = 3.46 
ve 411.39m Is 
TABLE 4.3 DESIGN DATA FOR AN IFR TURBINE ROTOR BASED ON THE 
RESULTS OF NUMERICAL OPTIMISATION 
4.2.3 The Choice of Axial Length 
Referring to Fig. 1.3 of Chapter 1, it was argued although the mean flow relative to 
the rotor accelerates from inlet to outlet, in certain regions on the blade and hub 
surfaces, the flow experiences deceleration. High space rate of deceleration can be lead 
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to separation, consequently aerodynamic losses. The space rate of deceleration can be 
controlled by proper selection of axial length. 
As far as could be ascertained from the published literature, there was little 
information available to the designer to help him in the choice of axial length Of 1FR 
turbine. In the following, a systematic procedure for obtaining the axial length for a 
prescribed meanstream velocity profile is described. 
4.2.3.1 The theory of the prescribed mean stream velocity distribution method 
The total relative velocity V corresponding to the root mean square diameter at entry 
may be resolved into three components in the axial V, radial V, and tangential 
direction V, In most designs, the radial component at rotor inlet is maximum, and the 
axial component is zero. At the rotor outlet, in the case of an IFR turbine rotor, the 
radial component becomes zero and the axial component attains a maximum value. 
The tangential component increases, but its boundary values are not known. A mean 
streamline is defined as a locus of points joining the rms radius r, with a point at r2 
which bisects b2 . The exact location of this point can be 
found by applying the 
continuity equation at the rotor inlet, and hence, defining the streamline boundaries. 
The constraints on the choice of this line are that the radial and tangential components 
must not accelerate to such an extent that the value of total relative velocity V exceeds 
the choking conditions. 
The relative velocity vector V at any point inside the turbine rotor passage, as shown 
in Fig. 4.2, may be resolved into three basic components along the axial, radial and 
V,, respectively. V.. is the velocity vector along the tangential directions, V,, V 
mean streamline in the hub-to-shroud plane. From Fig. 4.2, the total velocity vector I' 
could be expressed in terms of its three vector components as: 
V= Vý+ V+ V (4.17) 
But V. + V1. 
Substituting equation 4.18 into equation 4.17 would give 
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V: = Vw+ Vm 
ean 
ml 
Mean -S=Zine 
---Streamline 
[Axial 7(z) X"ý 
w4 
r 
z 
/V 
(4.19a) 
FIG. 4.2 NOTATION FOR RELATIVE VELOCITY VECTOR AND ITS COMPONENTS 
or 
v,,, 2+ VII, 2 
Where V,,. -- Vsinfl 
(4.19b) 
Substituting for V,,, in equation 4.19b and re-arranging, the flow angle could be 
expressed as a function of V and V.. as follows: 
-84- 
M EBAID 
sin -'ýl - V. 
'IV 
CHAPTER 4 
(4.20) 
The spatial description of the mean streamline is specified if any two-velocity 
components and one of the following angles a,, 8,0 are known. It is convenient to 
assume V and a, hence V,., V, V,,,,, g and 0 can be written as functions of these 
quantities as: 
v 
tan w (4.21) V, 
But tanO 
V- 
(4.22) 
V, 
and cosa 
V' 
(4.23) 
V. 
Substituting equations 4.22,4.23 into equation 4.21 would give 
tan 6= tan 0 cos a (4.24) 
or 
tan-'( 
cosa) 
(4.25) 
Where V=V,, sin a (4.26) 
and V, = V. cosa (4.27) 
4.2.3.2 Procedure for obtaining mean streamline velocity 
The spatial description of the mean streamline can be found iteratively by assuming a 
starting value for the meridional length zM 9 and describing the component velocities 
and angles mentioned in the preceding section. Fig. 4.3 shows three meridional lengths 
0.029 0.04,0.06 in m of a turbine rotor. Fig. 4.4 describes the velocity components V,. 
V- and V,,, for one value of Z and Fig. 4.5 describes the angle a between the 
meridional and the axial velocity. At the start, all these figures are based on the 
assumption that the velocity and the angle a variation are linear. 
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MERIDIONAL LENGTH OF A TURBINE ROTOR 
Zý(M) 
FIG. 4.3 ASSUMED LINEAR RELATIONSHIP OF TOTAL RELATIVE VELOCITY 
ALONG MEAN STREAMLINE OF VARIOUS MERIDIONAL LENGTHS 
WITH THE SAME BOUNDARY CONDITIONS 
400,0 
350.0 
< 
Z 300.0 
< 
z: 25U0 
Z 
C> 
- 
20U0 
we0. 
ý 
150.0 
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0.0 
0 0.01 0.02 0.03 0.04 0.05 0.06 
ROTOR MERIDIONAL LENGTH 
Zý, (M) 
0.071 
FIG. 4.4 ASSUMED LINEAR RELATIONSHIP OF TOTAL RELATIVE VELOCITY 
AND ITS COMPONENTS FOR A TURBINE ROTOR OF 
MERIDIONAL LENGTH OFO. 06 m 
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FIG. 4.5 ASSUMED LINEAR RELATIONSHIP OF THE ANGLE BETWEEN 
MERIDIONAL VELOCITY AND AXIAL PLANE ALONG MEAN 
STREAMLINE FOR A TURBINE ROTOR OF A MERIDIONAL 
LENGTH OF 0.06 m 
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A computer programme was written to perform the iterative calculations to check this 
linear variation of both the total relative velocity and the angle a along mean 
streamline. A flow chart based on this programme is shown in Fig. 4.6 and the output 
results are plotted in Figs. 4.7 and 4.8. 
Sta rt 
Read boundary conditions 
V2, Vr2, Vw, 
2, 
V2Vl, Vrl, VwI, Vzl 
Assume linear functions IV= 
f(Zý), Vý =f (Z. ), a= f(Zm) 
ý 
1 (Z. ), 1 
I=I 
Read 
VU)assumedý vm(')a%sumedý a(l)assumed 
1'r , Vý, , 
v: 
, 
Calculate 
v (1)"', V, + V. + Vý 
V, + V. 
VU)mw =[VU),, I+'7U), ss,,., d12j NO 
Is 
*-ýYo v (1)"', = VU)", V Mmw = 
[V 
(1) 
cal 
+V U) 
assumed 
/2 
a(I),,., =[a(I)c,, j+a(I)assumed12] 
YES 
Is 
I=N 
YES 
YES 
Print Results 
V, Vm, Vr, Vý,, 
E 
'" ol I=I+1 
AO 
Zm - (Zm)l + AZ 
FIG. 4.6 FLOW CHART TO CALCULATE VELOCITIES AND FLOW ANGLES 
BASED ON EQUATIONS 4.17 TO 4.27 
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z 40000- 
w 
350.00' 
300.00- 
25000- 
200.00- 
C.. ) 150.00 
Poo, 
100,00- 
50.00- 
0.00 
0 0.01 0.02 0,03 0.04 0ý05 0.06 
ROTOR MERIDIONAL LENGTH 
Zý, (M) 
0.07 
FIG. 4.7 ACTUAL PRESENTATION OF VELOCITIES ALONG MEAN STREAMLINE 
FOR A TURBINE ROTOR OF A MERIDIONAL LENGTH OF 0.06 m 
Z 100.0- 
90.0- 
80.0-, 
70 
509-; ýý ,, 60.0 
50.0 
40.0 
30.0- 
20.0. 
10.0. 
01-> 0.0-- 
0.01 0.02 0.03 0.04 0.05 
ROTOR MERIDIONAL LENGTH 
Z,, (m) 
0.06 0.07 1 
FIG. 4.8 ACTUAL PRESENTATION OF THE ANGLEaBETWEEN MERIDIONAL 
AND AXIAL PLANE VARIATION ALONG MEAN STREAMLINE FOR A 
TURBINE ROTOR OF A MERIDIONAL LENGTH OFO. 06 m 
4.2.3.3 The geometrical description of the meanstream line 
The variation of the mean streamline in the meridional plane can be represented by 
means of Lame' ovals of the general form: 
ztpi +ip+ r+k 
)q 
=1 (4.28) 
i1 
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where the radius, r represents the mean streamline in the meridional plane. The 
coefficients i, j, k, lare obtained from the end conditions r,, r,, (drldz .. 
), , (drldz. ), at 
zml and Zm2 respectively. By varying the indices p and q, a series of analytic curves 
satisfying these conditions can be obtained. 
Equation 4.28 can be expressed in terms of the radius, r in the meridional plane as 
follows: 
r 
zm +i (4.29) 
The slope variation of the equation 4.29 can be obtained by differentiating with respect 
to zm as follows: 
dr 1 z. +i 
P-' 
r+k 
I-q 
-=-E- (4.30) 
dz qji 
Where: drldzm = tan a 
By definition, the radius of curvature in the general form is given by: 
dr 
dzm 
d2r 
dzm 
2 
2 
rld 
2 
Hence, d zm can be expressed as 
d2r= dr dr [ 
+( 
dr ] (4.32) 
dz 
m2 
dzm dzm zm +i r+k dzm 
The solution of . equation 4.30 depends particularly on the slopes of the two ends of the 
curve. The simplest case corresponds to, for example, streamlines of a radial 
inlet, and 
axial outlet of an IFR turbine rotor, for which the two slopes at the 
inlet and outlet are 
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(drldz 
.. 
), = oo and (drldz. ), = 0, respectively. Therefore, using these boundarý 
conditions, the solution of the coefficients is as follows: 
-, Z j=Z -zmlg kr m2 9 m2 =- 2) r2 
The values to evaluate the coefficients above are obtained from the design values 
obtained by numerical optimisation. 
The length of the streamline is given by: 
L=f(1+ 
dr 
dz 
d2 zm 
(4.33) 
4.2.4 Design of The Rotor Flow Channel 
In the preceding sections, the factors governing the choice of the principal dimensions 
of the rotor were obtained. Also, it was shown how numerical optimisation techniques 
might be used to arrive at the best values obtainable within specified constraints. Also, 
the path of the mean streamline in the hub to shroud and blade-to-blade planes were 
defined. In this section, the design of the flow channels is considered. The final shape 
of the flow channels may be obtained by using a direct design approach as described 
hereafter. 
4.2.4.1 The design approach 
The number of blades has already been decided from See. 4.2, therefore, the number of 
channels Y can be determined. The shape of the meridional streamline in the hub to 
shroud, blade-to-blade planes and the values of the meridional components of the 
relative velocity v. have also been determined. The aim now is to calculate channel 
areas normal to the mean streamline. 
The flow area Ax normal to the mean streamline at any section X as shown in Fig. 
4.9 is given by the continuity relationship as: 
m 
Aý, = Yp, V. 
(4.34) 
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The values of th 5 vmx and Y are already determined. In order to calculate the density 
p,, of the working fluid at any section, it is necessary to know the losses as a function 
of the geometrical parameters of the rotor. 
A. loss models and their formulation 
The losses in a turbine rotor can be divided into external losses, such as windage and 
disc friction and internal losses, such as fluid friction, shock losses, etc. The internal 
losses will lead to a drop in stagnation pressure of the working fluid, and the external 
losses will result in producing less shaft work. The external losses do not affect the 
properties of the working fluid. Hence, in this section, the internal losses only will be 
considered. 
I 
tt 
-------------- 
FIG. 4.9 FLOW AREA Ax AT SECTION X PERPENDICULAR TO MEAN 
STREAMLINE 
Losses are represented here as loss coefficients related to the kinetic energy. Therefore, 
at any station X, losses are given by the following relation, 
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(Aq) ( Ah 1 AP 
-x 
ýU2 
2g) ' =( 2 ou 
2 
). 
1 (4.35) 
The internal losses in an IFR turbine rotor are given as follows: 
A. 1 Skin friction losses 
These losses are due to the shear force exerted on the working fluid in the boundary 
layer. The shift of the flow in the rotor from radial to axial direction, and similar shift 
from the inlet to the outlet in the blade-to-blade plane make an accurate estimation of 
the friction effects in the rotor passage extremely difficult and sometimes doubtful. 
Different loss models were derived by BaIje 1621 and Johnston [631 and on the basis 
of the results available in the published literature, it is difficult to choose one method 
in preference to another. For the design proposed in the current work, a simple friction 
model was used for the sake of convenience, described in equation 4.36: 
Ah = f, - dhydr 2g 
v' 
Where f,: Friction factor 
1: Length of the pipe 
hhyd 
: Hydraulic diameter = 
v: Velocity of the flow 
4x cross - sectional area 
wetted perimeter 
(4.36) 
Many expressions for the friction factor f, reported in the literature define it as a 
function of roughness and Reynolds number R, only. Ito [641 deduced an empirical 
formula for f, from experimental results and backed by some theoretical consideration 
for turbulent flow in smooth curved pipe. This formula seems to define the influence 
of the curvature upon the resistance with satisfactory accuracy. Equation 4.37 derived 
from Ito's experimental results describes f, as a function of Re and curvature 
parameter: 
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(0.029) + 0.3 04 Re 
b at, 
rc2 
bav 
Where: r, : Radius of curvature 
(4.37) 
bav : Average passage blade height is assumed constant and is taken as the 
average between blade inlet and outlet and is given by the relation: 
bav 
= 0.25 
[b2 
+ 
de 
2 
dh ] 
R,: Reynolds number and is given as: R, -- 
2bav V 
V 
v: Kinematic viscosity (p1p) 
The application of equation 4.37 provides good agreement with the experimental 
results in the range of R, (b,,, Ir, )' <- 300. Similar formula was proposed for calculating 
f, for turbulent flow with R, higher than 300, this is given by the equation: 
2 20 
0.136 (R, ) 4 R, 
b 
! IV (4.38) 
Where: f, = 0.136 (RJ-14 Blasius law, Walshaw and Jobson [651 
Dallenbach et al [44] calculated the friction losses based on equation 4.36 and 
suggested the use of an empirical constant. The value of this constant was 
Therefore, equation 4.36 becomes: 
Al V2 
Ah= (1.4)(f, ) - 2g dhydr 
Substituting equation 4.38 into 4.39 would give: 
CHAPTER 4 
(4.39) 
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2 
b av 
211 
Al V2 Ah= (1.4)(0.316) (RJ-4 R, - (4.40) dhyd 2g 
Using BaIje [621 notation, and making the losses dimensionless by dividing equation 
4.40 by the u'12g, equation 4.40 at any section X can be developed into: 
Ah bav 
2 20 
Al V2 [(Aq)sr (0.4424) (Re)-4 R e 2/ 2g 
x 
]x 
dhydr 
xu2x 
A. 2 Blade loadinfz losses 
4.41) 
Blade loading losses occur due to recalculation produced by the pressure gradients 
within the flow channels from the pressure side to the section side of the blades. A 
model proposed by Dallenbach et al [441 for the combined diffusion and blade- 
loading losses at any section X of radial component is given by: 
(Aq DBL )x =1- 
v_, l+ ; rdsinß z 
du 
V2 2Alx 
x]+ 
2A1V2 
x 
A. 3 Incidence loss 
(4.42) 
The incidence loss refer to any work in turning the working fluid from its direction of 
approach to the rotor to the direction required by the blade passage. It can be argued 
that since incidence is a mechanism, which creates passage disturbances. A large part 
of the incidence loss is, in fact, a passage loss. Whether such argument assists or 
hinders the process of turbine performance modelling is debatable. 
A. 4 Shock losses 
These losses are due to shock waves in supersonic flow, but, since the relative flow in 
IFR turbine rotor is generally subsonic almost everywhere. Therefore, the shock losses 
can bejustifiably ignored. 
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The density of the working fluid changes as it proceeds from the inlet to the outlet of 
the IFR rotor and its value at any section X, px can be calculated from the following 
relationship: 
1, 
2 , "Y-l p vx 
x 
2CPT, R Tx 
(4.43) 
Where T, P, and v, are local values of stagnation temperature, stagnation pressure 
and relative velocity. 
B. 1 Temperature expression at any section inside the passage (T,, ) 
Using Euler equation between inlet and exit condition of a turbine rotor 
Hi -He (cwi uj) - (cwe ue) 
(4.44) 
Equation 4.44 can be expressed between inlet and any section X inside the rotor 
passage as: 
Hi - Hx = (c. j ui) - (C. Ux) 
(4.45) 
Equation 4.45 can be expressed in terms of static conditions as: 
+I cl 
2- 
cW, - u,. 
) +I cx 
2- 
cwxux) (4.46) 
22 
In general, the absolute flow velocity c can be written in terms of its three components 
as: 
C=Cw+ cm + cz 
Substituting the above expression in equation 4.46 gives: 
hi +I (C., 
2+ 
Cmi 
2+C:, 2 
c., u, -:.,: hx +I (Cwx 
2+c 
mx 
2+ 
czý, 
2 
C", Ux (4.47) 
22 
-95- 
M. EBAID CHAPTER 4 
Taking the RHs of equation 4.47, adding and subtracting ux'12 results: 
RHS = hx +I [(U., -C wx 
)2 + (C, 
=2 
+ Czr 
2-U. 
" 
2 
2 
From the velocity vector diagram at any section X 
vx=Uxcx 
Where: 
v =U -C, 
0-c 
-C7 
wx x WX 
vmx 
nzx 
VZX 0 
-X 
(4.48) 
Substituting for ux - c,, x , c,,,, , c,, 
in equation 4.48 and re-arranging, resulted into: 
RHS = hx +I (Vý, 
2_ 
ux 
2 
(4.49) 
2 
Applying the same procedure to the LHS of equation 4.47, yield to: 
LHS -h, +I (vi 
2- 
ui 
2 (4.50) 
2 
Equation 4.46 can be expressed in the form using equations 4.49 and 4.50 as: 
h, +I (Vi 
2_ 
ul 
2) 
= h_, +I (Vx 
2_ 
ux 
2 (4.51) 
22 
From velocity triangle, it can be seen that: 
cmx -Cx- cwx 
222 
and vrm Vx - Vwx 
Since Cmv Vmx 
Hence (Cx 
2 
Cvvx 
2) 
= (Vx2 _ Vwx 
2 
vx 
2 
_(Ux _CWX)2 (4.52) 
Re-arranging equation 4.52 will give: 
CX 
2=Vx2+ 2c,,,. 
v ux -ux2 
(4.53) 
At inlet condition, equation 4.53 becomes: 
ci 
2=V12+ 2cý, 
Jux -u12 
(4.54) 
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By definition, the total enthalpy is given by: 
H=h+ I 
2 
Then,, at inlet condition 
h, =Hj -I Cl I =Hj -I( vi 
2+ 
2cwj u, - u, 
2 
22 
hi = Hi -cwj +I (vi 
2_ 
ui 
2 
(4.55) 2 
Substituting for hi from equation 4.55 in equation 4.51 and re-arranging would give: 
hx = H, - cwjui -I (v.,, 
2- 
ul 
2 
(4.56) 
2 
Dividing by H, and re-arranging equation 4.56 results: 
hx +Ivx212 2 Cwi u+ ux 
-I-- (4.57) H, H, 2 HI 
Assuming the working fluid to behave as a perfect gas and from the definition of 
H= CPT. Then equation 4.57 becomes: 
2 
T, 
=I+ 
I ux - 2c,,,, u, 
Tj 2 CPT 
(4.58) 
Using equation 4.58, the stagnation temperature at any section X inside the rotor 
passage can be calculated, provided that inlet conditions and the blade velocity 
ux =z dx N160 are already known or calculated. 
B. 2 Pressure expression at any section inside the passag (P, ) 
The stagnation pressure between each step is initially assumed to vary isentropically. 
subsequently, the drop in pressure due to the internal losses is calculated using the loss 
models discussed previously and then subtracted from the isentropic pressure. 
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Hence, it can be written the actual stagnation pressure P, at any step J is given by: 
[P, Ij = [P,,, ]j - 
[AP, YJ 
. _1 
(4.59) 
Flow channel area, shroud and hub contours at any section X inside the 
rotor passage Ax 
CA Flow channel area at any section inside the passage (A_,, ) 
The flow is normal to the mean streamline, hence, the hub and shroud contours can 
now be calculated as follows: 
From Fig. 4.10, it can be written 
sin(90 - a) -- 
rr's 
or y= (rs - r,.,, s 
) /co sa (4.60) 
y 
The area of the cone generated by the rotation of the line y around the axis of rotation 
could be written in general as: 
Ax =7r y (r, + rr,, ) 
Substituting equation 4.61 in equation 4.60 results: 
Ax - 
lr(r" r"") (4.62) 
cosa 
From continuity equation: 
Ax =I 
th (4.63) 
2 p,, v .. 
Bf 
Either equation 4.62 or 4.63 can be used to calculate the flow area channel. 
C. 2 Shroud contours at any section inside the passage ( r, ) 
Equating equation 4.62 and 4.63, the radius of the shroud contour at any section X can 
be expressed as: 
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rm 
(rýý 2)x+ 
ýl _! 
ýCOS ax 
(4.64) r 
7r PXVm-x B 1v 
C. 3 Hub contours at any section inside the passage (rh ) 
By definition: 
22 
r= rr, 
s 
rý + rh 
2 
From which rh., at any section X can be calculated as: 
rhx 2 rr,, s2)x _rs_x2 (4.65) 
4.2.5 Rotor model and Optimisation of Meridional Length 
A computer programme was written to optimise the meridional length for minimum 
losses and to calculate hub and shroud contours. The output results are presented in 
Fig. 4.11, which provides a plot of total stagnation pressure loss inside the passage vs. 
meridional length of the 1FR turbine rotor. It showed that the optimum meridional 
length was found to be equal to 40.0 mm for minimum pressure loss in the passage. 
0.04000- - ------ 
C 0.03500- 
0.03000 
0.02500 
cn Z, - 0.02000 
0.0 0.01500- 
0.01000 
0 - Design point 0.00500- 
0.00000- 
0.00 1.00 2.00 3.00 4.00 5.00 6.00 . 00 
MERIDIONAL LENGTH 
Z,,, - (cm) 
FIG. 4.11 TOTAL PRESSURE LOSS VS. MERIDIONAL LENGTH 
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Figure 4.12 shows the detailed drawings of the turbine rotor 
CHAP TER 4 
0169 0 
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,z 
MERIDIONAL SECTION 
R3 Pressure S, de t 
BLADE THICKNESS VARIATION ISOMETRIC VIEW FROM HUB TO SHROJTD 
FIG. 4.12 DETAIL DRAWING OF THE DESIGNED TURBINE ROTOR 
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The flow chart given in Fig. 4.13 shows the sequence of operation based on the written 
computer programme aforementioned. 
LStart at an axial length value: (Z. = Z,,,, )l 
Read 
d2, b2, C2, a2, d,, dh, dl-d th, N, T, i7p 2ýI 
Read 
V(I), V. (I), a(I), v(I) 
Ualculate values at (I = 1) 
r, dr dzmd'rldz. ', iý, u, T, 7ý, b,,,, R,, R, (b,,,, Irý)' 
', 
ý )2 
J/4 
Is'-- 
r-0.029 + 0.304 
ke 
(bav mo (bý 2 
c (1" )1/2 
I YES 
= 0.316(Rj 
1/4 V, (b,,, / rý y1 
/20 ý f, 
Assturne ý 
d =. f (Z_) 
ý 
Calculate values at (I = 1) 
dhyd 
ýA1, (Aq),,,, 
(Aq) DBL 7 
Ps 
I p, APIýss, r, 2 r, , rs 
2 
I- No 2 
(I) + AVnj - r, 
YES 
Is N101 *[ N=NO. OF STEPS I=I+I 
IL 
- 
I= IV 
I=N 
Is 
zill 
ýZ Zý, =Z+ AZ 
Print Results for all values of 
I=N 
R, u, T, 7ý, f, (Aq),,,, GVDBLIP'Aploss I 
T- API,,.,,,, rh I 1ý 1-1 
I End I 
FIG. 4.13 FLOW CHART FOR THE OPTIMISATION OF THE MERIDIONAL 
LENGTH AND THE DESIGN OF THE FLOW PASSAGE 
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The final design representation of the IFR turbine rotor as s three-dimensional solid 
model is shown in Fig. 4.14. 
i'.;. 
____ 
11' // 
____ 
4.3 
FIG. 4.14 THREE DIMENSIONAL SOLID MODEL OF THE DESIGNED 
TURBINE ROTOR 
DESIGN OF THE INWARD FLOW RADIAL TURBINE 
CASING 
The work described here form an integral part of the research work on the design of 
I FR turbine. The function of the stator is to perform the following tasks: 
L To convert some of the static enthalpy of the flow into kinetic energy. 
ii. To direct the resulting high velocity fluid streams into the turbine rotor at the 
prescribed flow angle a,. 
iii. To achieve (i) and (H) with a minimum loss of total pressure. 
It is very important that the casing gives uniform flow conditions around the periphery 
of the turbine rotor, i. e. the magnitude of the velocity vector and the direction must 
remain constant along the rotor periphery. If variations of the flow around the rotor 
were present, these would give rise to non-uniform mass flux entering into the rotor 
and the varying magnitude of tangential velocity component. As the torque is produced 
by the change in angular momentum of the fluid, variations of torque around the rotor 
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would occur, thus causing non-uniformity of pressure distribution and hence rotor 
blade vibration. 
4.3.1 Types of Turbine Casing 
i. The plenum chamber stator 
ii. The spiral volute stator 
The spiral volute stator incorporates nozzles or be nozzle-less. The main advantages of 
the nozzle-less casing over the nozzled type can because it is cheaper and the nozzle- 
less casing permits greater flexibility to the flow and allows it to adjust it self over a 
wider range of mass flow rates. Therefore, for the present research, it was decided to 
use a nozzle-less volute casing. 
4.3.2 The Design of Nozzle-Less Casing 
4.3.2.1 Introduction 
The flow in the nozzle-less volute casing is complex and not readily amenable to a 
simple analytical model. However, despite this difficulty, it may be interesting to note 
that turbines, which were designed by using relatively simple approaches, are known 
to have produced very good performance. 
4.3.2.2 Basic design requirements 
L Accelerate the working fluid to the leading edge of the rotor and generate the 
desired rotor inlet conditions in terms of the magnitude and direction of the 
absolute velocity vector. 
ii. Distribute the working fluid uniformly around the rotor periphery. 
iii. Achieve these requirements as efficiently as possible that is with minimum loss 
in stagnation pressure. 
The required inlet conditions must be derived from the desired turbine performance, 
e. g. the desired power output. The nozzle-less volute must be designed to provide these 
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rotor inlet conditions. The preliminary design of the volute is often based on the 
assumptions of an adiabatic flow, together with a free vortex distribution about the 
rotor. 
4.3.2.3 Design assumptions 
L Steady one-dimensional isentropic flow, constant angular momentum, energy 
and conservation of mass along the volute length. 
Vortex motion is fully established before the commencement of any outer flow 
from the volute in the radial direction. This is a necessary condition for the 
flow angles a2 and 82 to be independent of the azimuth angle and the flow 
into the rotor to be uniform. 
The flow near the outer wall profile is assumed to follow the same contour as 
the outer profile of the casing, the boundary layer thickness being negligible. 
A diagrammatic sketch of an IFR turbine fitted with a nozzle-less casing is shown in 
Fig. 4.15. 
41 
Flow in 
-_ 
ý360 
ý-A 
[SCection A-A -1, 
Volute inlet velocity 
triangle at (3) 
I 
Flo, 
C2 
v 
c Ir 2 
1"69 4L62' 
F-Rotor -inlet 
velooty 
I trianpje al (2) 
3 
C. 3 V,, 
U, 
FIG. 4.15 INWARD RADIAL TURBINE FITTED WITH A SINGLE 
NOZZLE-LESS VOLUTE CASING 
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4.3.2.4 Design calculations 
CHAPTER 4 
The actual design calculation of the volute geometry is based on equation 3.11 33 
derived in Chapter 3 and on the following design data given in Table 4.4 
SPEC IFICATIONS RATING 
Design volute inlet stagnation temperature, T03 1000 K 
Design volute inlet Mach number, M 3 0.54 
Design volute inlet absolute flow angle, a3 15' 
Design volute discharge stagnation temperature, 
T02 (rotor inlet design condition) 
1000 K 
Design volute discharge Mach number, M2 0.95 
Design volute discharge absolute flow angle, a2 IT 
Design relative flow angle at rotor inlet, A 85' 
Design speed parameter, d2NIýCCPT03 0.157 
Rotor inlet blade Width, 
b2 0.87 cm 
Rotor inlet tip diameter, 
d2 16.9 cm 
Blockage factor at rotor inlet, Bf, 0.93 
TABLE 4.4 DESIGN VALUES FOR NOZZLE-LESS VOLUTE CASING 
For a particular design, the following parameters listed below would normally be 
constant and known 
Speed parameter .................. 
d 2NIFCPT, 
Absolute inlet flow angle a, 
Relative inlet flow angle .......... . 
8, 
Blockage factor .................... 
Bf, 
.2 
Therefore, they can be grouped together from equation 3.113 as follows: 
F, = 
Bf2 ;T-d, N sin 62 (tan a 
. 
ý2 VC T sin(a2 + J6)2 
2 
360 
pI 
and, 
(4.66) 
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)77 F2 
-\r2- 
-2 
d2N Sn 82cosa2 
VCPT, sin(a2 + 18)2 
CHA P TER 4 
(4.67) 
Substituting the expressions F, and F2 into equation 3.113 from Chapter 3 would 
give an area ratio at any azimuth angle as: 
(p - F, - Av 
=( 
i71p F, r2 
p 
pt 
A2 r2 Y-1 -2 
Y-1 
2 Y-1 
r9 
2 (_ /r2. )2 rIp r2 r2 
Re-arranging equation 4.68 resulted into 
(9 
- F, 
r' Y-1 
A 
r2 
A2 2 
YY 
A 
-F 2 
(4.68) 
(4.69) 
Similarly, substituting the expressions F, and F2 into equation 3.115 would give an 
area to radius ratio at any azimuth angle as shown below: 
ýo F, 
A2 
AT r2 
-2 2 
Y-1 
y 
F 2 
r-, r2 
(4.70) 
In general, the solution of equation 4.69 is based on the graphical representation as 
shown in Fig. 4.13. The choice of and (, /Q would normally dictated r,, rnax 
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by the tip diameter of the rotor and the allowable overall dimensions of the volute 
casing. In the current work, the design values of 1ý1 )min and (- /tý, ) were chosen r. max 
to be 1.0 13 and 1.668, respectively. 
d2NI, [C---, T, 0.157 
85. 
17' 
Bf, 0.93 
0.45 
0.4 1.668 
0.35 
0.3 
-------------------------------- -------- ------------ --------- --------- 0.25 -I 
--------------------- --------- 
- 0.2 --------------- ---------- 41 
0.15 -------------- 
------------------- 01 - ------- 
0.05 ---------- 
360' 
330' 
300* 
270' 
240' 
- 210' 
180, 
150, 
901 
60' 
30, 
0 
0 1.2 1.4 1.6 1.8 2.0 2.2 
RADIUS RAM 
(r, /I., ) 
FIG. 4.13 DESIGN GRAPH SHOWING THE RELATIONSHIP BETWEEN AREA 
RATIO, RADIUS RATIO AND AZIMUTH ANGLE AT 
(F, IrAy. = 1.668 r, l 
The final design results of A. 1r, versus ýp can be obtained from the corresponding 
values of A, 1A -1r2 and ý9 of Fig. 4.13 or read directly from Figs. 4.14. 2, r. 
12.0 
dNICCPT, = 0.157 6 -855- 2 10.0 
j62 = 0.85* 
8.0 Cf2 = 17' 
6 0 
B 0.93 f2 
. 
,4 
4.0 
2.0 
1 00 ...... ................................ 
0 30 60 90 120 150 180 210 240 270 300 330 360 390 
A7, lNlt'Fl I A-NGLE 
((P) 
FIG. 4.14 DESIGN GRAPH FOR A SINGLE ENTRY NOZZLE-LESS VOLUTE CASING 
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The final design values are shown in Table 4.5 
RADIUS OF 
POSITION OF AZIMUTH RADIUS OF ELEVATION-Z CASING CROSS 
r %-RJLI I101 AýNULL kCtCg. ) i 
10 
%-r-n I' nl%jij I (MM) 
85.45 -53 
i SECTION (mm) 
3.00 
2 30 90.24 -51.53 4.47 
3 40 94.87 -50.93 5.07 
4 90 99.49 -48.23 7.77 
5 120 104.10 -44.42 11.38 
4 150 108.71 -40.4 15.40 
7 180 113.32 -34.27 19.73 
8 210 117.94 -31.47 24.29 
9 240 122.55 -24.91 29.09 
10 270 127.14 -21.89 34.11 
11 300 131.77 -14.44 39.34 
12 330 134.39 -11.14 44.84 
13 340 141.00 -5.43 50.57 
14 393 144.54 -5.43 50.57 
TABLE 4.5 DESIGN GEOMETRICAL VALUES OF TURBINE NOZZLE-LESS CASING 
OF A CIRCULAR CROSS-SECTIONAL AREA FOR 182 = 85' 
4.3.2.5 Turbine casing developed model 
A complete three-dimensional solid model assembly of the nozzle-less casing is 
depicted in Fig 4.15. 
FIG. 4.15 THREE-DIMENSIONAL SOLID MODEL ASSEMBLY OF THE 
NOZZLE-LESS VOLUTE CASING 
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The final design drawing of turbine nozzle-less casing is given Fig. 4.16. 
22,4 29,6 
25 6 
20 Lt1,6 I- 
- -- 
-, o 0-0 
00 cr V4 
Q 
0 
ok, 
I/ 
G) 
SIDE VIEW FpnNT VIEW 
ALL DIMENSIONS APE IN nin, 
FIG. 4.16 DESIGN SCHEMATIC DRAWING OF THE OF IFR TURBINE ASSEMBLV 
4.4 AN INWARD FLOW RADIAL TURBINE FINAL MODEL 
Multiple views of three-dimensional solid model of the IFR turbine assembly and 
exploded views of the model are shown in Fig. 4.17 and Fig. 4.18, respectively. 
FIG. 4.17 THREE DIMENSIONAL SOLID MODEL OF THE IFR TURBINE ASSEMBLY 
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A6ý 
FIG. 4.18 EXPLODED VIEWS OF THE SOLID MODEL OF THE IFR 
TURBINE ASSEMBLY 
4.5 SUMMARY 
A complete design of the rotor and the casing of the IFR turbine, based on the design 
parameters evaluated in the analysis of Chapter 3 have been presented in this Chapter. 
Basic dimensions for the rotor and the casing have been determined using rules, 
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dimensional model of the IFR turbine was developed. 
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CHAPTER 5 
CHA PTER 5 
THE DESIGN OF A SINGLE STAGE CENTRIFUGAL AIR 
COMPRESSOR 
5.1 UNTRODUCTION 
A centrifugal compressor is a pressure-producing device and used widely for a variety 
of applications, including industrial plants, small gas turbine engines for industrial, 
automotive and aircraft applications. Also, it is used in turbochargers for reciprocating 
internal combustion engines. 
The air compressor occupies a position of importance in a gas turbine engine equal in 
every respect to that of the turbine. Since the net useful output power of the turbine 
engine is the difference between turbine output and compressor input, then an 
inefficient compressor can largely eliminate the gain from a highly efficient turbine. 
Furthermore, for efficient overall performance, it is essential that the turbine 
characteristics match those of the compressor. 
The main advantages of centrifugal compressors are: 
L Simplicity and ruggedness of construction. 
ii. High stage pressure ratio capability. 
iii. Its ability to operate more efficiently over a wider range of mass flow rate than 
a comparable axial flow compressor. 
iv. Wider range of stable operation between surging and choking limits at a given 
rotational speed. 
This Chapter details the parameters employed in the current work to design the single 
stage centrifugal compressor associated with the turbine design of Chapter 4. 
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5.2 CENTRIFUGAL COMPRESSOR COMPONENTS 
The terminology used to define the components of a centrifugal compressor is shown 
in Fig. 5.1. In general, a centrifugal compressor comprises inlet air intake, inlet guide 
vanes, the impeller, the diff-user and the volute. 
Volute 
Diffuser, throat 
Vaned diffuser 
P Shroud Vaneless space CO 
1z ý: III 
Inducer Impeller Hub 
SI DE VIEW FRO NT N'l F NN' 
klý, ý 
TOP VEEW 
FIG. 5.1 COMPONENTS OF CENTRIFUGAL COMPRESSOR 
5.3 ENTHALPY-ENTROPY DIAGRAM OF A CENTRIFUGAL 
COMPRESSOR 
An enthalpy - entropy diagram is presented to show the compression process 
progression in the compressor stage as shown in Fig. 5.2. It should be noted that the 
process departs from isentropic compression due to losses caused by friction, viscous 
drag and others. 
5.4 SLIP FACTOR 
Many attempts in predicting the amount of slip have been cited in the open literature 
and several slip factor correlations have been given as follows: 
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(T111 T106) 02 #*"00 
0000000 
I'll, 
06 
,, oo*e 
P6 
I 
C, 2 
6A2 
2 
06s P5 Volute (5-6) 
c25 
2 6s 
Vaneless diffuser 
4 P4 (3-5) 
P3 
4s 10ý 
P2 
Vaniess gap 
(2-3) 
(HOO H01) 
00 
00 01 Impeller (1-2) 
_, 
0.60L 
-0 
ENTROPY(S) 
FIG. 5.2 GENERALIZED H-S DIAGRAM FOR A CENTRIFUGAL COMPRESSOR 
i. Stodola 1661 slip factor formula 
Oýf '--SM, 
b2 Nb 
Wiesner 1671 slip factor formula 
ýC 0 -SJ8h2 O., f (N h )0.7 
iii. Stanitz [681 sliJ2 factor formula 
Osf 
0.63 
Nb 
(5.3) 
(5.4) 
(5.5) 
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Ferguson [691 found that for radial vaned impellers, the Stantiz expression agreed 
very well with experimental observations. Therefore, Stantiz correlation formula is 
used in the current design to calculate the slip factor. 
5.5 DESIGN APPROACH AND THEORY 
5.5.1 General 
The design approach followed in the current work is similar to the IFR turbine design 
that is, based on the assumption of step-by-step one-dimensional flow. The design of 
the centrifugal compressor included the following: 
i. The design of the Impeller, vaneless diff-user and the volute. 
Impeller structural and thermal stress analysis. 
iii. Impeller vibration analysis. 
Items (H) and (M) would be addressed, separately, in Chapter 7. 
5.5.2 Impeller Design 
5.5.2.1 Impeller geometry 
The impeller of a centrifugal compressor may be considered as generalized fluid 
handling system and the variables which will completely describe the design and 
performance of this system may be divided into three groups as shown in Table 5.1. 
For a given set of performance requirements, the design approach entails the 
calculation of complete geometrical parameters of the impeller, in addition, it is 
necessary to identify the constraints such as inducer Mach number, temperature and 
stress limits. 
The geometric shape of a typical radial flow impeller including the velocity triangles, 
assuming zero swirl at impeller inlet, are shown in Fig. 5.7. Note that the designation 
used for the principal dimensions for the impeller is the same as for the turbine rotor. 
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DESIGN PERFORMANCE 
VARIABLES 
Inlet pressure 
VARIABLES REQUIOREMENTS 
Tip diameter, blade Nvidth I Mass flow rate 
Inlet temperature Inducer and hub diameters Isentropic efficiency 
Rotational speed Axial length, blade angles Pressure ratio 
Properties of working Mach numbers, Reynolds 
Diffusion ratio. Specific 
fluids number 
speed, Specific diameter. 
Flow coefficient. 
TABLE 5.1 MAIN PARAMETERS OF A CENTRIFUGAL COMPRESSOR IMPELLER 
clocity C, 
igic 
,:: ý 
ý2U 
2 
------------ ------ 
-2 
InIct vclocity traingic 
------------ 
j[-Dev. loped icx\ Devc I 
A) At (A - 
FIG. 5.3 THREE VIEWS OF THE RADIAL FLOW CENTRIFUGAL IMPELLER 
WITH THE INLET AND OUTLET VELOCITY TRIANGLES 
5.5.2.2 Impeller inlet design parameters 
Before commencing any design procedure, prior knowledge of some parameters must 
be available, whilst others must be assumed. For an inducer design, prior knowledge of 
the following parameters is usually available: 
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i. The inlet stagnation pressure and temperature; the standard atmospheric 
conditions are often applicable. 
H. The degree of pre-whirl; here it will be assumed that the flow enters the inducer 
with zero pre-whirl. 
iii. The mass flow rate of the working fluid. 
In addition several aerodynamic and geometrical expressions of the flow must be 
derived to evaluate the principal dimensions for the inducer and these are: 
A. Speed parameter 
d2N 
V-C-P-Tol 
Considering the flow at the inducer mean diameter, compressor isentropic efficiency is 
given by: 
w Cpa (T -T ideal 02 01). -C )7 c Tactual Cw2U2 - CwIUI 
v TOI 
[(P02 
/POI 
Cw2U2 - Cwl Ul 
(5.6) 
Equation 5.6 can be re-arranged to give 
Cpa (T02 
-TO 1) 
2 (Cw2 (Cwl U2 )(u, 
U2 U2 U2 
(5.7) 
But UI /U2 = d, 1/d2 and 
U2 = ý7d2N/60, Also by definition, the slip factor equal 
to Cw2 /U2 = Olf 
Then by substituting the expressions for U, 
/U2 
9 U2 9 
Cw2 /U2 in equation 5.7 would 
result: 
d2N 60 1[ 
(P02 
//PO I 
)Y-' v-1 (PO2 
f- 
(Cm, 
l IU2)(d, Id XITO, Ir 1177cc 
[ýOssýf 
- 
(CIVI 
2) 
(5.8) 
Considering the flow at the inducer tip and hub, respectively, equation 5.8 at the 
inducer tip and hub would be as: 
d2N_= 60 1 
[ý (P02 
/'PO Iy 
s- 
(c, Oýf 
)T 77, Cwt, , IU2)(d, 
d2) ep'Tol 
(5.9) 
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d2N 601 1 
(P02 /POI ) Y-V7 
ýc 
h1d ,7 Rc 
Osf 
- 
(Cwh IU2)(d XITO, 
r- 
2)_ 
B. Relative flow Mach number at inducer tip diameter (Mer) 
(5.10) 
Reference to inlet velocity diagram at inducer tip, Fig. 5.3 and by following the same 
procedure given in Sec. 3.2.4.3 of Chapter 3. The following expression for M ercan 
be written as: 
22 
71d2N de 
T-M-- 
Mer 2 
6011ýýP,, Toj d2 
2 
1) 1- sin 2+I 7rd2N 
de 
2 60ýCp,, T0, d2 
L 
mass flow parameter d2 2 PO I 
(5.11) 
An expression for the mass flow parameter can be derived by following the same steps 
given in Sec. 3.2.5 of Chapter 3. The fmal expression is given as: 
"T 
[Bf 
(d) 2 _(dh )2 
Mer sinfle 
r+l 4dd 2(y-1) d2 2 PO 1221+ 7-1 (Mer Sin fle )2 
2 
(5.12) 
For simplicity 
7 ; rB Let ki - V=l X4 and 
k2 =I_ (dh )2 
de 
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Also, (de )2 =: (Ue )2 = 
d2 U2 
(Ve COS 
'Be 
)2 (ýRt 
I 
)(Mer 2 COS2 l8e) 
(; 7d2N/60)2 (ir d2N)2 
CHAPTER5 
Substitute for k, . k2and d, 
Id2 in equation 5.12 and re-arranging resulted into 
T 1ýepa 01 d2N)2 
d2p 2 01 
k1k Rtl) 2 (Y 
But t, = 
TO I 
I+y-I (M,, sin 2 
m 
er 
3 
sin 8, cos' fie 
Y+l 
I+ (Mer 
sin fie )2 2 
Substitute for tj in equation 5.13 and rearrange would give: 
AN 
1 -(dh ý 
de )2 
(P ý 
jyR T7ý ) k, 
rhN' 
(Po I 
ý, YR To I) 
k2k3 
Mer 3 sinfle COS2 A 
1+-v (Mersin pe )2 
2(r-1) 
2 
(5.13) 
(5.14) 
Where: k2 =1-(dhld, 
)2 and k3 = (4zl, 8f I) 
D. Inducer tip to im peller tip diameter ratio (d, ld2) and hub to impeller tip 
diameter ratio (dhld2) 
Equation 5.11 can be re-arranged to develop an expression for d, Id, as: 
d, Mer (y 1) COS2 pe 
Y-1 21+ Mer Sln 2 
18 e 
y 
y- 
FY2 
60VCP,, T,, ý ) 
(5.15) 
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Equation 5.12 can be re-arranged to develop an expression for dhld2as: 
Y+l 
2+ 
Y-1 (Mersin P, y 
2(y-1) 
dP2 dh de 
11 
2 01 
f 
d2 d2 
(B 
f, 
'T y 
de 
2 
(Mer 
sinfle) 4d 2 
5.5.2.3 Impeller outlet design parameters 
A. Diffusion ratio parameter_(V2 IVI ) 
CHAPTER 5 
(5.16) 
Following the same derivation procedure given in Sec. 3.2.4.6 of Chapter 3, an 
expression for (V2 
IV] )can be written as 
+ 
Mer 2 sin 
2 pe 
ri, V2 211 (P(12/'POI)Y-l 7 -1 
v COS)82 M sin, 6, Ir I er 
Of 
B. Blade tip width to impeller tip diameter ratio expression (b2 Id 2) 
(5.17) 
Two models for calculating blade tip width to tip diameter ratio will be developed. 
These are termed model (1) and model (2). The former is expressed in terms of mass 
flow parameter rhVC-PT 
1d2 2 
P,, speed parameter d, NIýCPT, , flow angles 
a2 and 
M2 
at rotor inlet. The latter is expressed in terms of inlet blade loading factor 
0/2 ) 
BL 
number of blades 
Nb 
9 d2NIVCPT, and angle a2 
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B. 1 Model (1) 
The derivation of model (1) is similar to that given in Sec. 3.26 of Chapter 3 and it 
can be written as: 
I b2 
d2 
2j r 
-ii 
d2 POI 
12 
Y+l 
I+ 
Y-1 
M2 2 
2(y-1) 
2 
M2 
sin a2 
(5.18) 
B. 2 Model (2) 
Using Stahler [381 for slip factor 
Osf --"' Cw2 
/U2of 
an impeller having 19 blades: 
Cw' 
=I-1.25 3 
U2 Nd2 
Applying the above expression for the impeller of Nbblades 
= _C11,2 
1.25 x 19 
=I_ 
23.75 7rb2d2Cm2 
O, 
f 
U2 Nb Nd2 
3 Nb Nd2 
3 
Re-arranging equation 5.20 would give: 
2 23.75 ;Tb Os _ 1_ 2 
(C 
ýf Nb ; TNd2 60 d2 m2) 
Equation 5.21 can be developed into: 
b2 U2 ý)r2 
d, 
11 
ýf 234.4 Cm2 C, jýI 
b2 
d, y 
(234.4 
tan a2 
ýirB v p02 f2 
)ý 
po 
, 
p02 
Po i 
(5.19) 
(5.20) 
(5.21) 
(5.22) 
(5.23) 
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5.5.3 Choice of Principal Dimensions of the Impeller by Numerical 
Optimisation 
5.5.3.1 Objective function 
The procedure followed here is similar to that used for the turbine rotor described in 
Chapter 4. The objective ftinction of the matrix X is formulated as: 
d2 = X(I) 
Mer 
= X(2) 
, 8, = X(3) 
deld2 
= X(4) 
dhld2 
= X(5) 
X= a2 = X(6) 
b2 
= X(7) 
V2 IVI = X(8) 
A= X(9) 
M2 = X(I 0) 
X(l 1) 
5.5.3.2 Equality and inequality constraints 
EqualLo constraints 
i. 
2 (ýh )2 er sin P, mvýWol 
- 'y 
[Bfý 7r (.! 
ýe_) mI 
g(l) 2p 4dd 2(y-1) d ol 
22y2 2, 
-( 
I+2 (Mer sinfle) 
ii. 
P02 Y-I/y 
d 'p 27, Pol 
g(2)= 
b' 2 01 
d2 zB. f2 
p02 
po 
, 
1/2 
Y+l 
2) 2(y- I) 
2 sin a2 
(5.24) 
(5.25) 
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2 
)6e in s sin 
g(3) = 
! 
-2 -)7- 
11 LP02 /P -1 
COS P2 m 
ýS) 
Y 
(5.26) 
er sin 8, c 
iv. g(4) - 
b2 
_( (5.27) d2 234.4 tan a2 
Inequalitv constraints 
d2 :! ý 20.0 cm This is governed by the size of the compressor 
g(5) = 20.0 - 
d2 (5.28) 
Mer : 5: ' 
1 
-0 : Specified by the subsonic flow requirements 
g(6)= 1-0-Mer (5.29) 
8, ýý-! 2 5' : Specified by maximum flow at inducer inlet 
g(7) = 8, - 25' (5.30) 
iv. d, Id2 ý!: 0.55 : Governed by the relative Mach number 
g(8) = d, ld2-0.55 (5.31) 
V. dh1d, :! ý 0.40 : Specified by stress limitation and number of blades. 
g(9) = 0.40 - 
dhld2 (5.32) 
A. a2 ý-: 17' : Controlled by diflusion ratio 
g(10) = a2- 17' (5-33) 
vii. b2ý! 0.004 : Govemed by leakage loss and diff-usion ratio 
g(l 1) = b2-0.004 (5.34) 
viii. v, lv, ý! 0.55 : Governed by flow separation in the impeller passage 
g(I 2) :- V2 
/VI 
-0.55 (5.35) 
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ix. A ý! 6 0' : Specified by diff-usion ratio requirements 
g(l 3) -, 82 - 60' 
X. M2 ý! 0.95 : fixed by relative flow angle at impeller exit 
g(l 4)= M2-0.95 
xi. 8, ý! 3 5' : Governed by inducer and hub diameter 
g(I 5) = 81 -3 5' 
5.5.3.3 Optimisation solution 
(5.36) 
(5.37) 
(5.38) 
The required input data used to solve this optimisation problem is listed in Table 5.2 
Mass flow, /" a 0.566 
Pressure ratio, P02 
/POI 
4.0 
In et stagnation temperature, To, 300'K 
Rotational speed, N 60000 rpm 
TABLE 5.2 INPUT DATA AT DESIGN POINT 
The same OPRQP programme was used to solve this optimisation problem and was run 
for several numbers of blades. The optimum solution of the matrix X obtained from 
the optimisation technique is listed in Table 5.3. 
DESIGN DESIGN 
DESIGN VALUES DESIGN VALUES 
PARAMETERS FAIKAMETERN 
Nb 15 Blades dh /d2 0.20 
d, 15.19cm b2 6.4mm 
A' er 0.90 V2 
IVI 0.65 
fle 30' #2 68.0' 
de Id,, 0.56 M" 2 
1.14 
TABLE 5.3 DESIGN DATA OBTAINED USING AN OPTIMIZATION TECHNIQUE 
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5.5.3.5 Design data obtained by numerical optimisation 
The complete calculated design data for the impeller based on the output results of the 
numerical optimisation are listed in Table 5.4. 
DESIGN GEOMETRICAL 
CIFICATIONS DIMENSIONS 
Ma 0.566kgls 
N 60000 rpm 
P02 
4.0 
pol 
To] 300K 
ti 298.16 K 
pi 0.87 bar 
A 1.05 kg1M 3 
FLOW 
VELOCITIES AT 
d2 15.19cm 
b2 0.64em 
tth2 ý 0.2 cm 
d, = 6.3 87 cm 
dh = : 3.038cm 
de 
= 8.506 cm 
tth, = 0.2 cm 
AT INLET AND 
c, 154.29m/s 
C,,, O. Om /s 
Ch =154.29mls 
ce 154.29 m/s 
V, 253.10mls 
V., 200.65mls 
Vh 180.99m/s 
17e 308.58mls 
U2 ý 476.27 mIs 
ul 200.65 mIs 
Uh 95.44m Is 
u. 267.24m/s 
FLOW ANGLES AT 
IWELLERINLET 
AND EXIT 
a2 = 
)62 = 68' 
90' 
Cth ý 90' 
ae ý 90' 
JOh = 58.53' 
, 
81 = 37.56' 
fle 
= 30' 
MACH NUMBEI 
AT IWELLER 
Al -, = 1.14 
M, = 0.453 
Mhr = 0.532 
M 1, = 0.743 
Mer = 0-90 
FLOW VELOCITIES 
AT IMPELLER EXIT 
C2 441.66mls 
Cm2 158.28m/s 
Cw2 412.32mls 
V2 170.71 mls 
Vm2 158.28m/s 
Vw2 63.95mls 
PERFORMANCE 
PARAMETERS 
Sp = 0.277 
Mp =0.134 
)7c = 0.83 
Cml /U2 = 0.33 
V2/Vl = 0.67 
TABLE 5.4 COMPLETE SET OF CALCULATED DESIGN DATA OF A CENTRIFUGAL 
IMPELLER BASED ON NUMERICAL OPTIMISATION 
5.6 DESIGN OF THE IMPELLER FLOW CHANNEL 
5.6.1 Prescribed Meanstream Velocity 
The method of prescribed meanstrearn velocity for the design of the impeller flow 
channel followed here is similar to that used for the turbine rotor described in Chapter 
4. The main figures of the output results are presented hereafter. 
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Figures 5.4 and 5.5 show the actual values of the relative velocity and the components 
along the mean streamline of the impeller. 
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FIG. 5.4 ACTUAL VALUES OF TOTAL RELATIVE VELOCITY AND ITS 
COMPONENTS ALONG MEAN STREAMLINE OF A 
MERIDIONAL LENGTH OF Zm= 0.06m 
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FIG. 5.5 ACTUAL VALUES OF THE FLOW ANGLES aAND # ALONG MEAN 
STREAMLINE OF A MERIDIONAL LENGTH OFzm = 0.06m 
Figure 5.6 shows a plot of impeller internal losses, that is, skin friction losses 
Aq,,, and diffusion and blading losses AqDRL vs. meridional length of a centrifugal 
impeller. It can be seen that Aq,,;,,.,. is lowest for the smallest axial length and increases 
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as the axial length is increased while AqDBL is highest for the smallest axial length and 
decreases as the axial length is increased. 
2 
Diffusion and Blade 1.6- 
1 4- 
Loading LOSS 
. 
1.2 
0.8 - Skin Friction 
0.6- Loss 
0.4 - (Aq 
) 
oeý 0.2 
SF, 
0 
1 1-5 2 2.5 3 3.5 4 4.5 5 5ý5 
IMPELLER MERIDIONAL LENGTH 
(Z )-cm 
FIG. 5.6 VARIATIONS OF IMPELLER INTERNAL LOSSES ALONG THE 
IMPELLER PASSAGE 
Figure 5.7 shows a plot of total pressure loss inside the passage vs. meridional length 
of a centrifugal impeller. It can be seen that the optimum meridional length was found 
to be 41.5 mm for minimum pressure loss in the passage. 
2.50 
2.00 
1.50 
1.00 
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0.00 +- 
0.00 1-00 2.00 3.00 4.00 5.00 
IMPELLER MERIDINAL LENGTH 
(Z 
.. 
) -cm 
6.00 1 
FIG. 5.70VERALL IMPELLER INTERNAL LOSSES ALONG THE 
IMPELLER PASSAGE 
5.6.2 Blade Shape 
The resulting blade shape obtained by using the prescribed mean stream velocity 
theory is shown in Fig. 5.8. 
-126- 
Al. EBA 1D CHAPTER5 
80 
9z 
Z 70 
60 
50 
rs 
40 
30 
w 20 rh 
10 
- 
0- -7-T--7-7--T-T--r-7--T-, 
0 10 20 30 40 50 
IMPELLER AXIAL 
LENGTH 
(z )- mm I r, 
FIG. 5.8 BLADE SHAPE BASED ON PRESCRIBED MEAN STREAM VELOCITY 
5.6.3 Impeller Solid Model 
A three-dimensional solid model of the impeller was developed as shown in Fig. 5.9 
and the final design drawing of the impeller is shown Fig. 5.10. 
4 
"1 
FIG. 5.9 THREE-DIMENSIONAL SOLID MODEL OF THE IMPELLER 
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FIG. 5.10 DETAIL DRAWING OF THE IMPELLER 
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5.7 VANELESS DIFFUSER DESIGN 
5.7.1 Introduction 
CMPTER 5 
The vaneless diffuser is often adopted, in the present work, as the sole means of 
pressure recovery owing to its simplicity and inexpensive construction, its broad 
operating range and its ability to reduce a sonic absolute velocity to a subsonic one 
without the formation of shock waves. 
The vaneless diffuser may be a vaneless space between the impeller tip and the 
beginning of a channel or cascade diff-user or it may be run from the impeller discharge 
to the volute inlet. 
5.7.2 Design Method 
Analysis in the previous section showed that the fluid discharges from the impeller at 
high velocity and consequently it is essential to convert the kinetic energy efficiently 
into static pressure. The vaneless diff-user considered in the current work is two parallel 
walls forming an open passage from the impeller tip to a specified discharge diameter. 
The following sections describe the design procedure. 
5.7.2.1 Vaneless diffuser design analysis 
The flow at entry to the vaneless diffuser is extremely complex, consisting of jet and 
wakes issuing from each passage of the impeller. Therefore, mixing out occurs as the 
flow leaves the impeller tip at a finite radial increment outside impeller known as the 
vaneless gap where the flow is exposed to sudden enlargement forming eddies and 
friction losses. Fisher [70] gives a diameter ratio of the vaneless gap to the impeller tip 
d, Id2 is equal to 1.1 to reduce non-uniformity and noise. 
The simplest description of the flow through the vaneless diff-user can be obtained by 
considering the angular momentum equation used for the impeller applied between the 
impeller exit (2) and the vaneless diff-user exit (5), (refer to Fig. 5.1) 
" :::::::: '*. 5 r. - Coj2 r2 
) 
-129- 
MEBAID CM P TER 5 
For the case of an open passage where the flow is only retained by the side walls and 
in the absence of any wall friction force, the torque r exerted on the fluid is zero and 
the angular momentum equation above reduces to free vortex relationship 
i. e. C co 5 r5 -"::: C co 2 r2 (5.39) 
At any station along the diffuser in relation to impeller exit, the above equation is 
wr en as: 
co)r = C,, 2r2 
Cco 1Cw2 = d2ld (5.40) 
Applying mass continuity at any station along the diff-user in relation to impeller exit 
would give: 
1=A ACm ý' P2 2Cm2 : 7- P 
th =: = PAC. 2 tan a2= pAc. tan a 
p 
A2 Cw2 
(5.41) 
P2 A cw tan a 
Combining equations 5.40 and 5.41 and re-arranging would give: 
p 
=:: 
d (_ý, (5.42) 
P2 
d2 A tan a 
From equation of state 
p P 12 
A P2 t 
A '7b2 2 
and 
2_ 
A irdb 
Substitute the expressions 
P, A- in equation 5.42 gives: 
AA 
p_t (b2)( tan a2 (5.43) 
P2 t2 b tan a 
For adiabatic condition in the vaneless diffUser, 
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and from velocity triangle, the velocities c andC2 can be expressed as 
C 
cco C,. 2 
(r2 1r) 
cosa cos a 
and C2 - 
Co)2 
cosa2 
CHAPTER5 
(5.44) 
Substituting for C2and c expressions in equation 5.44 and combining with equation 
5.43 will give an expression for static pressure rise ratio within the vaneless diff-user 
as: 
p 
P2 
2 
c 
t 2C paT02 
t2 C2 
2 
2CpaTO2 
22 
Cco 2 r2 
cos ar 
2CpaTO2 
2 
Co)2 
COS a2 
2CpaTO2 
b2 ][ 
b tan a 
For parallel wall vaneless diff-user, the width b=b, = b, 
Hence equation 5.45 becomes 
22 
Cw2 r2 
cosa r 
p 2CPaTO2 
2 
P2 Cw2 
CoSa2 
2CpaTO2 
[b2 ][ 
b5 tan a 
(5.45) 
(5.46) 
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Equation 5.46 showed that the static pressure rise in the vaneless diff-user is a function 
of radius ratio r1r, and the absolute flow angle a. For an efficient diff-usion. the flow 
angle a must be reduced with increasing radius ratio. 
Equation 5.46 is plotted as shown in Fig. 5.11 to show the variation of pressure 
recovery in the vaneless diffuser. 
6- 
= 1.79 b 5 P2 
4 Design point_ LX 
04 -- ---------------------- a. 2- 
u 
0.8 1 1.2 1.4 1.6 1.8 2 
R,, W IUS Rý, VI 0 
FIG. 5.11 PRESSURE RISE IN THE VANELESS DIFFUSER 
Figure 5.12 shows the variation of both the tangential and radial velocities with radius 
ratio in the vaneless diffuser. It showed that both velocities are decreasing with 
increasing radius ratio. 
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FIG. 5.12 VARIATION OF TANGENTIAL AND RADIAL VELOCITIES WITH 
RADIUS RATIO IN THE VANELESS DIFFUSER 
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5.7.2.2 Vaneless diffuser design data 
The final design data of the vaneless diffuser parameters at exit are given in Table 5.5. 
DESIGN PARAM-IETER---l 5-ESI6N-- VALUES D 
Vaneless diffuser diameter, d5 22.026 cm 
Vaneless diff-user width, 
b5 0.582cm 
Static pressure at exitý P5 3.88 bar 
Flow angle at exit, a5 12.5 5' 
Tangential flow velocity at exit, C5 284.36m/s 
Radial flow velocity at exit, Cr5 63.37mls 
Absolute flow velocity at exit, c 5 291.33mls 
Static temperature at exit, 15 
Density at exit, P5 
430.28'K 
3.14 kg IM3 
TABLE 5.5 COMPLETE DESIGN DATA OF VANELESS DIFFUSER 
5.7.2.3 Vaneless diffuser final model 
A three-dimensional solid model of the vaneless diffuser is shown in Fig. 5.13 and the 
final design drawings of the vaneless diff-user are shown in Fig. 5.14. 
FIG. 5.13 THREE DIMENSIONAL SOLID MODEL OF THE VANELESS DIFFUSER 
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FIG. 5.14 DETAIL DESIGN DRAWINGS OF THE VANELESS DIFFUSER 
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5.8 VOLUTE DESIGN 
5.8.1 Introduction 
The last basic component of a centrifugal compressor stage is the volute or scroll. It is 
a spiral - shaped housing which collects the flow from the diff-user and passes it to a 
pipe at the exit. 
5.8.2 Design Method 
Considering the flow in the volute is frictionless and the volute cross-section is circular 
for simplicity and ease of manufacture. Therefore, by applying the mass continuity at 
the centroid and at any azimuth angle (p of the volute will give: 
th. p :::::::: pAc, (, 
But rh = OP rh 360 
(5.47) 
Since the difference in velocity at r, and r. is likely to be small the density ratio will 
be nearly one, then 
Pp --:::: A. c., c,, ) 
Substituting the above expressions in equation 5.47 and re-arranging will give an 
expression for volute cross-section diameter at any azimuth angle as: 
--I 
360 
5.8.3 Final Design Model of the Volute 
(5.48) 
Final design model drawings of the volute and three-dimensional solid model of the 
volute are shown Fig. 5.15 and Fig. 5.16, respectively. 
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FIG. 5.16 THREE-DIMENS IONA L SOLID MODEL OF THE VOLUTE 
5.9 FINAL DESIGN MODEL OF THE COMPRESSOR 
A three-dimensional solid model representation of the centrifugal compressor casing 
assembly and an exploded view are shown in Fig. 5.17 and Fig. 5.18, respectively. 
FIG. 5.18 SOLID MODEL OF THE CENTRIFUGAL COMPRESSOR CASING 
ASSEMBLY 
., t 
FIG. 5.19 EXPLODED VIEW OF SOLID MODEL OF THE CENTRIFUGAL 
COMPRESSOR CASING ASSEMBLY 
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A three-dimensional solid model view of the whole assembly and exploded view are 
shown in Fig. 5.20 and Fig. 5.21, respectively. 
FIG. 5.20 THREE-DIMENS IONA L SOLID MODEL OF THE CENTRIFUGAL 
COMPRESSOR ASSEMBLY 
FIG. 5.21 EXPLODED VIEW OF THE SOLID MODEL OF THE CENTRIFUGAL 
COMPRESSOR ASSEMBLY 
5.10 SUMMARY 
A complete theoretical analysis on the performance parameters of the compressor 
impeller, vaneless diffuser and the volute casing have been undertaken in this Chapter. 
Based on the analysis results, a complete design of the above components have 
been 
presented and finalised. 
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CHAPTER 6 
SHAFT DESIGN, SELECTION OF BEARINGS AND 
COMBUSTION CHAMBER 
This Chapter details the design of the turbine-compressor shaft, selection of bearings 
and combustion chamber. Proper design or selection of these components is required 
to achieve the operating conditions of the complete gas turbine engine to the set 
specifications. 
6.1 SHAFT DESIGN 
6.1.1 Introduction 
The term shaft refer to the component of a mechanical device of circular cross section 
and may be either hollow or solid that transmit rotational motion and power. In the 
process of transmitting power at a given rotational speed , the shaft is inherently 
subjected to a torsional stress. Thus, torsional shear stress is developed in the shaft. 
Also, shafts may be subjected to bending and axial loads. In the current research , the 
proposed shaft considered for the design is a hollow type with stepped cross-section. 
6.1.2 Shaft Design Procedure 
Shaft design consists primarily of the determination of the correct shaft diameter and 
length to ensure satisfactory strength and rigidity, when the shaft is transmitting power 
under various operating and loading conditions. Design of shafts of ductile materials 
based on strength is controlled by the maximum shear theory. Shafting is usually 
subjected to torsion, bending and axial loads. In small gas turbines, bending loads due 
to the weight of the rotor and impeller are considered very small and can be neglected. 
Therefore, the only loads considered here are those due to torque and axial loads. 
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6.1.2.1 Main design equations of a hollow shaft 
i. Torsional loads 
The torsional stressashear developed due to torsional loads is given as: 
(a =k, 
16rdo 
- (At outer diameter) shear 
) 
d=do I 
ir(do 
4 
_di4) 
(ashear ) 
d=d, = kt 
16rd, 
(At inner dimeter (6.2) 
, r(do4 -d4) 
Where: 
kt = The combined shock and fatigue factor applied to torsional moment,, normal range 
between (1.0- 1.5) . 
ii. Axial loads 
CHAPTER 6 
The tensile a, or compressive stress aC developed due to axial loads is given as: 
aI= (T 
c= 
4F, 
(6.3) 
z(do 
4- 
di 
4) 
6.1.2.2 Shaft design requirements 
i. Shaft-bolt assembly 
In the current work, it is required to design a rotating hollow stepped shaft of a 
specfied length L and various outer diameters d,, d2 and d3 - Also, to design a main 
bolt to pass through the hollow shaft and its function is to connect the turbine rotor and 
the centrifugal impeller together. The design objective of the shaft-bolt assembly is to 
be able to support safely both the rotor and the impeller. Schematic diagrams of the 
proposed shaft and the bolt are shown in Figs. 6.1 and 6.2 respectively. 
-140- 
M. EBAID CHAPTER 6 
COMPRESSOR SIDE TURBINE SIDE 
FIG. 6.1 SCHEN11ATIC DIAGRAM OF PROPOSED HOLLOW SHAFT 
A 
A 
Y3 
C! L'9-'PT"NT AA 
H14 Regular 
Flill Thi-pad 40 min 
FIG. 6.2 SCHEMATIC DIAGRAM OF PROPOSED BOLT 
ii. Design input data 
The required design input data are given in Table 6.1 
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DESIGN PARAM[ETER DESIGN VALUE 
Shaft power output 60kff' 
Shaft rotational speed 600OOrpm 
Mass of the turbine rotor 2.94kg 
Mass of the centrifugal impeller 0.85kg 
Shaft material 
Stainless steel, Type ASIA 630, UNS 
S 17400, ays = 1262 Afpa 
Type of bearing and their dimensions ; uJar contact ball bearings 
TABLE 6.1 DESIGN INPUT DATA 
6.1.2.3 Shaft design calculations 
The calculation procedure for the main dimensions of the hollow shaft is carried as 
follows: 
i. Shaft diameters (d,, d2 d3) 
Torsional torque developed 
Shaft Power 
__ 
60000 
- 9.55 Nm Rotational speed 6283 
The relationship between yield tensile stress (a, ),, and yield shear stress 
(47sheaAw is 
given by the relationship: 
0.5 (u, ) 
Ushear ), 
v. ý 
(6.4) 
Equation 6.4 can be used to calculate the yield shear stress of the material selected 
(refer toTable 6.1), for the proposed shaft 
0.5 (a, ) Y., 0.5 x 1262 (Ushear)ys =N3= 210.3 3 Mpa Where, N= safety factor =3 
Since the proposed design of the hollow shaft is made of stepped sections, it is a must 
to calculate the maximum allowable shear stress at the minimum cross-section of the 
shaft, that is, at the diameter d3 (refer to Fig. 6.1). Furthermore, the shear stress at this 
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diameter d3 must be less than the allowable shear stress of the material for a safe 
design. In the current research work, the minimum outer diameter d3 of the hollow 
shaft is specified by the size of the impeller bore diameter which is equal to 20mm 
and the internal diameter of the hollow shaft is specified by the size of the hearth 
coupling of the rotor which is equal to 15 mm. 
i. e dmin =d3 = 20 mm , di = 15 mm and by using equation 6.2, then the maximum 
allowable shear stress at this local section is calculated as follows: 
-shear ) 
nmx 
Id k, 16z-d3 (1.5) (16)(9.55)(0.02) = 0.833MPa 
k3 
=d, 
; r(d3 
4_d, 
; r(O. 02 
4 
-0.015 
4) 
Where: k, (range) = 1.0 - 1.5, in this case kt is selected to be equal to 1.5 
It can be deduced that the calculated maximum shear stress (ý7shear). at d3 is below 
the value of the allowable shear stress of the material. Once this minimum diameter of 
the stepped hollow shaft is determind, then the diameter of other sections d2and d, 
can be determind and their values are based on the size of the selected bearings which 
satisfies the design requirements. In this case, calculations showed that the size of the 
required bearing is 25 mm (refer to See. 6.2). 
ii. Shaft leng-th (L) 
The total length of the shaft L and the best location of the bearings on the shaft can be 
determind by considering the rotating system assembly. The design requirements of 
the shaft L are based on the following criteria: 
i. The shaft length should be kept as short as possible for a good design to reduce 
bending effects. 
The selected bearing should be attached as close as possible to the main 
components attached to the shaft, that is, the rotor and the impeller. 
iii. The axial length of the rotor, the impeller and the bearings. 
iv. The position of the centre of gravity of the rotating system asembly. For a good 
design, it should lie between the two bearings for a stable design. 
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With the aid of the CAD software, the masses and their centre of gravity (C. G) of the 
rotor, impeller, main shaft , the bolt and the holding nut can be known, hence the (C. G) 
of the rotating system would be determind. If the position of system (C. G) doesnot 
satisfy the design requirements, the shaft length is changed until a satisfied design 
value is obtained. In this case L was found to be equal to 304.4 mm. Also, the best 
location of the bearings was determined. The final dimensions of the rotating 
assembly and bearings location are shown in Fig. 6.3. 
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205,48 
185,40 
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c YSTEMC (3 
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j 
7- z 
ALL DIMENSIONS IN mpi 
FIG. 6.3 SCHEMATIC DIAGRAM OF THE PROPOSED ROTATING SYSTEM 
SHOWING C. G OF THE SYSTEM AND THE COMPONENTS 
6.2 
6.2.1 
SELECTION OF BEARINGS 
Type Selection 
In general, Ball and roller bearings are usually recommended for small gas turbines. 
Ball bearings are used to withstand loads parallel to shaft axis ( thrust loads) 
sometimes in conjunction with radial loads transverse to the axis, while roller bearings 
are usually used for direct radial loads. Selection of bearing type to use in a given 
application can be aided by referring to Table 6.2, provided by ReE 1711. 
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Load carrying iý, cc C-0 C: 'afj Characteiistics capacity :3 C: = 
cc 
cc U X_ 
C 
cc 
Beating type 
i T CM - 
I 
C 
Q 0 - cc OD Jý 00 
Cc 
04 
Ei 
Vý 1) -2 Deep groove ball hearing + ... ... + +++ + + + 
Self-aligning ball hearing + ++ ++ + + + 
Angular contact ball beanng ++ (++ ++ +++ ++ ++ 
Four-point contact ball beanngs + (++) ++ + + ++ 
Cylindrical roller bearings with cage ++ +++ +++ ++ + ++ ++ 
Cylindrical roller bearings full 
complement ++ 
Needle roller bearings ++ ++ ++ ++ ++ 
Allignment needle roller beanngs ++ ++ + + +4 
Spherical roller bearings +++ ++ ++ ++ ++ ++ 
Tapper roller bearings +++ (+ + ++ + ++ ++ ... 
Thrust Ball beanngs, single direction -- (+ -- + ++ ++ 
Thrust Ball bearings, double direction -- (+ -- + ++ ++ 
Cylindrical roller thrust bearings -- (+ + -- - ... ... 
Needle roller thrust bearings -- + -- - + ... 
Spherical roller thrust bearings + ++ ++ 
Symbols: 
+++ : Excellent 
: Good 
Fair 
: Poor 
: Unstable 
<: Single direction 
<>: Double direction 
TABLE 6.2 GENERAL CHARACTERISTICS OF BEARING TYPES, REF. 1891 
For small gas turbine applications, Bearings are subjected to combined radial and axial 
loadings. Therefore, the type suited to the present work application is the angular 
contact ball bearings, Table 6.2. 
6.2.2 Bearing Size 
The selection of the approriate bearing size depends on the following criteria: 
L The magnitudes of applied static and dynamic loads respectively. 
ii. Rotoational speed 
iii. Fatigue life. 
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Based on satisfying the above criteria, the selection of the required bearing can be 
determind. The final dimensions of the bearing are: Inner bore = 25mm, Outer bore = 
47mm. Once these dimensions are known, then the outer diameters d, and d3 of the 
hollow shaft can be determind. In this case they are 25 mm and 3 2.2 mm, respectively. 
6.2.3 Bearing Material 
The most important feature of the bearing material is the ball bearings. Ceramic ball 
bearings (Silicon Nitride Si3N4) was chosen and bought ftom SNFA Bearing 
Limited [721 for the current application. The choice was made based on the following 
advantages compared to steel ball bearings : 
i. Longer life, even at high loads. 
ii. Higher resistance to seizure in critical lubrication situations. 
iii. Lower power dissipation. 
iv. Higher speed both with oil and grease lubrication. 
V. Higher acceleration and deceleration limits. 
Vi. Greater static and dynamic rigidity. 
Vii. Lower wear. 
Viii. Reduced mass (40% of steel), high hardness and good fatigue resistance. 
6.3 BEARING HOUSING 
The bearing housing was designed to accommodate the bearings and to provide oil 
lubrication. Detail drawing and of the bearing housing is shown in in Fig. 6.4 and Fig. 
6.5, respectively. 
root 
FIG. 6.4 THREE DIMENSIONAL SOLID MODEL DIAGRAM OF BEARING HOUSING 
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FIG. 6.4 DETAIL DRAWINGS OF THE BEARING HOUSING 
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6.4 FINAL MODEL OF THE SHAFT-BOLT ASSEMBLY 
The final dimensions of the hollow shaft, and the position of the bearings are shown in 
Fig. 6.5. The detailed dimensions of the bolt is shown in Fig. 6.6. 
ALL DIMENSIONS IN mm 
FIG. 6.5 DETAIL DIMENSIONS OF THE HOLLOW SHAFT 
(0 69 M14 Regular (0 ý 
Full Threýýd 40 min 
A 
ý -ý 5 
ý7k 
A 
276 
8 -316 
SECTION A-A 
Note: 
Geometrical tolerances are in microns 
FIG. 6.6 DETAIL DIMENSIONS OF THE BOLT 
A three-dimensional solid model of the hollow shaft, the main bolt and the shaft -bolt 
assembly including the bearings are shown in Figs. 6.7 and 6.8, respectively. 
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FIG 6.7 THREE DIMENSIONAL SOLID MODEL OF THE HOLLOW SHAFT 
AND THE MAIN BOLT 
FIG. 6.8 THREE DIMENSIONAL SOLID MODEL OF THE SHAFT ASSEMBLY 
WITH THE BEARINGS 
6.5 COMBUSTION CHAMBER 
6.5.1 Introduction 
A gas turbine combustion chamber is a device for raising the temperature of the 
incoming air stream by the addition and combustion of fuel. In serving this purpose, 
the combustion chamber must satisfy many different requirements. It must be capable 
of initiating ignition easily and must operate stably over a wide range of conditions. At 
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all operating points, it must provide for essentially complete combustion of the fuel 
while minimising the formation of undesiarble pollutants. 
To avoid damaging the turbine, sufficient mixing must be achieved in the combustion 
chamber to obtain an acceptably uniform exit gas temperature distribution. Also it 
must operate with as low a pressure loss as practical to maintain high overall cycle 
efficiency. Finally all of these functions must be performed in a configuration which 
has a minimum size,, weight and cost, and which is sufficiently durable to achieve an 
acceptable operating life. Thus achieving a successful combustion chamber 
configuration involves trade-off among the various relavent design and performance 
criteria until the optimum compromise has been reached, which best satisfies all the 
imposed specifications and constraints. 
6.5.2 Selection of Combustion Chamber 
There are several types of combustion chambers such as single can combustor, Annular 
combustors, etc. Single can combustor is most often found in either industrial, or in 
small gas turbine engines because of its simplicity of manufacturing, ease of 
maintenance, low cost, reasonable size and long life . It 
has the added advantage that is 
easily replaced if an alternative fuel is required for which the original combustor would 
not be suitabe. Due to time limitation, a suitable combustor liner was adapted from an 
existing auxiliary power unit, model GTCP85 manufactured by Air-Research. This 
combustor is a reverse flow single can type as shown in Fig. 6.9. However, The reason 
for excluding out the existing combustor casing because it was too large and found 
quiet difficult to modify it to fit the turbine inlet port. Therefore, a new combustor 
casing was designed to fit both the combustion liner and the turbine inlet assembly. 
FIG. 6.9SOLID MODEL OF A SINGLE CAN COMBUSTOR LINER ADAPTED FROM 
AN AUXILIARY POWER UNIT, MODEL GTCP85 
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Detailed dimensions of the selected combustion chamber liner are given in Fig. 6.10. 
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FIG. 6.10 DETAILED DRAWING OF A SINGLE CAN COMBUSTOR LINER ADAPTED 
FROM AN AUXILIARY POWER UNIT MODEL GTCP85 
A three dimensional solid model and detailed dimensions of the combustor casing are 
shown in Fig. 6.11 and Fig. 6.12, respectively. 
FIG. 6.11 THREE DIMENSIONAL SOLID MODEL OF COMBUSTOR CASING 
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FIG. 6.12 DETAILED DIMENSIONS OF THE COMBUSTION CHAMBER CASING 
The complete assembly of the combustion chamber and an exploded view is depicted 
in Fig. 6.13. 
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FIG. 6.13 EXPLODED VIEW OF COMBUSTION CHAMBER ASSEMBLY 
6.6 SUMMARY 
A complete design calculations and theory have been presented in this Chapter for the 
turbine shaft, selection of bearings, combustion chamber casing. Detailed design and 
drawings and three-dimensional models of the above components have been produced 
as a result of the calculations given in the current Chapter. 
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CHAPTER 7 
STRESS AND VIBRATION ANALYSIS TECHNIQUES 
FOR GAS TURBINE COMPONENTS 
7.1 INTORDUCTION 
The geometries of the rotating components of turbo-machinery are complex and hence 
the stresses in these components could not be accurately predicted using analytical 
stress methods such those presented by Swanson [731 and Schilhansh [741 and usually 
refer to calculation by direct solution of stress and strain equations. However, these 
methods can be useful to indicate the order of magnitude of stresses likely to be found. 
For this reason, it was necessary to employ the finite element method as a tool to 
analyse design geometries and to ensure that stresses under consideration were at 
acceptable level. 
Although stresses occur in the casings, mainly due to differential thermal expansion, 
these would not be as high as those on the rotating components. This makes the design 
of the casing much less critical. 
Thermal stresses present another topic for consideration. The effect of flow of high 
temperature gas especially in the rotor necessitates the need to analyse this effect and 
must be considered in combination with the centrifugal effect to find the overall 
combined stress effect on these rotating component, as it is shown later in the analysis. 
Another important area of consideration is the effect of vibration of the rotating shaft 
and its components. Destructive shaft vibrations can occur in any rotating system. As 
the shaft rotates, there are periodic forces on the shaft due to the residual out of balance 
masses, forces originating from the rolling elements in the bearings and aerodynamic 
forces on the compressor and turbine rotors. If the frequency of these forces matches 
the natural frequency of either the shaft or shaft components, the result may be a 
failure, either from instability or high cycle fatigue. 
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It is impossible to ensure all the natural frequencies never coincide with the frequency 
of the forces but precautions must be taken to avoid obvious problems. Again classical 
vibration analysis methods are incapable to deal with the complex rotating assembly 
and so finite element method has to be employed. 
7.2 FINITE ELEMENT PACKAGE - ANSYS SOFTWARE 
ANSYS is a computer programme for finite element analysis and design. ANSYS 
programme has many finite element analysis capabilities ranging from a simple linear 
static to a complex, non-linear dynamic analysis. The procedure for a typical ANSYS 
analysis can be divided into three distinct steps, namely: 
i. Building the model. 
ii. Apply loads and obtain the solution. 
iii. Review the results. 
7.3 TYPES OF ANALYSIS 
ANSYS programme was used in this research work to analyse the following stresses: 
i. Structural analysis due to centrifugal forces. 
I Thermal analysis due to high temperature of the flowing fluid 
iii. Combined analysis of structural and thermal effects. 
iv. Model (vibration) analysis due to high rotational speed. 
These analysis were carried out on the rotor, impeller and the rotating shaft as it will be 
shown later. 
7.4 ANSYS ANALYSIS OF THE ROTOR, IMPELLER AND 
ROTATING SHAFT 
As mentioned earlier, the analysis carried out on these components 
includes structural, 
thermal and vibration. Material properties (physical and thermal) of the components 
under study, that is, the turbine rotor and compressor 
impeller must be defined and 
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specified as input data. The results of the analysis on these components are described 
hereafter: 
7.4.1 Structure and Thermal Stress Analysis of a Turbine Rotor 
The material selected for turbine rotor is an Inconel alloy-718 because of its high 
tensile strength and its ability to withstand high temperatures. Fig. 7.1 shows a 
graphical plot of the mechanical properties of this alloy under various temperatures 
extracted from ReL [75]. 
FIG. 7.1 PHVSICAL PROPERTIES OF INCONEL ALLOV-718 
(PRECIPITATION HARDENED) 
A complete structrural and thermal stresse analysis and displacements for the turbine 
rotor running at the design speed of 600OOrpm was carried out. The output results 
were expressed in Von Mises equivalent stress(N/M') and the displacements in (m) as 
shown in Figs. 7.2 to 7.4. Fig. 7.4 gives the range of combined stress values in the 
turbine section and also shows that the maximum and minimum stresse values are 
equal to 0.765 x 109 Nlm 2 (765 MPa) and 0.119 X 107 Nlm 
2(1.19 Mpa) 
, 
respectively. The maximum stresses occur at the rotor centre while the minimum 
stresses occur at the rotor tip diameter d2 . 
DispIcement analysis showed that the 
maximum and mininmurn dispalcements are equal to 1.77mm and 0.13mm and both 
occured at the rotor tip and centre, respectively. These results indicate that the selected 
material for the turbine rotor, which is the Inconel alloy-71 8, is satisfactory and can 
withstand the combined stresses exerted on the rotor at the design conditions. 
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Load case 1. Structure Stress Analysis Von Mises 
Matenal Inconel Alloy-718 stresses 
Speed 60000 rpm (N/M2) 
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Load case 1: Structure Displacement Analysis 
Material - Inconel Alloy -7 18 
Speed 60000 rpm 
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FIG. 7.2 STRUCTURE ANALYSIS OF A SECTION OF A TURBINE ROTOR 
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Load case 2ý Therinal Stress Analysis 
Material Inconel Alloy-718 
Speed 60000 rpm 
Von Mises 
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Load case 2: Thermal Displacement Analysis 
Matenal - fnconel Alloy-718 
Speed : 60000 rpm 
Displacement 
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FIG. 7.3 THERMAL ANALYSIS OF A SECTION OF A TURBINE ROTOR 
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Load case 3 Combined Stress Analysis Von Mises 
Material Inconel Alloy-718 stresses 
Speed 60000 rpm (N/iii2) 
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Load case 3: Combined Displacement Analysis 
Material Inconel Alloy-718 
Speed 60000 rpm 
Displacement unit 
(in) 
FIG 7ACOMBINED STRUCTURE AND THERMAL ANALYSIS OF A 
SECTION OF A TURBINE ROTOR 
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7.4.2 Structure and Thermal Stress Anaylsis of a Compressor 
Impeller 
The material selected for the compressor impeller is Titanium Ti-6Al-4V (Grade 5). 
The Output ANsYS results are illustrated in Figs. 7.5 to 7.7. 
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Load case 1: Strucure Stress Analysis Von Mises 
Material Ti-6AI-4V (Grade 5), STA stresses 
(N/M2) Speed 60000 rpm 
Centre bore: 20 mm 
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Load case 1: Structure Displacement Analysis Displacement 
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FIG. 7.5STRUCTURE ANALYSIS OF A SECTION OF A COMPRESSOR IMPELLER 
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Load case 2: Thermal Stress Analysis 
Material Ti-6AI-4V (Grade 5), STA 
Speed 60000 rpm 
Centre bore: 20 min 
Von Mises stresses 
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Load case 2: Thermal Displacement Analysis 
Material - Ti-6AI-4V (Grade 5), STA 
Speed 60000 rpm 
Centre tx-)re: 20 min 
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FIG. 7.6 THERMAL ANALYSIS OF A SECTION OF A COMPRESSOR IMPELLER 
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Load case 3: Combined Stress Analysis 
Material Ti-6AI-4V (Grade 5), STA 
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Load case 3. Combined Displacement Analysis 
Material - Ti-6AI-4V (Grade 5), STA 
Speed : 60000 rpm 
Centre bore: 20 mm 
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FIG. 7.7 COMBINED STRUCTURE AND THERMAL ANALYSIS OF A 
SECTION OF A COMPRESSOR IMPELLER 
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Considering only Fig. 7.7 because it represents the outcome of combining Figs. 7.5 
and 7.6. It shows the range of stresses and their values in the impeller section. The 
maximum combined stresses occur near the impeller bore and its equal to 
0.661 x 109 Nlm' (661Mpa). The value of this stress is less than the maximum 
tensile stress of the material selected for the impeller which in this case Titanium Ti- 
6AI-4V. Displacement analysis of the same figure shows that the maximum 
displacement value occurs near the impeller tip and is equal to 0.373x 103 M 
(0.373mm). 
7.4.3 Modal (Vibration ) Analysis of the Rotating System. 
If a part or assembly experiences forced vibration (e. g. as a component of a rotating 
machine), the designer should determine the ranges of operating frequencies. 
Simulation is often used to ensure that the part/assembly exhibits no fundamental 
frequencies near these ranges. This is done by finding the fundamental frequencies of a 
part or an assembly and comparing them to the ranges of operating frequencies. 
Fundamental frequencies are also called the natural or resonant frequencies. Such a 
simulation is called a Modal Analysis, since its output is usually in the form of the 
mode shapes of the part/assembly at its fundamental frequencies. 
Fundamental frequencies play an important role in the design of dynamically loaded 
parts and assemblies. A part or an assembly experiencing forced vibration near 
its 
fundamental frequencies tends to vibrate with much greater amplitude than if excited 
at a sufficiently different frequency, resulting in resonance of the structure. 
In some 
cases, resonance can cause atomatic failure. However, even if resonance causes no 
damage, the increased vibration can give the appearance of low quality to an otherwise 
solid design. 
7.4.3.1 Working frequency 
The working frequency of the rotating system is calculated as 
follows: 
Rotational Velocity (w) =Nx (27r160) = 60,000 x (6.283/60) = 6283.18 rad1s 
Frequency ((f )= (o /2 7c = 6283.18 / 6.283 = 1000 Hz 
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The output results obtained by the simulation were shown in Figs. 7.8 to 7.10. These 
figures show the mode shape associated with each particular fundamental frequency. 
The contours represent relative displacement of the assembly as it vibrates. 
Mode Shapes & Fundamental Frequencies 
FIG. 7.8 FIRST MODE OF FREQUENCY AT 18.658 HZ (1119 RPM) 
0.000 Impeller Rotor N 
0.07" 
N 
0.234 
M 
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0.391 
0.469 
0.547 
0.625 
0.703 
Fig. 7.9 SECOND MODE OF FREQUENCY AT 421.49 Hz (25,289 RPM) 
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FIG. 7.10 THIRD MODE OF FREQUENCY AT 707.38 HZ (42,443 RPM) 
7.5 SUMMARY 
A complete anaylsis of the stresses and displacements in the individual components of 
the gas turbine engine have been undertaken. Also, a vibration anaylsis of the rotating 
system has been performed. A computer programme based on finite element method 
ANSYS, was used to analyse these stresses and the results have shown a safe stress 
level in the designed components and overall assembly. 
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CHAPTER 8 
PERFORMANCE PREDICTION OF SMALL GAS 
TURBINE 
8.1 INTRODUCTION 
From cycle analysis shown in Chapter 3, it is possible to determine the pressure ratio 
which, for any given maximum cycle temperature T03 31 Will give the highest overall 
thermal efficiency 7h., and the mass flow rate required to give the desired power. 
When such preliminary calculations have been made, the most suitable design data for 
any particular application may be chosen. It is then possible to design the individual 
components of a gas turbine. The problem then is to find the variation of performance 
of the gas turbine over the complete operating range of power output and speed. Any 
point within the performance range other than the design point is referred to as off- 
design point. 
The performance characteristics of the individual components may be calculated by 
means of analytical procedures, corrected by empirical coefficients or may be obtained 
by actual tests. When the components are linked together in an engine, the range of 
matching operating conditions for each component is considerably reduced. However, 
this range of operating conditions should satisfy the compatibility criteria, Le mass 
flow rates, work output and rotational speed between the various components. 
Satisfying these criteria for multi shaft engines is considerably more involved than for 
single shaft engines. The prediction method developed as part of the current work is 
restricted to a single shaft engine only. 
8.2 GAS TURBINE COMPONENT CHARACTERISTICS 
The variation of mass flow rate, pressure ratio and efficiency with rotational speed of 
the compressor and of the turbine is obtained from the compressor and turbine 
characteristics. The constructions of these maps are described hereafter. 
-166- 
M. EBAID CHAP TER 8 
8.2.1 Compressor Characteristics 
The performance characteristics of any compressor can be given in terms of these non- 
dimensional parameters: 
PO 2 To 1d2N 
po 1d2p 2 01 
ý-CP, Tol 
, 
The above parameters may be expressed graphically and the resulting plot would be 
the performance characteristics as shown in Fig. 8.1 and Fig 8.2. The data used in 
producing these plots were taken from actual test experiments on type 01 CAN 
compressor provided by Bhinder 121. 
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-167- 
M. EBAID 
CHAPTER 8 
C 
cz = 
1.00 5U lkgK 
p 
To, = 288'K 
d2 
= 72.3mm 
2.3 Efficiency fines 
2.1 
1.9 
1.7 
850, 
1.5 1.0. - ,I---I 8000( 
5000 1.3 0000 
- 0ý00 -50000 
7 
40000 s N 30000 ýpeed ltneý 0.9 
0 0.05 0.1 0.15 0.2 0.25 0.3 
'ý' a pa 
TO 
I MASS FLOW PARAMETE 
d2 2 Po 
I 
FIG. 8.3 COMPLETE PER-FOPAIANCE CHARACTERISTICS OF A COMPRESSOR 
8.2.2 Turbine Characteristics 
The performance characteristics of a turbine, like those of the compressor can be 
described by the following non-dimensional parameters: 
PO 3 'ýh, %KpgT03 d2N 77t, 2 dT PO 42 P03 
vc 
pg '03 
Here, the turbine cycle notation are used suffixes 3 and 4 and denote the turbine inlet 
and outlet conditions, respectively. 
The performance characteristics are normally expressed by plotting turbine efficiency 
)7t and mass flow parameter lhýCJ031d 2 ainst pressure ratio fo r 2 
P03 ag ' P03 IP04 
various speed parameters d, NIVCPgT. 3 as shown 
in Fig. 8.4 and Fig. 8.5. These 
parameters can be cross-plotted to obtain the complete performance map of this 
turbine. The data used in the figures above were extracted from actual tests provided 
by Bhinder 121 on iFR turbine fitted with a nozzle-less casing. 
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8.3 GAS TURBINE COMPONENTS MATCHING 
When the main components of a gas turbine engine are linked together, the 
compressor-turbine combination on the same shaft would raise some difficult 
problems, because it is necessary to operate with good efficiency and ensure that the 
compressor would not go into surge. Moreover, the range of possible operating 
conditions for each component is considerably reduced. Hence there is a problem to 
find the corresponding operating points on the characteristics of each component when 
the engine is running at a steady speed, or in equilibrium as it is frequently termed. The 
equilbrium. running points for a series of speeds may be plotted on the compressor 
characteristics and joined up to form equlibrium lines or zone depending upon the type 
of gas turbine and load. The design point values are elements of this zone which yeilds 
the best thermal effieciency. Any point in this equilibrium zone other than the design 
point represents an off-design condition. The design and off-design conditions of the 
turbine-compressor combination (matching) are illustrated and explained in the 
following sections. 
8.3.1 Conditions for Component Matching 
The following conditions must be satisfied for good turbine-compressor matching 
L Compressor speed = turbine speed 
ii. Gas mass flow through turbine = air flow through compressor +fuel mass flow 
iii. Inlet and exhuast pressure losses are ignored. 
iv. The pressure drop across the turbine is determind by the compressor pressure 
ratio and the pressure loss in the combustion chamber ý,,. 
The second condition is subject to modification in that it is common practice to bleed 
air from the compressor at various stations to provide cooling air for bearings and disc 
cooling. Very often it is sufficiently accurate to assume that the bled air equals the 
fuel 
flow and therefore the mass flow is constant throughout the turb ine-com pressor 
combination. It should be noted. however, that a radial turbine rotor does not have 
blade cooling, but the assumption may be applied without seriously affecting the 
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results. For the third condition,, -:::: p and for the last condition 
PItm 
01= 
P04 
P03 = (1 - 
ýcc )P02 
* 
8.3.2 Graphical Method of Components Matching 
The steady state operation of gas turbine engine used for electrical power generation 
can be achieved by the matching of its compressor and turbine. In order to match the 
compressor and the turbine, that is, by superimosing the turbine performance map on 
the compressor map, it is necessary that the above conditions have to be met, and this 
is done by unifying the corresponding parameters of both axes, Le the abscissa and the 
ordinate of both the compressor and the turbine maps to give the same parameters as 
described hereafter. 
8.3.2.1 The compressor 
For the mass flow parameter VCP. TO I , the abscissa axis of the compressor 
-(' 
Pol 
characteristics map for matching is transformed into: 
'ha CpaTo I d2CN 
d2 2 PO I 
vcpa 
T,, ý 
[d2c 
Pol 
The resulting term 
[d2CPOI 
is referred to as the mass flow matching parameter. For 
the pressure ratio parameterP02/POI 9 the ordinate axis remains the same. 
Once these 
tranformation are made, then the compressor characterisitics map is plotted again 
based on these new parameters as shown in Fig. 8.7. 
8.3.2.2 The turbine 
For the mass flow parameter 
th g NFC pg 
T03 
, the abscissa axis of the 
tur ine 
d2T 2 PO 3 
characteristics map for matching is tranformed into: 
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9 
ýCpgTO3 
d 21, N P03 d2l 2 d2T P03 V -Cp 
gTO3 
] 
P04 
[ 
d 2C d 2UP 04 
(8.2) 
By satisfying the conditions of matching, i. e, th, = thg and PO I= 
P04 
. Then the mass 
flow matching parameter of the turbine 
[d 
P which 
is developed from equation 
2C 04 
8.2 would be the same as the compressor matching parameter rhaN dP 
I 
2C 01 
For the pressure ratio P02 
/PO 
I, the ordinate axis of the turbine characteristics map for 
matching is transformed into 
p03 ][ ][ p04 1=[ p02 ] 
(8.3) 
[ 
P04 ,- ýc(- PO 
1 PO 1 
Note that P03 =: 0- ýcc )P02 and P., = PO, 
Once these tranformations are made, then the turbine characterisitics map is plotted 
again based on these new parameters as shown in Fig. 8.8. 
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It can be concluded from the graphical plot of the compressor and the turbine 
performance maps in Fig. 8.7 and Fig. 8.8 that the abscissa and the ordinate of these 
maps are the same. Therefore, the turbine map can now be superimposed on the 
compressor map to produce a complete matching map of the combination as shown in 
Fig. 8.9. It is important to know that this matching map will provide a quick method 
for predicting the performance of the matched components at the design and off-dsign 
conditions. 
8.3.2.3 The turbine inlet temperature lines 
The turbine inlet temperature T03 values can be calculated using the speed parameter, 
Sp = d2 1, N/ý c-- 
-PTO3 either at the points of intersection of speed lines of the turbine 
and compressor or at any point on the matching map, Fig. 8.9 over the full range. 
Hence, turbine inlet temperature lines can be drawn for any value as shown in Fig. 
8.10. 
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Studying the matching map characteristics in Fig. 8.9, the following can be deduced: 
i. The operating range of the the engine. 
H. Whether the engine is operating in a region of adequate compressor and turbine 
efficiencies 
iii. The proximity of the operating points to the compressor surge line. 
iv. The maximum inlet temperature at the operating point of the turbine. 
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8.4 SUMMARY 
CHAPTER 8 
Analysis of the performance prediction of small gas turbine unit has been presented in 
the current Chapter. Based on the individual performance map of both the compressor 
and the turbine, a complete performance matched characteristics map of the engine has 
been developed and presented. 
It should be mentioned that the work carr ied out in this Chapter was a joint effort 
between the author and Qusai Al-hamdan. 
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CHAPTER 9 
MANUFACTURE OF GAS TURBINE COMPONENTS, 
INSTRUMENTATION AND CONSTRUCTION OF THE 
EXPERIMENTAL FACILITY 
9.1 MANUFACTURE OF GAS TURBINE COMPONENTS 
Introduction 
In the preceding chapters, the design details of gas turbine components including the 
compressor, combustion chamber, bearing assembly and power transmission shaft 
have been given. In order to verify the performance of these components, it was 
necessary to build a test cell facility comprising the gas turbine engine and the 
accessories to carry out the experimental work. To achieve that, the main components 
of the engine were manufactured apart from the combustion chamber liner and the fuel 
atomizer, both were adapted from an existing auxiliary power unit type GTCP85. In 
doing so, factors such as the selection of suitable materials, type and ease of 
manufacturing (cast or machined) were considered when preparing the final design. 
In the following subsections, the material requirements and the type of manufacturing 
for each major component of the gas turbine engine are described. 
9.1.2 The Manufacture of IEFR Turbine Components 
9.1.2.1 Turbine rotor 
IFR turbines (the rotor and the casing) are normally exposed to high temperature 
approaching up to 1500K. For the turbine rotor, the characteristics required for long 
life, high temperature services are high creep and rapture strength, resistance to hot 
corrosion, oxidation, good fatigue strength and low thermal expansion. To meet these 
requirements, materials currently used are almost exclusively Nickel-base alloys such 
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as Inconel (Nick le-Ch rom ium alloys), Nimonic (Nickle-Chromium alloys and Nickle- 
Cobalt alloys), Incoloy (Nickle-Iron-Chromium alloys) and others. Detail 
specifications of these alloys are found in Special metal product hand book [751. The 
results of the stress, thermal and vibration analyses, which have been carried out in 
Chapter 7, indicate that the selection of Inconel alloy-718 material for the turbine 
rotor satisfies the design criteria of tensile strength and high temperature. 
Method of manufacturing plays an important part in the design requirements. In the 
current work, there was an option for machining or casting the turbine rotor but 
machining was preferred to casting, because the latter will be more costly for one-off 
component. The turbine rotor was machined using five axes computerized numerically 
controlled (CNQ machines to do the work accurately. The rotor was manufactured by 
Turbocam Company [761 and the machined component is shown in Fig. 9.1. 
FIG. 9.1 TURBINE ROTOR MACHINED FROM INCONEL ALLOY-718 
9.1.2.2 Turbine casing 
The design of the turbine volute casing revealed that the casing is subjected to less 
tensile stress, thermal and vibration loading. Again, casting of the nozzle-less casing 
was considered to be too costly for one off component. Therefore, machining was 
considered as an alternative option. Stainless steel alloys 304L was selected 
for the 
manufacture of the casing. Once the decision was made to machine the casing, the 
design was altered to suit the manufacturing process, and to make 
it possible. To do 
that, the turbine casing was made into two parts; the volute and the casing cover. The 
casing was manufactured by the Exact Engineering Ltd 177] and the machined parts 
of the casing are shown in Fig. 9.2. 
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9.1.3 The Manufacture of the Centrifugal Compressor Components 
9.1.3.1 Compressor impeller 
Compressors are usually subjected to low temperatures as compared to turbines. The 
requirements for compressor impeller material are lightweight to reduce stresses, 
fatigue strength, corrosion and erosion. Titanium alloys is a material favourably used 
for impeller manufacturing due to its low density, which make it light and high fatigue 
strength. Even though Titanium material is costly compared to other materials, it was 
considered in this research work because it meets the design requirements regarding 
tensile and thermal stresses, high fatigue strength. Also, its good ductility and 
toughness was an advantage over the other types of materials. The type of material 
chosen was Titanium Ti-6AI-4V. The impeller was machined at Turbocam 
Company [76] as shown in Fig. 9.3. 
FIG. 9.3 COMPRESSOR IMPELLER MACHINED FROM TITANIUM 
TI-6AI-4V, GRADE 5 
9.1.3.2 Compressor casing 
For the compressor casing, it was decided to machine it to reduce the cost compared to 
casting for one off component. Therefore, Aluminum alloys, type 7075 was used 
for 
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machining the turbine casing because of its lightweight and ease of manufacturing. To 
achieve this purpose, the casing was designed to be manufactured of three parts, 
namely the vaneless diffuser, the volute and the casing cover. Again it was 
manufactured at Exact Engineering Ltd [771. The machined components of the 
centrifugal compressor casing are shown in Figs. 9.5,9.6 and 9.7, respectively. 
FIG. 9.5 COMPRESSOR CASING COVER MACHINED FROM ALUMINUM 
ALLOY-7075 
FIG. 9.6 VANELESS DIFFUSER MACHINED FROM ALUMINUM ALLOY-7075 
FIG. 9.7 COMPRESSOR VOLUTE MACHINED FROM ALUMINUM ALLOY-7075 
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9.1.4 The Manufacture of Power Transmission Shaft Assembly 
The shaft-bolt assembly was designed as described previously in Chapter 6 to connect 
the rotor and the impeller and to accommodate the selected bearings. The material 
chosen for the shaft and the bolt must be identical so that when both subjected to 
various loading conditions, similar effects would result. The chosen material was 
stainless steel (H900. The hollow shaft and the bolt were manufactured at Exact 
Engineering Ltd [80] and the machined components are shown in Figs. 9.8 and 9.9. 
Ljii 
FIG. 9.8 HOLLOW SHAFT FIG. 9.9 MAIN BOLT 
9.1.5 The Manufacture of Bearing Housing 
The bearing housing was designed to seat the bearings and lubricate the rotating 
system efficiently. Again, machining the housing compared to casting was a suitable 
choice when factors such as cost, time and tolerances are considered. The type of 
material chosen was stainless steel alloy (H900). The machined component of the 
bearing housing is shown in Figs. 9.10. 
FIG. 9.10 BEARING HOUSING MACHINED FROM STAINLESS STEEL ALLOY, H900 
INCLUDING THE OIL PORTS FOR LUBRICATIONS 
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9.1.6 The Manufacture of Combustion Chamber Casing 
As mentioned earlier, the combustion chamber liner and the fuel atomizer excluding 
the casing were adapted from an existing auxiliary power unit type GTCP85- The 
combustor liner is shown in Fig. 9.11. 
FIG. 9.11 SINGLE CAN COMBUSTOR LINER ADAPTED FROM AN EXISTING 
AUXILIARY POWER UNIT TYPE GTCP85 
The combustion chamber casing has to be machined from stainless steel alloy 
material (H900) to resist the high temperature with high accuracy. The machined 
component of the combustor casing is shown in Figs. 9.12. 
FIG. 9.12 COMBUSTOR CASING MACHINED FROM STAINLESS STEEL 
ALLOY, H900 
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The complete assembly of the combustion chamber is shown in Fig. 9.13. 
FIG. 9.13 COMBUSTION CHAMBER ASSEMBLY 
9.1.7 The Manufacture of the Air Duct 
The air duct, which connects the compressor outlet and the combustion chamber inlet, 
was made of two parts. For compact design, the air duct is curved smoothly and 
designed of circular cross-section to fit the assembly and to reduce pressure losses. To 
achieve that. ) the air 
duct was machined from a mild steel alloy material that resists 
moderate temperatures of the pressurized air out of the compressor. This component 
was manufactured at the Royal Scientific Society [781 as shown in Figs. 9.14. 
FIG. 9.14 VIEW OF AN AIR DUCT MACHINED FROM MILD STEEL ALLOY 
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9.1.8 The Manufacture of the IFR Turbine Outlet Duct 
The outlet duct assembly was made of two parts, the first part was the interface flange, 
which was made of a steel type 42CD4 (AISI: 414o) and fitted between the IFR turbine 
casing and the conical diffuser. The second part was the conical diff-user, which was 
selected from an existing auxiliary power unit GTCP85 and fitted with straightners 
inside to direct the exhaust turbulent flow. The diff-user was made of steel sheet metal. 
The machined components of the outlet duct parts were manufactured at the main 
workshops at the Jordan University for Science and Technology [791. The machined 
components are shown in Figs. 9.15 and 9.16. 
FIG. 9.15 INTERFACE FLANGE MACHINED FROM STEEL TYPE 42CD4 (AISI: 4140) 
FIG. 9.16 STRAIGHTNERS 
I IýIIALI-. 
FIG. 9.17 CONICAL DIFFUSER 
The complete assembly of the outlet duct is shown 
in Fig. 9.18. 
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FIG. 9.18 COMPLETE ASSEMBLY OF THE IFR TURBINE OUTLET DUCT 
9.1.9 The Manufacture of the Trailer Assembly 
The trailer base as shown in Fig. 9.19 was manufactured at Al-Hussein Main 
workshop. It was designed to carry out the gas turbine engine, to accommodate the oil 
and fuel systems, the ignition system with batteries. 
FIG. 9.19 TRAILER ASSEMBLY 
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9.1.10 Gas Turbine Assembly 
The engine assembly was carried out at the workshops of the Royal Air Force at 
Azraq base. The complete engine is shown in Fig. 9.20. 
FIG. 9.20 SMALL GAS TURBINE ENGINE ASSEMBLY 
9.2 INSTRUMENTATION OF THE TEST FACILITY 
The function of the instrumentation system is to inform the operator of the events 
taking place inside the small gas turbine test rig. The internal functions of these 
components such as pressure, temperature, mass flow and rotational speed are of 
concern to the turbine user to provide an indication of the turbine performance and to 
keep the operator apprised of the critical measurements such as exhaust temperature, 
vibration. In this work, various types of instruments were used to measure pressure, 
temperature and mass flow at various locations of the experimental test rig. For 
accurate and reliable measurements, the specified instruments were calibrated. The 
calibration was carried out in the Royal Jordanian Calibration Laboratory. Each 
instrument has been calibrated in accordance to its specifications. 
9.3 BALANCING OF THE ROTATING ASSEMBLY 
It was necessary, before assembling the 1FR turbine and the compressor together to 
balance the rotating assembly to ensure safe operation and to eliminate any serious 
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vibration effects. The balancing process was carried out at Schenck Company [801 
and the balancing procedure is described below: 
The primary process balancing of the individual components was carried out using 
wax material. This was to insure the tolerances based on balance quality grade G2.5 
according to ISO 1940/1 is met. Results showed poor repeatability, therefore certain 
modifications on the components were made to meet the required tolerances. These 
modifications were: 
i. The main bolt had to be reduced in length by I mm to allow the turbine to 
tighten on the main shaft before bottoming in the turbine. 
H. The hearth coupling between the turbine and the main shaft was modified by 
adding flats to the main shaft to allow a higher torque to the main bolt. 
The balancing process started with the main shaft. The turbine rotor then fitted to the 
main shaft with a torque of 40 Nm . Readings and repeatability checks were carried out 
for all positions of the turbine rotor relative to the main shaft. The position of the best 
repeatable reading was selected and the turbine rotor was dynamically balanced. It was 
then match marked relative to the main shaft as shown in Fig. 9.21. 
The impeller was then fitted to the main shaft and index balanced in single plane on 
the back face. A single static correction was used, as there was no sacrificial material 
on the nose end of the impeller. Finally, the complete assembly was then trim 
balanced. 
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9.4 CONSTRUCTION OF THE EXPERIMENTAL FACILITY 
The construction of the experimental test facility was carried out at A]-Zaraq air force 
base. The work was divided into three sections: 
i. The assembly of gas turbine engine. Fig. 9.22 features the sequence of 
assembling the engine. 
ii. The construction of the mechanical systems (fuel, oil and starting systems). 
iii. The positioning of the measuring instruments. 
The first part was completed. The second part was not completely constructed due to 
time limitation. However,, It should be mentioned that both the fuel pump and the oil 
lubrication pump were selected from an existing auxiliary power unit type GTCP85- 
Both pumps were coupled together directly and tested by a driven an a. c motor running 
at 40OOrpm as shown in Fig. 9.23. For the third part, preparations for positioning the 
measuring devices were carried out and placed on the engine. The diagram given in 
Fig. 9.24 shows the locations for measurements of pressure, temperature, mass flow 
rate, fuel flow and rotational speed. 
9.5 EXPERIMENTAL WORK OF THE GAS TURBINE ENGINE 
It was described in the preceding sections the manufacturing of the gas turbine 
components based on the design results given in Chapters 4 and 5 and the 
construction of the test facility. The overall scope of the experimental work can be 
discussed under three main headings: 
i. Preliminary tests dealing with the commissioning of the engine and fault 
rectification to ensure successful operation. 
H. Commissioning of the mechanical systems such as fuel and oil systems, 
starting and ignition systems. 
Final tests describing the measurements for obtaining the steady flow 
performance characteristics of the turbine. 
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FIG. 9.24 THE LOCATION OF VARIOUS MEASURING DEVICES OFTHETESTRIG 
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9.5.1 Preliminary Tests of the Engine 
The test rig was a complex system incorporating completely untested components. It 
was, therefore, very important to carry out preliminary tests of the engine to gain some 
experience with regard to operating sequence, safety and the performance of various 
components. The first test was to run the engine on cold air in order to reach the design 
speed of 600OOrpm. The speed was measured using a magnetic pick-off and digital 
frequency meter. Several runs were carried out for a short time and the supply of air 
was provided from an existing auxiliary power unit as shown in Figs. 9.25. 
The second and third part of the experimental work faced some difficulties due to the 
time limitation of this research work and other issues outside the researcher capability. 
Therefore the experimental work was not completed as it was expected. 
Fig. 9.25 ENGINE UNDER COLD RUN TEST FROM THE TURBINE SIDE 
9.6 SUMMARY 
A complete gas turbine engine components have been manufactured and assembled. 
The manufacturing process of various components were based on the design 
procedures described in earlier Chapters. Balancing of the individual components of 
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the rotating system and the complete assembly has been carried out. The engine was 
fully instrumented on a test rig. Cold run has been successfully accomplished 
according to the specified design conditions and performance experiments were not 
completed due to time limitations. 
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CHAPTER 10 
RESULTS AND DISCUSSION 
10.1 INTRODUCTION 
The airn of this research programme was to design, develop and test a small gas turbine 
to drive directly a permanent magnet alternator. Therefore, the work consisted of 
theoretical analysis and performance optimisation studies including the problems of 
turbine-compressor matching. The necessary practical work involved the construction 
of a complete gas turbine. The scope of the experimental work was to commission and 
run the engine under design conditions. 
Based on this, theoretical investigation was undertaken and several technical and design 
issues regarding the components of the gas turbine were resolved. The author believes 
the successful outcome of the current study will make a significant contribution to the 
topic. 
For the experimental part, the ambition was to carry out detail experimental work on 
the engine, but the outcome was not as expected due to the time limitation, techniacal 
and administration issues. Inspite of these limitations, the complete gas turbine was 
manufactured, assembled and commissioned for a cold run up to design speed. 
In this chapter the final results of the theoretical and experimental work of this research 
programme are reported. The results and discussion have been divided into six main 
sections, namely: 
i. The results of parametric studies of the gas turbine cycle, the design of IFR 
turbine and the centrifugal compressor. 
ii. Optimisation Of the geometric and aerodynamic parameters for the IFR turbine 
rotor and centrifugal impeiler. 
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iii. Optimisation of the axial length and the design of the flow passage for the IFR 
turbine rotor and centrifugal impeller. 
iv. Stress and vibration analysis. 
iv. Turbine and compressor matching. 
V. Experimental work. 
10.2 DISCUSSION OF RESULTS OF PARAMETRIC STUDIES 
Theoretical investigations of the effect of variable operating conditions on gas turbine 
performance and the study of geometric and aerodynamic variables on the design of 
inward flow radial turbine and centrifugal compressor were undertaken. In order to 
study the influence of these variables on the overall turbine's performance parameters 
and on each other, analytical models were developed as described in Chapters 3 and 5. 
These models demonstrated graphically the effects of the values of these variables over 
a wide range of turbine and compressor operating conditions. This information was 
used for the design of turbines and compressors by identifying important design 
parameters and their values. Studies based on developing and using analytical models 
are termed as parametric studies. The results of this parametric study for the following 
topics are discussed hereafter. 
10.2.1 Parametric Results of Gas Turbine Cycle 
The thermal efficiency, specific fuel consumption and the specific work output can be 
used to describe the gas turbine cycle performance. A computer program was written to 
solve equations 3.1 to 3.8 derived in chapter 3 for each set of turbine inlet temperature 
and pressure ratio. A flow chart of the programme to calculate the specific fuel 
consumption and the thermal efficiencies is given in Fig. A. 1 of Appendix [A]. 
The results were used to plot Figs. 10.1 and 10.2 to describe the performance 
parameters of a simple gas turbine cycle, i. e. specific fuel consumption SFC, cycle 
thermal efficiencyqh and the gas turbine net specific work output W,. 
-194- 
M. EBAID CHAPTER 10 
Figure 10.1 shows that SFC reduces with increased turbine inlet temperature and 
cycle pressure ratio simultaneously. The peak cycle greater than 1200 K would not be 
practica due to metallurgical limit of the turbine material. 
DESIGN DATA 
m. = lkgls LCV= 43324kflkgK 
= 0.87 Cpý = 1.00 5kflkgK 
2.5 rk =0.85 Cps = 1.15 5k-JlkgK 
q, = 0.98 0=0.9 
=1.4 1.33 
2.0 
;. T. 1.0 Pýý. 3 
- Trowo K------ 
900 K 10130 K 1100 K--- 1208 
. ................................... go 101,9 140 1 . 180 
.0 240 0 
TT I' I IT (KJ/Kg/s) CYCLE NET SPECIFICNVORK 11 
FIG. 10.1 THE EFFECT OF PRESSURE RATIO AND TURBINE INLET 
TEMPERATURE ON CYCLE NET SPECIFIC WORK OUTPUT 
AND SPECIFIC FUEL CONSUMPTION 
Figure 10.2 shows that cycle thermal efficiency increases with increased turbine inlet 
temperature and cycle pressure ratio simultaneously. It also shows that the maximum 
efficiency point and the maximum specific work point, at each constant temperature or 
pressure ratio, are different, as clearly illustrated at T, = 800 K. The design choice can 
either favour the maximum efficiency (industrial applications with low operating cost) 
or maximum specific work (military applications with low capital cost) or any other 
point that may represent the optimum choice for a particular application. 
DESIGN DATA 
m. = lkgls LCV= 43324kflkgK 
q, = 0.87 Cpý = 1.00 5kflkgK 
rk =0.85 Cps = 1.15 5k-JlkgK 
q, = 0.98 0= 0.9 
yý =1.4 ý/, - 1.33 
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2t- 
1300 K 1200 K 
1000 K 
goo K 
Tl---500 K 
12 
Pr--2 
DESIGN DATA 
lh I kg1s LCV 43324 kJlk-gK ý 0.87 Cý 1.005kJ11k-gK 
0.85 c 1.155kJ/A-gk 
pg 
0.98 0.9 
1.4 
140 160 iso 200 22-0 
CYCLE NETSPECIFICNVORK OUTPUT (K. J/Ka/s) 
FIG. 10.2 THE EFFECT OF PRESSURE RATIO AND TURBINE INLET 
TEMPERATURE ON CYCLE NET SPECIFIC WORK 
OUTPUT AND CYCLE THERMAL EFFICIENCY 
10.2.2 Parametric Results of Inward Radial Turbine Design and 
Performance 
10.2.2.1 The effect of operating conditions on the performance of IFR turbine 
The analytical model developed in equation 3.21 is quite important as it gives a simple 
relationship between the dimensionless specific torque ST, the velocity ratio U2 IC', , the 
total-to-total efficiency t7, -, and 
the turbine pressure ratio P, IP, which is an important 
independent variable. 
For moderate pressure ratio, the isentropic efficiency q, -, 
is normally almost 
independent of the pressure ratio and can be assumed to be a unique function of the 
velocity ratio. Hiett and Johnston [811 and Hiett and Palmer [821. A typical i7, _, 
versus u 21c, diagram is shown 
in Fig. 10.3. 
-196- 
DESIGN DATA 
I kg1s LCV 43324 kJlk-gK 
0.87 Cý 1.005kJ11k-gK 
0.85 cpg 1.155kJ/A-gk 
0.98 0.9 
1.4 
-A 
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However, the maximum value of q, -, and 
the shape of the 77, -, versus U2 
ICs curve 
depends on the aerodynamics design of the turbine. However, once the maximum 
efficiency has been fixed, the shape of the 77, -, versus U2 
1C., for the IFR turbine 
assemblies does not alter significantly. 
I-- -- -- -- -- T- 
0.9 
0.8 
0.7 
u 
0.6 
0.5 
0.4 
0.3 
C 0.2 
0.1 
0 
0 0.1 0.2 0.3 04 0.5 0.6 0.7 0.8 0.9 1 1.1 1.2 
VELOCITY RAT'(: )(U2/Cs) 
FIG. 10.3 A TYPICAL TOTAL-TO-TOTAL EFFICIENCY )7t-t VS. VELOCITY 
RATIO U, IC, CHARACTERISTICS FOR SMALL GAS TURBINES 
Three computer programs were written to solve equations 3.17,3.20 and 3.21 for each 
set ot pressure ratio PIP, , velocity ratio U2 
ICs 
, and speed parameter 
d 2NIVCPT, 
Flow charts of these computer programmes were given in Figs. A. 2 to AA of 
Appendix [A]. The output results were then used to plot Figs. 10.4 to 10.6 from which 
the following observations were made: 
i. Figure 10.4, ( U2 /Cv versus Pj1P, ) shows that for pressure ratios less than 2: 1 
the lines of constant speed parameter d, NIV-CPT, become very steep, 
consequently the range of pressure ratios for which 0.70 ý! 
L'L > 0.65 is 
CS 
considerably reduced. Furthermore, for pressure ratios greater than 2: 1, the lines 
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of constant speed parameter d2NIV-C 
,, 
T, become fairly flat. This implies that 
turbine can withstand large pressure fluctuations at constant speeds without loss 
in efficiency. This is because an accelerating flow can operate over a fairly wide 
range of incidence relative to the actual blade angles without significant flow 
disruption. 
ii. Figure 10.4 also shows that at d2NIIC-PT, equal to 0.16, good efficiency can 
be maintained over a range of pressure ratio between 3.5 to 4.1 where the 
values of 0.70 L' >- 0.67. 
C, 
1 8 
. 
1.6 Sp 
'Výcf I 
1.4 
Design Range 
1.2 
1.0 
S,, = 0.24 
0.8 S, = 02 
0 6 --- Sý= 0 16 
. 
ýl 
-- PO - -- -4ý 1 
Sý = 0.12 
0.4 -I- 
ý, 
= 
S,, = 0,08 
U - S, = 0.04 
0 
1.5 2 2.5 3 3.5 4 4.5 5 
TOTAL STAGNATION PRESSURE WLTIO 
(Pi /Pl )I 
FIG. 10.4 THERMODYNAMIC RELATIONSHIPS BETWEEN PRESSURE RATIO 
VELOCITY RATIO AND DIMENSIONLESS SPEED PARAMETER 
iii. Figure 10.5, z1drhVCPT, versus PIP, reveals that the specific torque rises 
rapidly for pressure ratios less than 2.5, but as pressure ratios increase beyond 
2.5, the slope of constant U21c., and constant d2NIVCPT, curves decreases 
and become fairly flat. Also, it can be seen that specific torque (ST) reduces as 
the speed parameter and velocity ratio increased at constant pressure ratio. 
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Specific torque Speedparameter Velocity 10 s 
. 
04 
d2N 
s I'R , 7,, T, 0.50 
STýd -" -- eV-, 
P 2-ýC), 
T., 
0-40 A 
------------------ 
12 
0.30 
------------- 10 
---------------- 
0.20 VR 0-4 
VR -6 
S-). 24 
VR ............. 0.10 
VR 
0.00 
1.50 2.00 2.50 3.00 3.50 4.00 4.50 5.00 
PRESSURE RATIO(P, /P, ) 
FIG. 10.5 SPECIFIC TORQUE, VELOCITY RATIO, SPEED PARAMETER AND 
PRESSURE RATIO CHARACTERISTICS OF AN IFR TURBINE 
BASED ON FIG. 10.3 
iv. Figure. 10.6, (q, 
-, versus 
PIP, ) shows that for a single stage IFR turbine for 
pressure ratios above 2.5 and for a range of constant speed parameter curves 
(d2NIýC,, T, ) between 0.14 to 0.20. ) the efficiency 
is fairly constant. This means 
that the efficiency is less sensitive to either pressure or speed changes in this 
range. 
FIG. 10.6 EFFICIENCY, PRESSURE RATIO AND DIMENSIONLESS SPEED 
CHARACTERISTICS BASED ON FIG. 10.3 
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It must be emphasized at this point that the trends of these graphs depend on the 
function (q, 
-, vs. U21Cs 
). Therefore, this function must be regarded as the most 
important single relationship that together with function z-/d2 'ý' XpT VS' P, /P, defMes 
the performance characteristics of an IFR turbine. The trend of the 77, _, vs. u., 
1c, curve 
and the valueof U21c,, at which maximum efficiency may be achieved depends on the 
choice of turbine design variables. 
10.2.2.2 The effects of rotor design variables on the turbine performance 
i. Degree of Reaction Parameter R 
The solution to equation 3.29 was achieved with the aid of a written computer 
programme. The programme flow chart is shown in Fig. A. 5 of Appendix [A]. The 
graphical presentation of the output results is shown in Figs. 10.7 and 10.8. From these 
figures, the following observations can be made: 
Figure 10.7 shows that as the values of diameter ratio d, ld2 vary from 0.4 to 0.6 and 
a2 changes from 10' to 25', the degree of reaction varies from 0.46 to 0.68. Similarly, 
the degree of reaction varies from 0.43 to 0.59 asAchanges from to 25' to 45*. 
0.70 
0.65 
ctý 
0.60 
0.55 
0.50 
0.45 
0.40 
Design % alue for absolute llmý angle 
01, =go' at rotor exit 
01=45deg. 
777 
--431-40 
(Y 1'' ------ 
OL2 15 i=35 
a1 20 
30 
-'S 
0.40 0.45 0.50 0.55 0.60 
DIAMETER RATio(d, Id, ) 
FIG. 10.7 RELATIONSHIP BETWEEN ROTOR GEOMETRIC DESIGN 
VARIABLES AND THE DEGREE OF REACTION 
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This is clearly contradiction of the widely believed theory that fixing the blade inlet 
angle 8, -, 
to 900 tantamount the degree of reaction. It also shows that for all values of 
a2 , the degree of reaction increases more rapidly with increasing d, Id2 for A greater 
than 3 5'. 
Figure 10.8 shows that for constant dld2 and A, the degree of reaction decreases as 
a2 increased. Since with constant dld2 and A, the discharge velocity triangle would 
remain unchanged, therefore the difference between the inlet and outlet relative 
velocities would be reduced as a consequence of increasing the gas angle a2 . The 
degree of reaction R depends on the difference between the values of the inlet and 
outlet velocities, which, in turn, are a function of the static enthalpy change in the rotor. 
Figure 10.8 also indicates that for A less than 30' and d, ld2 less than 0.4, 
approximately 50%, reaction would be achieved only if a2 is kept below 10' . Since 
for 
best efficiency is when a2 = 17' to 2 1'. Therefore, the lower and higher limit of d, Id2 
and A is set at 0.42,0.56 and 30', respectively. 
0.7 - 
0.65 
0.6 
0.55 
0.5 
0.45 
0.4 
0.35 
d.: Oý6 
di/&= 0.5 
10 
[1) 45 
pi-45 
pi=45 
Pi=30 
15 20 25 30 
ABSOLUTE FLONVANG LE AT ROTOR INLET (a2) 
FIG. 10.8 EFFECT OF INLET GAS FLOW ANGLE, a2 ON DEGREE OF REACTION 
R AT CONSTANT RELATIVE FLOW ANGLE, 8, AND MEAN DIAMETER 
TO INLET DIAMETER RATIO, d, ld, 
Design values Mi 90 deg. 
P2 85 deg. 
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Increasing A beyond 45', unless accompanied by corresponding increase in a2 'would 
produce high reaction, excessive leaving loss, and consequently low efficiency. This 
result agrees well with the analytical work carried out by Chen et al [181. They have 
reported that increasing A beyond 45'would increase both relative and absolute flow 
velocities and hence internal and leaving loss and consequently produce low efficiencies. 
3p Torque parameter (z-ld 1 21) 
Equation 3.41 shows that the design torque parameter is directly proportional to the 
product of dimensionless mass flow rhýC-PT 
Id2 2 
1ý and speed parameter d2NIVC-PT, , 
respectively, if only the relative flow velocity 62coincide with blade angle 82, at rotor 
inlet,, i. e. A -'::: 182b 7'- 90' * 
-, 8, =85- --------- 8,90, 
a, 90' a, 90' 
0.02 - 
0.018 
sp '- -0.18 
0.016 - 0.16 
Oý014 0.14 
0.012 0.12 
rl u 0.01 0.10 
u 0.008 
0.006 
0.004 - 
0.002 
0.01 0.03 0-05 0.07 0.09 0.11 
MASS FLOW PARAMETER 
#lg ýCJ03 
d, 'PI)3 
FIG. 10.9 RELATIONSHIP BETWEEN SPECIFIC TORQUE AND MASS FLOW 
PARAMETER FOR VARIOUS VALUES OF SPEED PARAMETERS 
Therefore reducing the incidence loss to a minimum will produce higher power output 
as shown in Fig. 10.9. The permissible levels of mechanical and thermal stresses 
in the 
rotor, limit the value of blade tip speed U2 and turbine inlet temperature T,. 
Once these 
two values are specified, then the upper limit of d2NIVCPT, can 
be specified. 
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10.2.2.3 Relationship between rotor aerodynamics and geometric variables at 
various inlet design condition 
i. The effect of absolute flow angle on absolute flow Mach number at various 
pressure ratios 
The solution equation 3.55 to determine the valueof M2 for various values of PIP, 
with a2 as a parameter was achieved by runing a computer programme. The flow chart 
of the programme is presented in Fig. A. 6 of Appendix [A]. The output results are 
plotted as valuesof M2 versus P, IP, for various values of a2 as shown in Fig. 10.10. 
1 2 - . . II 
u2 
ICs 
= 0.67 CHOKING CONDITION a2 30 
1*1 - )62 = 85 deg a2 
25 
a2 20 
a2 15 
---------------- 
0.9 
0.8 
0.7 
0.6 
0 5 . 1 .52.0 
2.5 3.0 3.5 4.0 4.5 5. 0 
TURBINE STAGNATION PRESSURE P-VF1O 
p 
03 
p 
04) 
FIG. 10.10 THE EFFECT OF INLET FLOW ANGLE ON MACH NUMBER 
FOR VARIOUS VALUES OF PRESSURE RATIOS AT ROTOR 
INLET OF AN IFR TURBINE 
For a given pressure ratio and relative flow angle at rotor inlet, the value of the absolute 
flow Mach number M, is controlled mainly by the blade tip velocity U2 and the 
corresponding gas flow angle a,. For a subsonic flow, the values of a, considered for 
any pressure ratio should be outside the shaded area to aviod choking conditions . Also, 
curves of constant a2 rise steeply for a pressure ratio less 2.5 and rate of increase 
reduces for pressure ratio between 3.0 to 5.0. Increasing pressure ratio, unless 
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accompanied by a decrease in absolute flow angle a2 would produce a supersonic flow 
in the stator part of the turbine and excessive losses. Figure 10-10 shows that for a 
pressure ratio of 4.0, the value of a2 must be less than 200. 
Velocity ratio and pressure ratio relationship at various values of inlet flow 
Mach number 
Equation 3.56 was solved for U21Cs) for different values of PIIý, with M2 as a 
parameter using a computer programme of a flow chart given in Fig. A. 7 of Appendix 
[A]. In this solution, the constant relative and absolute flow angles A, a,, were 
assumed. 
0 95 
. 
' 0.9 a, = 17 - 
Design range = 95* 0.85 - - 
0.8 - 
0.75 
07 zz 
0 65 - . K42= 1 
0.6 - 
M2= 0.95 
M2= 0.9 
0.55 M2= 0.85 
M2= 0.8 
0.5 
2 2.5 3 3.5 4 4.5 5 
TOTALL STAGNATION PR FSSt'RE RATIO ý, ý, ) 
FIG. 10.11 THE EFFECT OF INLET MACH NUMBER ON VELOCITY RATIO AT 
ROTORINLET 
The output results are plotted in Fig. 10.11, in which the trend of the curves indicates 
that U21c, decreases steeply at pressure ratio PIP, less than 2.5. Also, it shows that 
for PIP, higher than 3.0, the reduction in U2 Ics becomes relatively small which means 
that the fluctuation of pressure ratio at this range will not have a large effect on 
u, 1c, and hence on the efficiency of the turbine. The shaded area represents the 
design 
range for pressure ratio, Mach number combination to atchieve maximum efficiency. 
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It can be noted that for subsonic flow and for the design value of u, 1c, = 0.67, the 
maximum attainable pressure ratio P, IP, would be less than 4.1: 1 
Relative Mach number and pressure ratio relationship at various values of 
exducer to tip diameter ratio 
The values of 
Mer 
and d, 
Id2 
were obtained using a computer programme based on 
equation 3.60b, in which the value a, = 90', i. e. c,,, =0 is considered. A flow chart of 
the computer programme is shown in Fig. A. 8 of Appendix [A]. 
u, 1c, = 0.67 
, 
8, = 30 deg 
a, = 90 deg 
1 2 . 
Supersonic conditions d, /d2"= 0-9 1.1 
Chokint! Line 
d. /d2= 0.85 
1 ----------------- d. /d2= 0.8 
0.9 - 
de/d2= 0.75 
d. /d2= 0.7 
0.8 - d. /d2= 0.65 
do%= 0.6 
0.7 - de/d2= 0.55 
0.6 d, /d2- 0-5 
0.5 
0.4 
0.3 
1.5 2 2.5 3 3.5 4 4.5 5 
PRESSITRF P-XTIO (P(, 
FIG. 10.12 THE EFFECT OF EXDUCER TIP/ INLET TIP DIAMETERRATio d, ld, 
ON RELATIVE FLOW MACH NUMBER M er AT ROTOR EXIT 
For a given pressure ratio, the value of the relative flow Mach number M, is 
controlled mainly by the exducer to tip diameter ratio dld2 and the corresponding 
relative flow angle 8,. The relationship between M, and PIP, for various values 
d, ld, is shown in Fig. 10.12. The pressure ratio, diameter ratio combination of the 
shaded area represents the supersonic condtions. Therefore, all the values within this 
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region are eliminated. For pressure ratio less than 3.6, values of d, ld, should be less or 
equal to 0.9. For pressure higher than 5.0, values of d, Id, should be less or equal to 
0.8. Also, curves of constant dld, rise steeply for a pressure ratio less 2.0 and become 
fairly flat for a pressure ratio between 3.0 and 5.0. 
iv. Relative Mach number and pressure ratio relationship at various values of 
exducer tip blade angle 
The values of 8, are obtained from equation 3.60b. The solution of this equation was 
based on a developed computer programme of a flow chart is shown in Fig. A. 9 of 
Appendix [A]. The influence of the relative flow angle 8, at the exducer tip diameter 
is shown in Fig. 10.13. 
Supersonic Conditions 
1.1 P) = 4()dcg 
1 
Chocking Line 
-------------- = 
35deg 
A 
it, c, = 0.67 = 30 
deg 
0-9 d, Id 2=0.75 e = 25deg 
a, = 90 deg e 20 deg 
0.8 - 
0.7 - 
0.6 
0.5 
0.4 
1.5 2 2.5 3 3.5 4 4.5 5 
'IJ'Rl3INF PRESStRE RATIO (Po3 P"j 
FIG. 10.13 THE EFFECT OF EXDUCER TIP BLADE ANGLE ON RELATIVE 
FLOW MACH NUMBER AT ROTOR EXIT 
or example, it is evident that, for a pressure ratio. For a chosen value of dld2 0.75 f 
blade tip angle angle combination within the shaded region would not 
be acceptable as 
it would exceeds the permissible upper limit 
for the relative Mach number M,, =1.0 and 
this will lead supersonic flow conditions. 
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V. Relative Mach number and exducer t-o tip diameter ratio relationship at 
various values of exducer tip blade angles 
The relationship between the exducer Mach number Mer and tip diameter ratio is 
shown in Fig. 10.14 which was based on the solution of equation 3.60b. A computer 
programme of a flow chart shown in Fig. A. 10 of Appendix [A] was written to achieve 
the solution. It can be noted that for a given pressure ratio and limiting exducer tip 
Mach number M, several combination of dld2 and 8, are possible, as indicated in 
Fig. 10.14. 
u, 0.67 40deg. 
P P. = 3.6 A 35deg. 
a, = 90 deg 
13- 30deg. 
0.9 25deg. 
20deg. 
0.8 
w 0.7 
0.6 
0 5 
. 0.5 0.55 0.6 0.65 0.7 0.75 0.8 0.85 
PADUCERT111 TO INLF. T111 DIAMETER RATIO 
(d, I'd, 
FIG. 10.14 THE EFFECT OF EXDUCER / TIP DIAMETER RATIO ON RELATIVE 
FLOW MACH NUMBER FOR VARIOUS EXDUCER 
TIP BLADE ANGLES 
vi. Relationship between blade width to rotor tip diameter ratio and mass flow 
parameter at various speed paramete 
Equation 3.83 was solved for bjd, by writing a computer programme of a flow chart 
shown in Fig. A. 1 I of Appendix [A]. Fig. 10.15 shows a plot of b2ld, vs. mass flow 
parameter, ihýCPT, 
Id2 2 P, for a range of values of the speed parameter, d2NIVCPT, 
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It is evident that if the mass flow and speed were given to meet the design requirements 
the choice of b2ld2 is very limited. It also indicates that over the range of mass flow 
parameter MP of 0.04 and 0.12 and for values of speed parameter SP less than 0.14, 
the effect of speed parameter on b2ld2 ratio is quite significant. 
0.1 a 
LD 
Pm = 0.98 
1 11 
)= 0.08 
0.14- a2 = IT 
ß 
= 85' 
0.1 
0.12- 
2 
B = 0.93 
S 0.12 
f, 0.14 
W_ý 0.1 - Sf = 0.16 
S; = 0.18 
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PARAMETER PARAMETER 
0.04 Ph d2 
lip = 2, ) d 
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0.021 ' 
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MASS FLOW PARANIETER 
FIG. 10.15 THE EFFECT OF SPEED PARAMETER ON BLADE WIDTH 
TO TIP DIAMETER RATIO FOR VARIOUS MASS FLOW 
PARAMETER 
For Sp higher than 0.14, the effect becomes relatively small and hardly noticeable. This 
means that at higher values of rotational speed, choking condition becomes apparent. 
VII. Relationship between inlet tip speed and pressure ratio at various turbine inlet 
temperatures 
Figure 10.16 was generated from equation 3.86 using a computer programme 
developed and depicted in Fig. A. 12 of Appendix [A]. Fig. 10.16 shows that U2 can 
be increased by either increasing the pressure ratio PIP, or the turbine inlet 
temperature 
MASS FLOW SPUD 
PARAMETER PARAMETER 
thvý7 S_d, V 
p 2p d, 
, 
p 
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FIG. 10.16 THE EFFECT OF TURBINE INLET TEMPERATURE T AND 
PRESSURE RATIO P, /1ý, ON BLADE TIP SPEED U., 
The design value of U2 is limited by the maximum pen-nissible stress in the turbine 
rotor. This stress increases with the square of this speed U2 , therefore, the selection of 
values of PIP, and T, for an IFR turbine design would depend on the metrological limit 
of the material. Also, it can be seen that curves of constant T, rises steeply for pressure 
ratio less than 3.0 and rate of increase reduces for P, 11ý, ratio greater than 3.0. 
viii. The relationship between flow coefficient and diameter ratio for various blade 
anIZIes at rotor exit 
The solution to equation 3.42 is plotted in Fig. 10.17, which shows the relationship 
between the flow coefficient Ojý. and mean diameter ratio d, 
Id2 
at various values of 
blade angle#,. Fig. 10.17 shows that flow coefficient c,,,, 1u-, depends on the geometry 
of rotor angle, 8, and diameter ratio d, ld2 for zero swirl at exit. Also, for constant 
blade angles at rotor mean exit 18P) CmI 
/U2 increases linearly for increasing values of 
mean diameter to tip diameter ratio d, 
Id2 
* 
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FIG. 10.17 THE EFFECT OF BLADE ANGLE, 8, AND DIAMETER RATIO d, Id, ON 
THE FLOW COEFFICIENT Cml IU2 
Rodgers [541 considers CmI /U2 being highly influential on turbine efficiency. By 
analysing performance data from some thirty radial turbine stages, Rodgers produced a 
chart as shown in Fig. 10.24 and concluded that peak efficiencies are obtained with 
flow coefficients between 0.2 and 0.3. Therefore, for this range several combinations of 
, 
8, and d, Id2 can be obtained. However, careful consideration for the selection of 8, 
and d, Id2 should be made to achieve enough turning of the flow in the passage to 
avoid blockage. 
Viiii. The relationship between blade loading and flow angles at rotor inlet 
Equation 3.43 shows that blade loading C,,. 2 1U. 1 is a function of rotor inlet flow angles 
a, and 
P2 
, respectively, 
for zero swirl conditions. Fig. 10.18 is plotted based on the 
solution of equation 3.43. It shows that blade loading coefficient Cwl 
/U2 increases with 
increasing values of relative flow angle 62 at constant absolute flow angle 
a2 
. Also, it 
shows that the change in Cwdu, at various values of a2 becomes small at higher values 
of #2 > 80' and all the values merges to one at A :::::::: 90" It can be noticed that an 
increase in c,,,, lu, should be accompanied by a decrease in a, at constant values of 
A* 
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Baines [58] produced a chart based on the analysis of approximately forty different 
radial turbine stages, which correlates efficiency with c,, lu, . It shows that best 
performance is achieved with C,,, 2 
/U2 in the range 0.9 to 1.0. This is not surprising 
since, for ideal flow with complete exhaust recovery (isentropic process), equation 3.36 
is tranformed to: 
Cw 2_ (AHi -e 
) 
ideal 
-I 
CS 
2-I 
(V-2) 2=1.0. Therefore, high efficiency 
U2 U2 
22u, 22 
designs must be based on a valueof C,,, 2 
/U2 
close to unity by definition. 
10.2.3 The Parametric Results of Centrifugal Compressor Design 
10.2.3.1 Inducer tip to impeller tip diameter ratio (d, ld2 ) 
Equations 5.9 and 5.11 derived in Chapter 5 are combined and plotted graphically as 
shown in Fig. 10.19 to investigate the effects of inlet geometry d, ld, and )6,, on inlet 
design parameter M,, at different pressure ratios. Fig. 10.19 shows that at design 
pressure ratio of 4: 1 and for subsonic flow at different values of fl, the inducer/tip 
diameter ratio d, ld2 must be less than 0.7. Also, it can be observed that the values of 
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Merand d, I d2 are reduced as the blade tip angle 8, increases from 25' to 30'for 
constant axial velocity and zero swirl. 
ß, = 25' 
0, = 0.865 
17, = 0.85 
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0.8 
0 6 . 
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PRESSURE RATIO 
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FIG. 10.19 THE EFFECT OF INDUCER/ TIP DIAMETER RATIO ON RELATIVE 
MACH NUMBER AT TWO VALUES OF BLADE TIP ANGLE 
fl, = 25' , 30' 
WITH ZERO SWIRL 
Also, Fig. 10.20 was plotted from solving equation 5.9 and 5.11. It showed that for a 
given design value of pressure ratio 4: 1 and limiting the relative Mach number 
M,,, to 
1.0, several combinations of d, ld2 and 8, are possible. The best combination of M,,, 
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d, Id2 and 8, can be found if any two values of these quantities are known and satisfy 
the design conditions. For example, for 8, = 30' and M,, = 0.9, d, Id, should equal 
to 0.55. 
1.6 
- 
P02 /pOl 
= 4.0 Limiting design Line p 1.4 : > 77,0.85 )6 ', =35 
1.2 O., f 0.8! 6 5 =30 
=25 
-- ---------- 
0.8 
uU 
12ý 0.6 
0.4 
0.45 0-5 0.55 0-6 0.65 0.7 0.75 
INDUCER TIP TO IMPELLER TIP DIAMETER RATIO 
(d, /d2) 
FIG. 10.20 EFFECT OF INDUCER TIP TO IMPELLER TIP DIAMETER RATIO 
d, Id2 ON M, FOR VARIOUS VALUES OF #,, 
10.2.3.2 Optimum design value of the blade angle at inducer tip diameter fl, 
Equation 5.14 was extremely useful in determining the optimum design value of the 
blade angle at inducer tip diameter, 8,. For a particular gas and known inlet design 
conditions, one can specify values of y, R, P01, N and To, and substitute them in the 
RHS of equation 5.14, that is, 
MN 
2 
By specifý4ng several values of M, 
k2 k3 PO IV) IR T, ), 
the optimum value of fl, for maximum mass flow rate can be found. Therefore, 
equation 5.14 is plotted as a function of 8,, for several discrete values of M, as shown 
in Fig. 10.21. 
These curves are all seen to peak at approximately 8,, = 30' at which condition 
mN 2 
-- is a maximum. 
Therefore, 30' can be considered an optimum 
k, k3PO, JyR Tý, 
value for a zero swirl. 
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k2 = (pzl3fý /4) 
k3 =I (dh Id, ) 
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FIG. 10.21 MASS FLOW FUNCTION FOR A CENTRIFUGAL COMPRESSOR 
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10.2.3.3 Inducer tip to impeller tip diameter ratio (d, Id2) and hub to impeller 
tip diameter ratio (dhld2) 
Equations 5.15 and 5.16 were plotted graphically as shown in Fig. 10.22. It can be 
observed that at 6, > 25', both d, ld2 , 
dhld2 
values are reduced linearly for discrete 
valuesof 
Mer 
* 
(dýldý) -------- (dhldý, ) 
0.9: 0.7 
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FIG. 10.22 THE EFFECT OF RELATIVE INDUCER TIP ANGLE #, ON djd2 
AND d,, Id2 FOR VARIOUS OF Mer AT INDUCER TIP 
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At 8, < 25', the trends of d, ld2 , 
dhld2 
are different. At optimum, 8, = 30' and for 
subsonic flow M er< 
1.0, the values of d, ld2 5 dh/d2must be less than 0.61 and 0.42. 
respectively. 
10.2.3.4 Tip width to impeller tip diameter ratio (b2ld, ) 
The choice of this parameter is governed by the leakage loss consideration on one hand 
and the amount of diff-usion that must be achieved on the other. Smaller than 
permissible lower value of b2/d2would lead to increased leakage loss and large value 
would result in unacceptable high diff-usion which may produce excessive loss due to 
flow separation. Equation 5.17 and 5.18 were solved and the results are plotted in Fig. 
10.23. It can be seen that b2ld2 decreases as the diff-usion ratio V2 
IV, increases for 
various values of pressure ratio. Also, in Fig. 10.23, it was shown the upper and lower 
limits Of V2/V1 * 
1: 4 
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FIG. 10.23 VARIATION OF TIP WIDTH TO IMPELLER TIP DIAMETER RATIO AND 
DIFFUSION RATIO FOR SEVERAL PRESSURE RATIOS 
According to the boundary layer calculations of Dallenbach [441, separation is 
inevitable for V2 IV, less than 0.55. Also, Rodgers [831 and Dean [84] pointed out that 
V2 /V, lower than 0.588 would be unacceptable because of the very 
high diff-usion within 
the impeller channels while values more than 0.72 would lead to higher leakage loss and 
hence loss in efficiency. 
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It should be mentioned here, that the solution for the equations used in Sec. 10.2.3 of 
this Chapter, were all based on written computer programmes. The flow charts of these 
programmes were similar to those written for the turbine rotor, given in Appendix [A]. 
Therefore, in the interest of reducing the size of the thesis, these flow charts were not 
included. 
10.3 OPTIMISATION OF GEOMETRIC AND AERODYNAMIC 
PARAMETERS OF THE IFR TURBINE ROTOR AND 
CENTRIFUGAL IMPELLER. 
The parametric study of the effect of various geometric quantities on the aerodynamic 
variables was investigated and the results have been shown on a number of diagrams in 
the previous sections. The choice of the principal dimensions for a given set of a 
performance data on the basis of such diagrams is indeed difficult, and can be very time 
consuming, especially if the complete procedure has to be repeated for different cases. 
In view of this, numerical optimisation techniques can be a useful tool to solve problems 
involving a large number of variables and was used to find the principal geometric and 
aerodynamic parameters of the rotor and the impeller as shown previously in Chapters 
4 and 5. The following sections discuss the validation of the results obtained by 
applying this optimisation technique. 
10.3.1 Validation of the Optimisation Results of Rotor Design 
The optimum numerical values of the geometric and aerodynamic parameters 
for the 
turbine rotor were found and given in Chapter 4. The validations of these results 
regarding the main design parameters are discussed in the following sections:. 
10.3.1.1 Number of Blades 
Several empirical formulae were cited in the open literature for calculating the number 
of blades. It should be noted here that the absolute 
flow angle a2 notation used in this 
thesis is measured relative to tangential direction, therefore, a modification 
has been 
made to these formulae as their original notation was taken 
from the radial direction. 
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Several researchers reported these formulae for calculating the number of blades as 
described hereafter 
i. Jamieson analvsis 
Jamieson [851 developed an empirical formula for calculating the number of blades. 
This formula is a function only of inlet flow angle at rotor inlet a2 (degree) as shown 
below 
Nb 
= 21r tan(90 - a2) 
ii. Wallace analysis 
(10.1) 
Wallace [41 analysis for calculating the number of blades was based on deriving an 
equation for the transverse pressure gradient of an isentropic flow in the rotor passage. 
Equation 10.2 represents the criterion for blade spacing where 5 is the angle in radian 
subtended. by the passage at the centre. 
Cýv 22 vcos, 8 [AP]15 
0 
P[ ar vcos, 
8sin, 8 
ar v sin + 
(vsin, 8)2co+( 
r0 
(10.2) 
iii. Glassman empirical formula 1861 
Nb 
7r (20 + a2 tan(90 - a2) (10.3) 30 
)l 
iv. Whitfield and Baines empirical formula [121 
Nb - 
0.637r 
2 COS2 (90 - a2 
V. Hiett and Johnston analvsis 1811 
Their analysis suggested that increasing the number of blades from 12 to 24 by 
introducing 12 intermediate stub blades for an absolute flow angle a2 = 10* resulted in 
a small gain in efficiency of 1%. It was also observed that the value of optimum 
u, Ics fell from 0.75 for the 12 bladed rotor to 0.68, thus indicating that the optimum 
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efficiency with 24 blades occurs at approximately zero incidence. In practical 
applications, however, it is probable that the increase in complexity and rotor inertia 
associated with the large number of blades would outweigh such a relatively small gain 
in performance. They presented a curve showing the optimum number of blades versus 
the absolute flow angle based on the criterion according to Jamieson 185] whereby the 
optimum blade number is the minimum required to prevent local flow reversal within 
the rotor passages. Therefore, for an absolute flow angle of a2 = 17', the optimum 
number of blades is 19. 
A. Mizumachi et al analysis 1331 
Their analysis was based on experimental results of various turbine rotors with different 
number of blades. They found that the maximum efficiency was obtained using 17 
blades. For the selected design value of a2 = IT, the number of blades calculated 
based on using these formulae are summarized in Table 10.1 
EMPIRICAL FORMULA OR 
ANALYSIS 
Jamieson empirical formula 
NUMBER OF BLADES FOR 
ROTORS 
21 
Wallace analysis 12 
Glassman empirical formula 12-13 
Hiett and Johnston analysis 12-24 
Mizumachi, et al. analysis 17 
Whitfield empirical formula 12 
Optimization technique 12-20 
TABLE10.1 NUMBER OF BLADES BASED ON USING VARIOUS EMPIRICAL 
FORMULAE AT a, = 17' 
It can be deduced from Table 10.1 that Wallace [4], Glassman 186], Hiett and 
Johnston 1811 and Whitfield and Baines 1121 analyses agree well with the results 
obtained by optimisation technique for predicting the number of blades of the turbine 
rotor. 
10.3.1.2 Flow coefficient parameter (c, lu, = cm, u, ) 
Rodgers 1541 specifies the key parameters upon which the turbine efficiency depends 
on: 
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i. Rotor tip speed, U2 
H. Exit kinetic energy at mean diameter, cI=C nil 
iii. Tip clearance 
Two important parameters ratios can be developed; these are the speed ratio u., 1c, and 
the flow coefficient cm, lu, ratios. These two coefficients were shown graphically in 
Figs 10.4 and 10.17. The optimisation design calculation gives the values of these ratios 
as 0.67 and 0.35, respectively. Fig. 10.24 shows how the design point compares with 
the universal chart for small gas 1FR turbines adapted from Rodgers [541. It can be seen 
from Fig. 10.24 that the calculated design point is close to an efficiency of 0.86. 
C 
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7 
poillt 
04 
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] // 
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FIG. 10.24CORRELATION OF ATTAINABLE RADIAL INFLOW TURBINE 
EFFICIENCIES WITH VELOCITY RATIOS 
10.3.1.3 Mean exit to inlet tip diameter ratio parameter (d, Id, ) and hub to inlet 
tip diameter ratio (dhld2 ) 
Rohilk 161 and Anon [871 research work recommended that d, ld, ratio should not 
exceed 0.7 to avoid excessive curvature of the shroud. However, it must be 
acknowledged that it is often exceeded in applications where the designer desires to 
reduce the inlet tip diameter and hence the rotating mass. 
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This is very common in small turbocharger turbines and even the gas turbine 
applications cited by Rodgers and Geiser [881 who employed a diameter ratio in 
excess of 0.7. However, too small a diameter ratio dld2 Will cause the blades to be 
crowded together at the exit hub and this may limit the available exit area. Anon [871 
report suggested that the ratio of djd2 would not fall below 0.35 to aviod blockage. 
(current work design value = 0.36). 
Rodgers and Geiser [88], presented a chart depicted in Fig. 10.28, which shows the 
variation of the efficiency as a function of the reciprocal diameter ratio dld, and a 
blade number parameter (N,, )(Z,,,,,, )/d2lwhere Z,,,,,, is the axial length of the rotor. It 
can be seen from Fig. 10.28 that fo ra design value of 
(Nb)(Z,., i,, )ld2 = (12) (4.7) /(16.9) = 3.3 and d2 / d, = 16.91/9.3 = 1.8 would result in an 
optimum efficiency as shown below. 
1.0 
; To 
d2 
0.9 
3.0 4.0\ 4ý 5ýO 60 
Optimum d sign 
value 
0.8 
1.5 2.0 2.5 3.0 
INLFT TO EXIT MEAN DIAMETER R-ALTIO 
(d, IV) 
2 
4. 4. ý 5ý0 
O ptimum d dp 
value 
FIG. 10.28 THE EFFECT OF ROTOR DIAMETER RATIO AND BLADE SOLIDITY 
ON RADIAL TURBINE EFFICIENCY 
10.3.1.4 Blade width to inlet tip diameter ratio parameter (b2ld2 ) 
Hiett and Johnston 1811 suggested in their experimental studies that a value of tip 
width / tip diameter of approximately 0.10 represents an optimum ratio. 
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Watanabe et al 1891 reported that a value between 0.07-0.09 should be chosen. The 
turbine performance is probably not very sensitive to the values of this parameter in this 
range. The design value obtained from numerical optimisation is 0.051, which is 
relatively less compared with Hiett and Johnston and Watanabe values. The reason 
is due to the fact that the applied load and the rotational speed, given as design 
specifications, control the choice of the principal geometric ratio. Sometimes, as in the 
present case, these two requirements are not parallel. It is evident that if mass flow and 
speed are given to meet the design requirements, the choice of b2ld2 is very limited. 
10.3.1.5 Incidence angle at rotor inlet (, 82 ) 
The optimum incidence angle cannot be selected arbitrarily; rather it is a function of 
fluid dynamic conditions at the rotor inlet and geometric parameters, most notably the 
number of blades. Rodger and Geiser [88] quotes incidence angles of the order of 
- 20' and Rohlik [6] gives values as high as - 40'. Measurements by Yeo and 
Baines [901 indicates an optimum angle of - 15% while Bhinder 121 gives a value have 
- 50 for minimum incidence loss based on flat plate model. 
The design value based on optimisation technique gives a value of about - 6*. A choice 
of blade numbers implies a rough value of an incidence angle, but the blade numbers 
will also be influenced by consideration of aerodynamic blockage in the exducer and the 
vibration characteristics of the rotor. 
10.3.1.6 Rotor flow angle at exducer tip diameter (, 8, ) and at mean diameter 
('81) 
Whitfield and Baines 1121 reported that relative Mach number at exducer tip M, 
is a 
minimum when the relative flow angle rotor flow angle 6, 
is about 30'was adopted 
based on minimumMer which implies minimum internal 
losses in the rotor. However, 
the use of lower flow angles such as 20' cannot 
be dismissed as this leads to a 
reduction in the absolute Mach number at exit M,. 
There is, a compromise to be made 
between a low relative Mach number to reduce the internal passage 
losses, and a low 
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absolute Mach number to reduce the exit kinetic energy. The design value reported in 
this work gives a value of 8, = 27' . Chen and Baines [911 stated that the design 
criteria for the flow angle at mean diameter fl, :! ý 45'. The design value reported in this 
work gives a value of 8, = 32.59' 
10.3.1.7 Rotor relative velocity ratio at mean diameter(V, /V2 ) 
This parameter is a measure of the expansion drop in the rotor, and values substantially 
in excess of unity are required. Ribaud and Mischel [51 stated that Onera design code 
for velocity ratio is 2.0< VI /V2 <2.5. The current design calculations based on 
optimisation technique provides a valueof V2 
/Vl 
= 2.13 
10.3.1.8 Specific speed parameter (0, ) and specific diameter (D., ) 
Figure 10.29 shows the relationship between Q, the exhaust energy factor (CI 
IC, )2 
and the area ratio A, 1A, based on equation B. 7 in Appendix [B]. According to Wood 
[921, the limits for the exhaust energy factor in gas turbine practice are 
0.04 < (c, Ic, )' < 0.3. The calculated design value of (c, Ic,, )' = 0.055 for an area ratio 
A, lAd =0.30. For these two values, it can be seen from Fig. 10.29 that the value for 
Q., is 0.56. The numerical value of specific speed provides a general index of the flow 
capacity relative to work output. Low values of Q, are associated with relatively small 
flow passage area and visa versa. 
2.0 
Lo - A, 
Aý` 
Design 
0.8 - value 13. 
0.6- 
0.4- 
96 
C4 
0.2 
0.03 0.04 0.06 0.08 0.1 0.2 0.3 0.4 
EXHAUST ENERGY FACTOR 
(Cl Cr)2 
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Specific speed has also been widely used as a general indication of achievable efficiency. 
Fig. 10.30 presents a broad correlation of maximum efficiencies for hydraulic and 
compressible fluid turbines as functions of specific speed. Over the fairly limited range 
of specific speed, 0.3 < 0.5 < 0.9, the IFR turbine can produce a high efficiency. For 
Q, 
v = 
0.56, the attainable efficiency gained from Fig. 10.30 is q, = 0.87. In the present 
work, the value of 0,; = 0.55 was calculated from equation 3.95 of Chapter 3. This 
value agrees well with Wood's work. 
Furthermore, Fig. 10.31 presents a chart relating to radial turbines, which was extracted 
from BaIje 1101 work and reproduced by Watson and Janota [931 using Sl units. This 
I- - chart indicates the predicted region of best efficiency, which suggests that 0, in the 
range 0.4 to 0.8. The preferred 0, range agrees well with the work of other authors 
such as Wood 1921, Rohlik [61 and Rodgers [94]. At the present work, the predicted 
design value of D, =3.46 calculated from equation 3.99 lies within the range for high 
efficiency, see Fig. 10-31. 
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AFTER BALM 1101 
10.3.2 Validation of Optimisation Results of Impeller Design 
The optimum numericl values of the geometric and aerodynamic parameters for the 
impeller were found and given in Chapter 5. The validations of these results regarding 
the most important design parametres are discussed in the following sections 
10.3.2.1 Impeller flow angle at inducer tip diameter ()6, ) 
Parametric results in Sec. 10.2.3.2 have shown that the optimum flow angle fl, is 
equal to 300 and this agrees exactly with the results for fl, obtained from numerical 
optimisation. 
-224- 
M. EBAID CHAPTERIO 
10.3-2.2 Hub to inducer tip diameter ratio (dh1d, ) 
Dixon [951 specifies the typical values of dhld,, ratio between 0.3 to 0.6 based on 
inducer tip angle 8, - 30' and relative inducer Mach number M er = 
0.9. The 
optimisation results showed that dh1d, = 0.36 and also agrees well with that obtained 
from parametric study in Sec. 10.2.3.3. 
10.3.2.3 Diffusion ratio( V2 
/V, ) 
The value for the diffusion ratio v, /v, obtained from the optimisation results was equal 
to 0.67. This value lies within the acceptable range in Fig. 10.27. Also, it agrees well 
with the values cited in the open literature, Sec. 10.2.3.4. 
10.3.2.4 Relative Mach number at inducer tip diameter (M er 
) 
The value for the relative Mach number at inducer tip diameter (M,, ) obtained from 
the optimisation results was equal to 0.903. This value means that the flow will not be 
choked at the inducer section of the impeller. 
10.3.2.5 Specific speed (0, ) 
The calculation of specific speed based on the values of optimisation gives a value of 
0.55. Rodgers[541 reported that for an impeller with radial blades, and for a flow 
coefficient of CI IU2 equal to 0.3, the value of specific speed for best efficiency was 
between 0.5 - 0.6 which agrees with the value from the optimisation results. 
10.4 OPTIMISATION OF THE AXIAL LENGTH AND DESIGN 
OF FLOW PASSAGE FOR THE IFR TURBINE ROTOR 
AND CENTRIFUGAL IMPELLER. 
The optimisation of the axial length of the rotor and the impeller was performed by 
stage 2 of the programme as shown in Fig. 10.32 below. The programme was based on 
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the theory of prescribed mean stream velocity distribution along the axial length and on 
the basis of rotor and impeller internal losses along the passage , respectively. Stage 3 
of the programme in Fig. 10.32 was used to determine the hub and shroud contours. 
The main features of this procedure are listed in the followings: 
i. Once the velocity distribution and the constraints have been specified, the 
programme can be seen without any stops for decision inputs from the operator. 
ii. The programme can justifably be claimed to offer a direct design method as it is 
not necessary to define an initial geometry of the rotor or impeller and then 
modify it progressively on the basis of the results from the detailed flow analysis 
programme. Therefore, both the time and the cost to produce a design can be 
considerably reduced. 
iii. Extensive use is made of numerical optimisation algorithms which have been 
used very successfulully in many variable problems. 
iv. The axial length of the rotor and the impeller, which has been shown in this 
thesis to be an important design variable was optimised and determind while 
most researcher choose the axial length quite arbitrarhy in their design work. 
10.5 STRESS, THERMAL AND VIBRATION ANALYSIS 
ANSYS finite element package was used to determine the stresses and displacements 
(structrural and thermal) for the rotor and the impeller operating under design 
conditions. Also, vibration (modal) analysis of the rotoating system was carried out 
under different operating condtion were given in Chapter 7. These output results were 
needed for the following reasons: 
i. To ensure a safe design of the rotating components at the design conditions. 
H. To select a suitable material that withstand the stresses produced. 
iii. To determine the clearances between the rotating components and the casing. 
iv. To avoid failure due to resonance. 
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V. To modify the design of the components if necessary. 
It should be noted that analytical methods cited in the open literature such those 
presented by Swanson [731 and Schilhansh [741 were not very accurate because of the 
complexity of the geometries of the rotating components , therefore employing 
packages such as ANSYS would produce a better design and would reduce the time and 
cost of the work. 
Start Etl- 
Read 
Inlet conditions and design specifications 
F Set the obejective function 
Introduce the equality and inequality constraints 
into the optimisation c omputer programme 
(n) 
, 
Use the rogramme OPRQP to optimise the required 
variable, Le d, 
NO Is 
n-n+n- (n)_ 
rint the solution of the objective 
function 
Prescribe the relative velocity distribution along the 
axial length (Fig. 4.7) 
Optimise the axial length on the bases of loss 
calculation inside the pa ssage( Fig. 
Calculate the hub and shroud contours (Fig. 4.12) 
correspond to the optimum axial length 
Wr. 
Draw the blade 
passage 
FIG. 10.32 FLOW CHART FOR THE COMPLETE DESIGN PROCESS OF THE 
ROTOR AND THE IMPELLER 
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10.6 BALANCING RIESULTS 
Balancing of the rotating components is important to ensure a safe operation of the 
small gas turbine engine. Procedure of balancing the components was undertaken as 
shown in Chapter 9 and the results are given in the following . 
10.6.1 The Main Shaft 
The main shaft was dynamically balanced by removal of material from correction planes 
just inboard of the proposed bearing locations. The residual unbalance was 350mgmm 
at 220'at the impeller end and 640mgmm at I'at the turbine end. 
10.6.2 The Turbine Rotor 
Balancing of the turbine rotor was corrected by the removal of material in two planes 
namely the back face (plane 1) and the nose end (plane 2). The residual unbalance was 
960mgmm at 104' for plane I and 660mgmm at 358' for plane 2 as shown in 
Fig. 10.33. 
FIG. 10.33 CORRECTIONS FOR BALANCING BY THE REMOVAL OF 
MATERIAL FROM THE TURBINE NOSE END 
10.6.3 The Centrifugal Impeller 
the residual static unbalance on the impeller was 1.75mgmm at 276'as shown in Fig. 
10.34.1t should be noted that during re-assembly the match marks should be aligned and 
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the main bolt should be adjusted to a torque of 40Nm . Any variation in the unbalance 
results is likely to be up to I-1.5 g mm at the turbine end due to the repeatability of 
the hearth coupling. Any auxiliary equipment, this rotating assembly may be coupled to, 
must also be precision balanced and accurately aligned. 
FIG. 10.34 CORRECTIONS FOR BALANCING BY THE REMOVAL OF 
MATERIAL FROM THE IMPELLER BACK FACE 
10.7 TURBINE AND COMPRESSOR MATCHING 
The matching methodology of gas turbine components has been explained in Chapter 
8. In this research work, the method was restricted to a single shaft engine used for 
power generation. However, it can apply to other type of engines but this is outside the 
scope of this research. The results of performance prediction of the small gas turbine 
engine designed in this research work at design and off-design conditions are discussed 
in the following sections. 
10.7.1 Turbine-Com pressor Matching Map 
Once the transformation maps of the turbine and the compressor have been produced, 
then the conditions for matching are achieved which can be superimposed to produce 
the matching prediction map of the designed gas turbine engine in the current work as 
shown in Fig. 10.35. 
-229- 
Al EBA ID 
CHAPTER 10 
7t 
Cr) 91.4 z ý-) 
cA 
CA 
oc -t C: D \, o cq oc -, I- C: D \, o 
OIIV'H gHflss: 4HJ 
FIG. 10.35 MATCHING PREDICTION MAP OF THE DESIGNED GAS TURBINE 
ENGINE RUNNING AT600OOrpm 
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This is a very useful map and the performance parameters of the compressor and the 
turbine at any point within the working range can be computed using the governing 
equations given in Sec. 3.1.2 of Chapter 8. 
The following, are the performance parameters and operating conditions which can be 
determind based on this matching map depicted in Fig. 10.35 
L Compressor and turbine work and torque, respectively. 
H. Turbine inlet temperature. 
iii. Engine thermal efficiency and specific fuel consumption. 
iv. Mass flow rate. 
It should be noted that at any point within the working range, the operating conditions 
of pressure ratio, mass flow parameter, rotational speed and the components efficiencies 
are known. Based on Fig. 10.35, the running line of the designed turbine inlet 
temperature T=I OOOK was computed and drawn as shown in Fig. 10.36. 03 
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FIG. 10.36THE RUNNING LINE OF THE DESIGN VALUE OF TURBINE INLET 
TEMPERATURE To, = 1000 K 
The design speed line of the gas turbine engine under consideration is 60000 rpm . This 
speed line was extracted out from Fig. 10.35 for clarity as shown in Fig. 10.37. It can 
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be seen from Fig. 10.37 that all the matching values of the engine components at the 
design speed are known and they are used to predict the engine performance (thermal 
efficiency and specific fuel consumption) at design and off-design conditions. The 
output results are shown in Figs. 10.38 and 10.39. 
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FIG. 10.37 MATCHING CHARACTERISTICS OF THE DESIGN SPEED LINE 
RUNNING AT 600OOrpm 
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10.8 SUMMARY 
Results of the current research have been presented and discussed throughout the 
Chapter. These in general agree well with those found in the technical literature. Where 
there is disagreement, the reasons have been provided and discussed. 
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CHAPTER 11 
CONCLUSIONS AND RECOMENDATIONS 
11.1 CONCLUSIONS 
The primary aim was to design, develop and test a small gas turbine engine directly 
coupled to a high-speed alternator as a portable generator with a power of 60 kW 
running at 600OOrpm. The motivation for producing such a device was the substantial 
reduction in weight and size of the generator in comparison to conventional low speed 
devices, such as those using a reciprocating engine as the prime mover. 
The preferred end result of the project was to have a working demonstrator engine, 
which could be developed into a design suitable for low cost manufacture. Initially 
there was uncertainty as to how difficult it would be to achieve this target. Much of the 
uncertainty laid with the complete design and manufacture of the gas turbine 
components, that is, the turbine, the compressor and the power transmission shaft 
throughout the specified period of the project. However, an overall strategy was 
adopted to carry out theoretical and experimental research aimed at the goals of 
creating a technology base for the design of small gas turbine engine and of finally 
building the demonstrator engine. 
In the next section, the achievements, to date, for the research programme are 
summarised. This is followed by a section giving details of further work required in 
order to achieve the final objective of building a demonstrator turbo -alternator. 
11.1.1 Summary of Project Achievements 
The list of achievements has been divided under headings of major component or 
subject areas. As it was explained in Chapter 1, it was necessary to undertake research 
in the areas of the turbine and compressor design, mechanical design of the power 
transmission shaft, selection of bearings and performance prediction of the engine. 
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11.1.1.1 Inward flow radial 1FR turbine 
A. Parametric study conclusions 
The primary purpose of the parametric study was to show the influence of either the 
principal design variables and cycle configurations or the operating conditions on the 
performance of the IFR turbine to obtain the best design point. A parametric study was 
carried out and the results have been discussed in Chapter 10. The main conclusions 
are given in the followings: 
i. The cycle thermal efficiency increases with increased turbine inlet temperature 
and cycle pressure ratio simultaneously. It was also shown that the maximum 
efficiency point and the maximum specific work point at each constant 
temperature or pressure ratio are different. 
H. At high-pressure ratio, the radial turbine can cope with large pressure 
fluctuations at constant speeds without loss in efficiency. This is because an 
accelerating flow can operate over a fairly wide range of incidence relative to 
the actual blade angles without significant flow disruption. 
iii. Contrary to the general belief that fixing the blade angle A. = 90'at rotor inlet 
tantamount to fixing the degree of reaction R at 50%. It has been shown that if 
the vaiues of diameter ratio dld2 vary from 0.4 to 0.6 and a2 changes from 
100 to 250, the degree of reaction may be changed over a wide range from 0.46 
to 0.68. 
iv. The optimum choice of blade width to tip diameter ratio parameter 
b, ld, would depend on the mass flow and speed. It was evident that if the 
mass flow and speed are to meet the design specifications set in the current 
research (60kW, 600OOrpm), the choice of b2ld2 is very limited. However, 
higher values of speed would be preferable as its effect on the b2ld2 ratio is 
hardly noticeable as shown in Fig. 10.15. 
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V. Increasing the blade angle at rotor mean exit 8, beyond 45% unless 
accompanied by corresponding increase in a2 would produce high reaction, 
excessive leaving loss, and consequently low efficiency. 
A. If the maximum efficiency is less than 1.0 and it occurs when the inlet and 
outlet velocity triangles are right triangles, then the valueof U21c, at which the 
maximum efficiency is reached cannot be equal to 0.707. 
vii. Increasing pressure ratio P, IP, in the radial turbine, unless accompanied by a 
decrease in absolute flow angle a2 would produce a supersonic flow in the 
stator part of the turbine and high excessive losses. 
viii. Flow coefficient CmI 
/U2 
and blade loading coefficient V/,, depend entirely on 
the geometry of rotor. This thesis gives the basic equations, which may be used 
to obtain the desired values based on the choice of several combinations of the 
principle design variables. Expressing these performance parameters in terms 
of the geometric dimensions of the rotor will give a physical understanding of 
the shape of the rotor for best efficiency. 
ix. The blade tip speed U2 is increased by either increasing the pressure ratio 
PIP or the turbine inlet temperature T,. Normally, the design value ofU2 
is 
Ie 
limited by the maximum permissible stress in the turbine rotor. This stress 
increases with the square of this speed U2 5therefore, the choice of the operating 
conditions PIP, and T, for an 1FR turbine design would be, certainly, 
constrained by the metallurgical limit of the material. 
X. An important parameter used for the design of the nozzle-less volute is the 
radius ratio at any azimuth angle Pltý, - The choice of (r-91r, ) .. j., and 
Ir, ). would normally be dictated by the tip diameter of the rotor d,, the 
allowable overall size, the shape of the volute casing and the permissible 
absolute gas velocity in the volute. 
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B. Design methodology 
CHAPTER 11 
The current research work presents the theoretical basis for a systematic approach to 
the design of the IFR turbine incorporating a nozzle-less volute casing. The sequence 
of operations can be given in the form of a design flow diagram as shown in Fig. 11.1 
Design Specifications 
Design Data for 
Evaluation of Principal Dimensions 
Casing of the 
Rotor and Number of Blades 
I 
Based on Optimisation Technique 
Evaluation of Rotor Passage and 
Axial Length Based on Prescribed 
Casing Design 
Mean Stream Velocity 
Calculations 
ýI 
Rotor Drawing Modify Rotor 
-I Prof He 
Stress, Thermal and I 
Vibration Analysis C ing 
Dra ing I 
Satis ictory 
NlodifýN Casing 
Drawing YES 
IV 
Steady Flow Performance 
Prediction 
Is Casing 
Satisfactory 
YES 
End 
NO 
FIG. 11.1 FLOW DIAGRAM FOR A SYSTEMATIC APPROACH TO THE 
DESIGN OF IFR TURBINE 
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The concluding remarks can be surnmarised as follows: 
i. A unified approach for designing a single stage inward flow radial turbine 
comprising a rotor and a nozzle-less casing has been described. The radial 
turbine has been designed to drive a direct-coupled permanent magnet high- 
speed alternator running at 600OOrpm and developing 60 kW electrical power. 
ii. A computer programme based on non-linear optimisation was used to find the 
optimum choice of the principal dimensions and the aerodynamic variables of 
the rotor and the number of blades. 
iii. The theory of the prescribed mean stream velocity distribution was used and a 
computer programme was developed to find the optimum axial length and 
optimising the blade passage. 
iv. A procedure for designing the nozzle-less casing was given based on the 
equations of mass flow rate, energy and angular momentum. The flow is 
assumed to be isentropic and satisfies the free vortex relationship. It should be 
noted that two parameters that affect the performance of the volute were 
considered in the design. These were the shape of the volute cross-section and 
length of the inlet bend (the tongue). 
11.1.1.2 Centrifugal compressor 
A. Parametric study conclusions 
The conclusions from the parametric studies regarding the centrifugal compressor can 
be summarised as follows: 
i. At design pressure ratio of 4: 1 and for subsonic flow at different values of 
exducer tip angle, 8,, the inducer/tip diameter ratio d, ld, must be less than 
0.7. Also, it was observed that the values of inducer tip relative Mach number 
Merand d eld2 are reduced as the blade tip angle 8, increases from 25*to 
400 for constant axial velocity. 
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H. The optimum design value of the blade angle at inducer tip diameter 8, at 
several values of inducer tip relative Mach numberMer is always equal to 3 0' - 
iii. At optimum fl, = 30'and for subsonic flowMer< 1.0, the values of de Id2 and 
dh/d2must be less than 0.61 and 0.42, respectively. 
iv. The choice of b2ld2 is governed by the leakage loss consideration on one hand 
and the amount of diflusion that must be achieved on the other. Smaller than 
permissible lower value of b2/d2would lead to increased leakage loss and 
large value would result in unacceptable high diflusion which may produce 
excessive loss due to flow separation. 
V. The diffusion ratio V2 
IV] 
upper and lower limits were found to be 0.74 and 
0.54. Separation is inevitable for V2 IV, less than 0.54, while values more than 
0.74 would lead to higher leakage loss and hence loss in efficiency. 
An optimisation programme was used to determine the principal dimensions of the 
impeller and the theory of prescribed mean stream velocity was used to determine the 
flow passage and the optimum axial length. The one-dimensional approach based on 
free vortex relationship was adopted for the design of the vaneless diffuser and the 
volute. 
11.1.1.3 Mechanical Design 
A. A finite element analysis package, ANSYS, was used to determine the combined 
maximum structural and thermal stresses due to the effect of centrifugal forces 
and elevated flow temperature for the rotor and the impeller, respectively. 
These analyses were necessary to select a suitable material for a safe design. 
Results showed that the selected materials, Inconel alloy-718 for turbine rotor 
and Titanium Ti-6AI-4V (Grade 5) for the impeller in the design process 
were satisfactory and meet the design operating conditions. 
H. A displacement analysis was also carried out to find the maximum expansion in 
the rotor and impeller, respectively. This analysis would assist in determining 
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the clearances between the rotating and stator parts of the engine components. 
iii. Vibration or model analysis was carried out for the rotating assembly. Since the 
rotating assembly reaches its operational rotational velocity from stand-still 
state initially, it is only natural to pass through rotational velocities 
corresponding to fundamental frequencies. Results showed that the rotating 
assembly structure's range of operating frequencies do not cross with its 
fundamental frequencies. Therefore, the structure is considered to be capable to 
safely withstand the intended working conditions, in regards to resonance. 
It should be noted here that other loads including fluid flow, inertia effect due to 
rotation, weight effect and pre-stressing due to assembly were not included in the 
analysis due to the limitation ability of the software package. For such a simulation to 
be possible, an advanced dynamic & FEA simulation package is required. 
iv. Balancing the rotor, the impeller and the shaft-bolt assembly was carried out 
separately and then the complete rotating assembly was balanced again and 
marked. The aim was to ensure safe operation during the experimental tests. 
11.1.1.4 Performance prediction of the gas turbine engine 
A new graphical approach for predicting the performance of the gas turbine engine at 
the design and off-design point was developed based on graphical matching between 
the turbine and the compressor. This was achieved by superimposing the turbine 
characteristics on the compressor characteristics with a suitable transformation of the 
co-ordinates. This was done by introducing a matching parameter (rhN1d2CPOI ) as 
discussed in Chapter 8. The end result was in developing a complete matching map 
characteristic for the turbine and the compressor from which the following conclusion 
can be deduced: - 
i. The operating range of the engine and the design and off-design point 
performance at the design speed. 
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ii. Whether the engine is operating in a region of adequate compressor and turbine 
efficiencies. 
iii. The proximity of the operating points to the compressor surge line. 
iv. The maximum inlet temperature at the operating point of the turbine. 
This method was applied only to a single shaft for power generation. Other engines are 
outside the scope of this research work. 
11.1.1.5 Manufacture, construction and commission the gas turbine engine 
Despite the difficulties and time limitations, the 1FR turbine, the centrifugal 
compressor, the shaft assembly, the bearing housing, the combustion chamber casing, 
and ducting were designed and manufactured according to design specifications set by 
the current research. In addition to, the selection of bearings and the combustion 
chamber liner were also undertaken to suit the design requirements. These components 
were assembled together and were inspected for faults. The next step was to 
commission the engine to deal with any unforeseen faults in the components that may 
appear during the running trial. The assembly was tested/run normal air and without 
any combustion. The air was supplied from an existing power unit. The test/run was 
successful and the engine operated at 600OOrpm without any problems. 
11.1.1.6 Weight and size of turbine engine 
The final measured weight of this engine was 45kg excluding other systems such as 
starting, ignition, fuel, oil lubrication and all other accessories. If theses were included, 
the engine weight may reach 70kg. For the size consideration, the measured engine 
dimensions (length x width x height) were 955 x 405 x 656mm, respectively 
It is clear that two persons with out any problems can carry this engine, therefore the 
aim of this research of building an engine being portable has been achieved. A 
comparison between this engine and a conventional diesel engine driven alternators for 
a range of 10 to 100 W, which are readily available in the commercial market are 
shown in Figs. 11.2 and 11.3. 
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It can be seen from Figs. 11.2 and 11.3 the big difference in weight and size between 
this proposed gas turbine engine and the reciprocating diesel engine. 
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11.2 RECOMMENDATIONS FOR FURTHER WORK 
It was stated before that the main objective of this research work was to design, 
manufacture and test a small gas turbine running at 600OOrpmand developing an 
electrical output power of 60kW. The tasks of design, manufacture and 
commissioning of this research programme were achieved. The remaining tasks to be 
carried out and the recommendations for further work are listed below: 
L The task of experimental work to test the performance of the engine over the 
full range at the design and off-design conditions is needed to evaluate the 
design approach. This could be achieved using the high-speed alternator as a 
dynamometer if this is available at the time or, alternatively, by the use of a 
turbocharger compressor as an air dynamometer. 
ii. Experimental tests of the IFR turbine to investigate its performance over the 
full range and to generate the characteristics map. Similar work should be 
carried out for the compressor. This work is necessary to validate the matching 
concept proposed in the thesis. 
iii. Fuel and oil lubrication systems were not completed. Therefore, a complete 
construction of these systems is required for carrying out the experimental 
tests. 
iv. The starting system has not been investigated thoroughly and the problems 
associated with it. Therefore, it is recommended to address this area and build a 
reliable starting system. 
V. The present work has not considered the control mechanism of the engine, 
therefore it is important to build a control system to achieve optimum 
performance. 
Vi. More analysis is needed to investigate the vibration, stress and thermal analysis 
of the complete rotating system under operating condition using advanced 
ANSYS package to ensure a safe and reliable design. 
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Vii. The credibility of any design method stands or falls depending on the accuracY 
and applicability of the loss models it uses. In the procedure given in this 
thesis, available loss models have been adapted. Further work refining these 
models on the basis of more up to date data would be very useful. It should be 
remembered, however, that because of industrial confidentiality, reliable and 
detailed experimental data, from which new loss models may be derived. are 
very scarce. 
It should be mentioned that the other research programme, the high-speed alternator. 
which was started at the same time likewise this research programme is progressing 
successfully. If both machines can be coupled directly and commissioned successfully, 
then this would mean reaching a significant milestone of proving the technical 
possibility of the device. Two very important questions, which will also be addressed 
in achieving this, it will be establishing the performance and the cost of the turbo- 
alternator. It will subsequently be possible to carry out detailed market research to 
determine the size of market and selling price. These parameters will decide whether 
large scale production is viable. It is envisaged that the turbo-alternator will not sell 
merely as an alternative to a diesel generator, but will create a new market in making it 
possible to have electrical power in situations previously not viable. Examples of this 
include areas affected by natural disasters such as earthquakes and floods, on board 
vehicles to drive motors, in rural areas with no road access. 
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A UNIFIED APPROACH FOR DESIGNING 
A RADIAL FLOW GAS TURBINE 
M. S. Y Ebaid, F. S Bhinder, G. H. Khdairi and T. S. EI-Hasan 
ARSTRACT 
Radial flow turbo machines have been used 
for a long time in a variety of applications such as 
turbochargers, cryogenics, auxiliary power units, and 
air conditioning of aircraft cabins. Hence numerous 
papers have been written on the design and 
performance of these machines. The only justification 
for yet another paper is that it would describe a 
unified approach for designing a single stage inward 
flow radial turbine comprising a rotor and the casing. 
The current turbine is designed to drive a direct- 
coupled permanent magnet high-speed alternator 
running at 60000 rpm and developing a maximum of 
60 kW electrical power. 
The freedom of choice of the tip diameter 
and the tip width of the rotor that would be necessary 
for optimum isentropic efficiency of the turbine stage 
was restricted by the specified rotational speed and 
power output. Hence, an optimisation procedure was 
developed to determine the principal dimension of the 
rotor. 
The mean relative velocity in the rotor 
passages in the direction of the flow would be 
accelerated but flow velocity on the blade surfaces 
experiences a significant space rate of deceleration. 
The rate of deceleration can be controlled by means 
of a proper choice of the axial length of the rotor. A 
prescribed mean stream velocity distribution 
procedure was used to spread the rate of 
deceleration of the mean flow velocity along the 
meridional length of the flow passages. 
The nozzle-less volute casing was designed 
to satisfy the mass flow rate, energy and angular 
momentum equations simultaneously. 
This paper describes the work undertaken to 
design both the rotor and the casing. The work was 
motivated by the growing interest in developing gas 
turbine based hybrid power plant for road vehicles. 
The authors believe that the paper would 
lead to a stimulating discussion. 
NOTATION 
A Area normal to mean flow direction (M2) 
b Blade width (m 
Bf Blockage factor 
C Absolute flow velocity of gas (M/S) 
CP Specific heat capacity at constant pressure 
for gas (kllkgK) 
d Diameter (m 
f, Friction factor 
M Absolute Mach number 
Mr Relative Mach number 
th mass flow rate ( kg1s 
N Rotational speed (rpm) 
Ns Specific speed 
n. Number of blades 
P Stagnation pressure (Nlm 2 bar 
R Degree of reaction 
Re Reynolds number 
r, Radius of curvature (M) 
SP Speed parameter 
ST Specific Torque 
T Stagnation temperadbuire K 
I Blade thickness (M) 
u Rotor tip velocity ( M/S ) 
11 Relative velocity (M/S) 
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W Work output (U 
z Axial length (m) 
Greek symbols 
ASME PAPER (2002) 
a Absolute flow angle relative to axial direction 
(degree), angle between meridional 
streamline and axis 
'8 
Relative flow angle relative to axial direction 
(degree), angle between relative velocity 
vector and meridional plane 
, 
8b Blade angle 
0 Relative angular co-ordinate 
Y Ratio of specific heats 
)7 Efficiency of a process 
P Gas density (kglm' 
V/ Blade loading 
0 Pressure loss coefficient 
ýO Centroid 
W Angular velocity (radls 
A Small increment of 
Subscripts 
0 Stagnation conditions 
3 Turbine station 
2 Rotor inlet station 
1 Rotor outlet station at mean 
a Air 
av Average 
C Compressor 
e Exit condition, exducer 
h Hub 
i Inlet condition 
M Mean 
S Spouting velocity, shroud 
SFL Skin friction loss 
t Turbine 
tt Total to total 
w Tangential direction 
rms Root mean square 
r Radial direction 
X Any station inside the rotor passage 
INTRODUCTION 
Inward flow radial turbines have established 
their place in industrial applications, especially in the 
field of small turbo-machinery because of their 
simplicity, reliability, low emissions, multi-fuel 
capabilities and fast response. These attractive 
features have made them ideal prime movers for 
many applications, particularly for producing 
small electrical power, typically in the range of 10-100 
kW. 
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Research programmes regarding the design 
of these machines have been cited in the open 
literature. For the rotor design, both Von der Nuell [1] 
and BaIje [2,3] suggested that the choice of the 
principal dimensions might be based on specific 
speed and specific diameter. Rohlik [4) developed a 
relationship between specific speed and a number of 
important design ratio. He argued that for the same 
specific speed, it was possible to produce a large 
number of rotor shapes by choosing different 
combination of these ratios. Therefore, the problem 
was to determine specific speed that would result in 
maximum efficiency. 
Wallace et al. [5] used one-dimensional 
analysis together with empirical loss models to 
determine the principal dimensions of the rotor. 
Further studies on one-dimensional design analysis 
procedures have been described also by other 
authors, Rodgers [6], Whitfield and Baines [7] and 
Wasserbauer and Glassman [8]. The common 
features of these studies are that the user has to 
specify the geometry of the turbine, together with any 
assumptions about losses from which to calculate 
efficiency values. Since most of the turbine geometry 
is likely to be undefined and many different 
assumptions about losses are possible, a large 
combinations are possible and must be investigated. 
This is time consuming therefore, there is a great 
incentive to reduce the time taken and the number of 
cases to be investigated. Whitfield [9] proposed a 
method based on maximizing efficiency by minimizing 
the energy losses of the fluid which are considered to 
be a function of the square of the velocity and 
expressed at inlet and outlet conditions in terms of 
Mach numbers. The procedure is largely non- 
dimensional and it is based on an initial power ratio 
and an estimate of the total to static efficiency. The 
later in particular can cause problems, because the 
designer has still to decide on the likely magnitude of 
the efficiency that can be achieved. 
In recent years, a number of computer aided 
design procedures have been developed for turbine 
rotors. Benson and Fisher [10] and Baines et al. 
[11] in their work assumed a preliminary shape, which 
would be improved progressively through analysis. 
This work is an indirect mode and the main draw back 
of this approach is that a decision on whether or not a 
particular step produces a satisfactory result tends to 
be made quite arbitrarily. Furthermore, it is not a 
simple matter to determine what changes in the 
geometry would produce the desired results. 
The turbine casing design is often based on 
the assumptions of an adiabatic incompressible flow, 
together with a free vortex distribution about the rotor. 
The passage design is specified in terms of area to 
radius ratio at the centroid as described by Bhinder 
[12], Chapple et at [13], Hussian et at [14]. 
Whitfield and Noor [15] extended the work further by 
considering the flow to be viscous and compressible. 
From the foregoing introduction, several 
limitations to these procedures can be identified 
which deserve attention., 
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(1) Most of the design methodologies were 
based on iterative procedures involving successive 
modifications to the hub, shroud and blade profiles to 
arrive at an acceptable and efficient design. 
(2) For a given set of performance requirements 
such as power output, pressure ratio and rotational 
speed or mass flow parameter, several rotor shapes 
may be drawn which would appear to meet the 
specifications. The choice of optimum shape is by no 
means simple. 
(3) The choice of number of rotor blades was 
based on empirical formulae given in the open 
literature and the choice of axial length was made 
arbitrarily based on known engineering practice. 
(4) Papers describing the whole design of the 
rotor and the casing were scarce for a specific 
rotational speed and power intended for the current 
design. 
This paper provides a unified approach for 
designing radial flow gas turbines, which, it is 
claimed, does not suffer from the above limitations. 
PROPOSED DESIGN PROCEDURE 
The design procedure of an inward flow 
radial (IFR) turbine was divided into the following two 
stages'. 
(1) The design of the turbine rotor for which the 
design methodology consists of two main procedures., 
Firstly, the determination of the optimum principal 
dimensions and number of blades of the turbine rotor. 
Secondly, the optimisation of axial length and 
passage geometry for a prescribed or assumed 
mean-stream velocity. 
(2) The design of the nozzle-less volute casing 
for which the mass flow rate, energy and angular 
momentum equations must be satisfied 
simultaneously. 
ROTOR DESIGN 
The choice of the principal dimensions of the 
rotor. 
The geometrical shape of a typical IFIR 
turbine rotor is shown in Fig. l. The inlet and outlet 
velocity diagrams and the thermodynamics of the 
expansion process are illustrated in Figs. 2 and 3, 
respectively. 
Rotor tip width b, 
A 
_F_Iow. o. ut. 
n 
d, d d, 
4 
Section AA 
Blade angle 
fib2 - 90 
Blade aI 
(exclucer 
Developed view of blades at mean 
diameter 
Rotor 
Fig. 1 The geometrical shape and the principal 
dimensions of the IFIR gas turbine 
C2, 
(c 2 
taý 
cm- 
U, 
INLET VELOCIT-N 
TRIANCA V 
IV, cl 
,8 
C, 
CO Ul 
OUTLET VELOMY 
TRIANGLE 
Fig. 2 Velocity triangles of an inward flow radial 
gas turbine 
Fig. 3 Enthalpy - entropy diagram for 
a turbine stage 
Nwle - less 
casing 
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The momentum, continuity and energy equations can 
be combined to produce the following principal 
equations: 
(1) Speed parameter 
d2N 60-r2)ýý2 
Cýl 
(2) Absoluter flow angle at rotor inlet 
cosa, c., 
). ( 7c ). dN +y21 
M2 2 
60 V_I )M 2 U2 (, 2 
(3) Blade width to tip diameter ratio 
I+m22 
b ýCý T 2 Iýlv P'[I ýýY- --I ý] 
(2 
wp )TB sin a d2 22 f2 
M2 
2 
(4) Mass flow parameter 
ASME PAPER (2002) 
DESIGN VARIABLE DESIGN 
VALUE 
Mass flow, th 0.572 
Pressure ratio, PilPe 3.6 
Inlet stagnation temperature, Ti 10000 K 
Rotational speed, N 60,000 r. p. m 
Total to total efficiency, i7lt 0.87 
Average blade thickness at rotor inlet. 
/2 
1.5 mm 
Average blade thickness at rotor outlet. 
tj 
1.5 mm 
Table 1 Input data at design point 
For a given set of design condtions as listed 
in Table 1, the optimum principal dimensions of the 
rotor were found by solving equations (1) to (6) within 
the specified ranges of the constraints variables- The 
solution ran be obtained by using a suitable 
optimisation algorithm. The authors used the 
algorthims OPRQP developed by Biggs [16,17]. The 
general mathematical representation of the algorithm 
can be described as: 
minimise F(x-), where X- = [XI ........... Xty 
It 
Subject to. g, (X-) =0i -- I ................... 
+1............ 
Where F(X-) represents the objective function, in this 
2 
case is the inlet tip diameter d2 and the functions 
x g, (X)and g, (y)are sets of equality and inequality P. 
17ý I 
P, constraints, respectively. Providing detailes of the 
optimisation program used are beyond the scope of 
this paper, but may be found in Refs. [16,17]. 
x Y -Y --I d2 d, 
OPTIMIZATION RESULTS 
M_ sin fl, 
Y'I The optimization program was run for a ) 
+Y )(A4,., sin 
p, )2 number of blades ranging from 12 to 20. The number 2 
of blades was specified within this range in 
accordance with the assumed efficiency 77,,, 
[n 
(5) blockage B, and blade loading 
factor c.. lu, . 
d2 
The results indicated clearly that the 
optimum number of blades lies in the range between 
2 n(t-, Id, (6) 12 and 20. Consequently, any blade number in this 
I d, Id (d T, 
[(d )+ range would be acceptable provided it satisfies the 
,ý , 2 other design criteria and specifications set by the 
designer. The design velocity diagrams based on 
optimization technique and the complete design data 
are shown in Fig. 4 Table 2 and Table 3, respectively. 
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54CJ 14 
is 
a., 17 4 85o 2 
U2--- 533.0 nVs Inlet velocity 
triang c 
li 1r 021i CD 
CD 
-'2 27.2 
Uc= 329 . 59 mls 
34 41 
248 22 mls 
IF 
0 
53 6- 
Uh= 125.68 mls 
Outlet velocity 
triangi 
Fig. 4 Velocity triangle based on numerical 
Optimization program 
FLOW VELOCITIES FLOW VELOCITIES 
AT ROTOR INLET AT ROTOR EXIT 
('2 ý 538.82mls C, = 186.77mls 
v, = 15 8.13 mls 
Cý, 2 =O-OMIS 
Cno 2= 15 7.34 mls ch = 186.77m Is 
Cu 2= 515.11 mIs c, = 186.77m Is 
V, = 346.77m/s 
Vh = 267.32m/s 
V, = 411.39 mIs 
ROTOR SPEED AT PERFORMANCE 
ROTOR INLET AND PARAMETERS 
EXIT 
112 531.24mls m=0.574 
ul 292.18 m/s 
S, = 0.157 
11h 191.25 mIs 
ST = 0.24 
u =366.55nils 
7,, = 0.87 
R=0.56 
C. 1 
1"2 
= 0.32 
N, = 0.56 
TABLE 2 Design data (1) for the turbine rotor 
based on numerical optimization 
DESIGN GEOMETRICAL 
SPECIFICATIONS DIMEN 
Wl, = 60 kW d, = 16.91 cm 
N= 60000r. p. m b, = 0.87cm 
ý/p =4.0 e t, =0.25cm 
=I OOOK d, = 9.30 ent 
U21CS ý 0.67 
d, = 6.09cm 
d, = 11.67 cm 
0.15 cm 
FLOW ANGLES AT MACH NUMBERS 
ROTOR INLET AND AT ROTOR INLET 
EXIT AND EXIT 
= 17.0' V, = 0.93 
fl, = 84.2* M, = 0.35 
a, = 90* Af 0.50 
a, = 90' tf 0.65 
a, = 90' 0.8 
fl, = 44.32' 
13, = 32.59' 
/3, -27.0' 
TABLE 3 Design data (2) for the turbine rotor 
based on numerical optimization 
Optimization of passaqe qeometry and 
the choice of axial lenqth 
The choice of a suitable axial length is 
almost a pre-requisite for completely defining the 
passage geometry. The effect of the axial length on 
velocity distribution is shown qualitatively in Fig. 5. It 
can be seen that the shortest channel length of rotor 
(A) should produce minimum friction loss, but the flow 
would separate due to high deceleration rate in the 
exducer section. In contrast, rotor (C), which has the 
longest channel, would be expected to produce 
highest friction loss, but flow separation would be 
delayed due to the gradual deceleration rate in the 
exducer. 
Following this, a prescribed mean stream velocity 
distribution approach was used to optimize the 
passage geometry and the axial length of the rotor. 
The relative velocity vector V at any point 
inside the turbine rotor passage, as shown in Fig. 6, 
can be resolved into three basic components along 
the axial, radial and tangential directions, V- 
V VW_ Here V,, is the velocity vector along the r 
mean streamline in the hub-to-shroud plane, henceý 
V= V-+ V, + V,,. 
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at inlet - ------ ------- 
-- ----- -------- 
J2 
I-Rotor -B 
Shroud Velocityl I Mean Velocit 
Profile 
> 
> 
Hub Velocity (a) (b) C 
Profile ROTOR AXIAL LENGTH 
(7--, ) 
Fig 5 Qualitative description of the effect of 
axial length on velocity distribution 
The boundary values of the components of 
the relative velocity are known from the inlet and 
outlet velocity triangles, which resulted from the 
previous optimisation as shown in Fig. 6. - 
At rotor inlet fý = 
Vr 
- 
(Vr )max and Tý,, = (I - ql)U, 
At rotor outlet: V, = Oand 
V sin it, 2A 
The angles shown in Fig. 6 can be expressed in 
terms of the velocities as shown below- 
V- 
sin'll - V-21V , 
tan 0' and cosa - VII. 
By combining the above relationships, the angles 
(a, # and 0) are related to each other by the 
following relationship- 
tan# = tan Ocosa 
The spatial description of the mean 
streamline can be found iteratively by assuming a 
starting value for the meridional length z., , and 
the 
distributions of the relative velocity vector. 
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Radial (r) 
Mean Streamline 
co 
Tangential 04) 
a- 
v 
v 
r 
z 
Fig. 6 Notation for the relative velocity vector 
and its components 
Figure 7 shows three meridional lengths 
0.02,0.04and 0.06 of the turbine rotor. Fig. 8 
describes the velocity components V ,, 
1ý- andV,,. for 
one assumed value of Z. At the start, all these 
figures are based on the assumption that the variation 
of the relative velocity vector (V) is linear. 
z .< uj 40000 
z 0 02 0.06 0 04 Z >ý 350M ,. . m . Lu 300,00 
C 200,00 
LL, 150,00 
LI) tlý 100,00 
ý10 00 
w () 00 ---- -- 
Oý01 002 003 004 005 0 Of, () 07 
ROTOR MERIDIONAL LENGTH 
I 
(: )-mI 
Fig. 7 Assumed variation of the relative velocity 
vector at various meridional lengths for 
the same boundary conditions 
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w 
1-- w 3500 
W) 0 
w co 
xz 500 
LL Wý 0 Z 2(X) 
z< 1500 
)- Z loo. o z o 
a- 0 500 2 -j 0w 
> 
0 0.01 0.02 0. 
ROTOR ME 
I 
03 0.04 0.05 0.06 007 
RIDIONAL LENGTH 
Fig. 8 Assumed linear relationship of relative 
velocity vector and its components 
for an assumed Z=0.06m 
A computer program was written to perform 
the iterative calculations to check this linear 
relationship variation of relative velocity vector along 
the mean streamline. The output results are plotted in 
Fig. 9 and a flow chart based on this program is 
shown in Fig. 10. 
250 0 
< 
200 0 
> 
50 0 
Z 00 0 
50,0 
00 
0 0010 02 0 03 0 04 0 05 0 06 0 07 
RO 1 OR MFRIDIONAI. i, FN(, TI 1 
(Zj - tn 
Fig. 9 Prescribed relative velocity distribution along 
mean streamline for an assumed meridianal 
length of 0.06m 
The next step was to optimize the axial 
length (Z)by minimizing the loss of stagnation 
pressure in the flow channels. For this purpose, the 
losses were expressed as functions of the resultant 
velocity (V), the length of the channel, and the 
radius of curvature tý, 
Several models are available in the 
published literature Dallenbach [18] and Rodgers 
[19] which take account of the losses. These loss 
models were adopted for the turbine rotor. A detailed 
review of these loss models is outside the scope of 
this paper, but it should be mentioned that any loss 
models might be integrated into the program as sub- 
routine. A computer program was written to optimize 
the axial length and the flow passage based on the 
relations listed here. 
Here the radius r of the mean streamline in 
the mericlional plane can be represented using Lame' 
ovals relationship as: 
start 
Read boundary conditions 
Assume linear functions 
(Z, ), 1'. =f (Zý), a=/ 
Zm 
_______ 
1=1 
F-- 
Read 
VU)avsumed, Vm(l)ýsýed, a(f) 
ulate 
V. Vý )6 
Calculate 
V ('), 
ýI + 
P'r + Vm + Vý 
Vm(/)-/ = Vr + V, 
a(l),,, =tan-'(Vý V. ) 
, --- Is - 
if (I)-/ =V (I 
VM_ 
Vý(1)_=[V(I)-, +V_,,, 2] 
, U)_. 2] 
VES 
Is X 
I=N 
VES 
ss NO 
,5 
:: ýz = (Z 
YES 
Fig. 10 Flowchart for relative velocity vector 
variation along mean streamline 
-M - -ml (9) 
M2 -M, 
The first and second derivatives of drldz are given 
in equations 10 and 11, respectively: 
dr 
_ _[3] 
r, r2 I ým -ImI r- r2 
dz 2 ý-m2 ZM1 i -m2 - ZmI r, - r2 
(10) 
d2r 
=[ 
dr 2 -1 dr 
dzm 2 dz m zm -Z Ir- 
r2 d-. 
m 
The length of the streamline is given byý 
., 2 dr 
Lf I+ 
dz. 
dz. 
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The temperature at any section inside the passage 
Tý 
=I+ 
I Uý2 - 2c., u, (13) 
T, 2 C"T, 
rrnu 
2)x+M COS 
ýaý 
7r ýOxvm x 
rrnu + 
r D-V- f 
The hub contours at any section inside the passage 
The pressure at any section inside the passage 
P. 11 0 P, 
rk, = (2r,.,, ' ), - 
It can be seen from Equations 16 and 17 
that they can be used to calculate the shroud and the 
hub contours at any section inside the blade passage, 
hence the final shape of the blade passage can be 
defined. 
I Start at an axial length value :Z= 
d, b2, Cý2, a2, d, dh, d2, th, N, 11, q 
Read 
V(J), V. (1), a(]), v(I) 
---i 
Calculate values at 
)2 r, dr / d, d2 r/dZ 2, r, u, T, Tý, b, R, k, (hýý /r 
0.029+0.30+, (bý I/ r') 24 Vo 
s 
)2 -- --ýV- (b. /r, 1>300 (r, / b_ 
1 [?, 
(b )2 
120 
0.316(R) 41 
dh., 
J, 
Calculate values at 
dhvdr 
, 
A/, SIL, P, p, All, 
(_ 
r, 2r, , r, 
2 
is 
Vý (1) +A Vý 2 ý, 
2 
YES 
- Is 
N=NO. OF STEPS N 
NO 
+ 
Calculate value 
API., 
Is NO 
Z= Z-., FZ = Z, +A; 
Print Results for all values of 
u, AP,., 
End 
Fig. 11 Flow chart for the design of the flow passage 
and the optimization of the meridional length 
The density at any section inside the passage 
yy 
P" 2CP Tv RT, 
The shroud contours at any section inside the 
passage 
A flow diagram for optimising the axial length 
of the turbine rotor and the optimised design of the 
flow passage are shown in Fig. 11. The output results 
are plotted as shown in Fig, 12. The plot of the 
stagnation pressure loss vs. the meridional length 
indicates that the minimum losses of stagnation 
pressure occurs when the meridional length equal to 
40.0 mm. 
0 040M 
003500 
0.03000 
002500 
002000 
(). 01500 
IL 
001000 
000500 
0 (X)()O() 
1 00 2 (x) 300 400 500 (, (x) 7 (0) 
MERIDIONAL LENGTH 
(zý) - cm 
Fig. 12 Total pressure loss vs. mericlional length 
The final design drawings of the turbine rotor are 
shown in Figs. 13 to 15, respectively. 
All Dimensions are in mm 
Fig. 13 Meridional section of the turbine rotor 
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TOP VIEW 
Fig. 14 Multiple views of the turbine rotor 
Fig. 15 Solid model of the turbine rotor 
NOZZLE-LESS CASING DESIGN 
The design objectives of the casing are: 
(1) Accelerate the working fluid to the leading 
edge of the rotor and generate the desired rotor inlet 
conditions in terms of the magnitude and direction of 
the absolute velocity vector. 
(2) Distribute the working fluid uniformly around 
the rotor periphery. 
(3) Achieve these requirements as efficiently as 
possible that is with minimum loss in stagnation 
pressure. 
The required inlet conditions must be derived 
from the desired turbine performance, e. g. the desired 
-266- 
rotational speed and power output. The nozzle-less 
volute must be designed to provide these rotor inlet 
conditions peripherally uniform. The preliminary 
design of the volute is often based on the 
assumptions of an isentropic flow, together with a free 
vortex distribution about the rotor. 
The passage design is often specified in the 
form of the variation, with azimuth angle, of cross- 
sectional area, casing width or parameter A' Al 
The desired rotor inlet condition is one of a uniform 
distribution of angular momentum about the rotor 
periphery, whilst the volute inlet conditions at the 
tongue are those of a fully developed turbulent flow. 
THEORY OF VOLUTE DESIGN PROCEDURE 
Assumptions 
The following assumptions were used in the design 
procedure 
(1) Steady, one-dimensional, isentropic flow, 
constant angular momentum, energy and linear 
distribution of mass along the volute length. 
(2) Vortex motion is fully established before the 
commencement of any outer flow from the volute in 
the radial direction. This is a necessary condition for 
the flow angles a, and A to be independent of the 
azimuth angle and the flow into the rotor to be 
uniform. 
(3) The flow near the outer wall profile is 
assumed to follow the same contour as the outer 
profile of the casing, the boundary layer thickness 
being negligible. 
A diagrammatic sketch of a centripetal turbine fitted 
with a nozzle-less casing is shown in Fig. 16. 
41 
Row In Flow 
Flo% 
Out 
Section A-A 
Volute inlet vel I Rotor inlet velocitv 
triangle at (3) triangle at (2) 
Fig. 16 IFIR turbine fitted with a single nozzle-less 
volute casing 
FRONT VIEW 
Af Ebaid 
Principal design variables of the nozzle- less 
volute casing 
It includes the followings: 
(1) Volute parameters 
i. The cross-sectional area A(, of the volute and the 
variation of this area as a function of the azimuth 
angle ý9. 
ii. The radial distance of the centriod r of the r, I 
cross-sectional area from the axis of rotation. 
iii. The shape of the volute cross-section. 
.4 SHE PA PER (2 0 02) 
Where B J2 is the blockage factor corresponding to 
rotor entry and is given as: 
B f2 = 
Total flow area of the passage 
Peripheral area 
Bf, Peripheral flow area - Blockage due to blades 
Peripheral area 
B 
f2 
nb t2b2 
(19) 
z 
d2 b, 
Where n. , Number of blades 
t., : Thickness of inlet rotor blades 
(2) Rotor parameters 
Rotor tip diameter d2 and blade width b2 ' 
Effective peripheral flow area A2 or the 
number of blades and blade thickness at d2 * 
(3) Operating conditions 
Rotational speed, N 
Mass flow rate, th 
Stagnation temperature, Tj and stagnation 
pressure P, of the working gas at the entry flange of 
the turbine. 
Desiqn method 
The Design method employed in the current 
work is described hereafter. 
The frame size and weight of the turbine is 
often an important design consideration and it is 
essential that the overall size be minimized. The 
design procedure first assesses the overall size in 
terms of the volute radius ratio Ir, , and area ratio 
A JA2 and consider the parameters, which must be 
varied in order to adjust the overall size. 
Using the equations of mass flow, energy 
and angular momentum and based on the 
assumption of free vortex relationship, the following 
expression defining the interconnection of the design 
parameters of the casing. * 
Equation 18 represents a fundamental design formula 
linking the main design parameter A OP 
/ r,,, of the 
volute with relevant principal dimensions of the rotor 
and the operating conditions as shown below 
b2 
, 
(a2), 
r. d, 
A 
i. e. f (A 2, d2 , 
b2 
a2 these variables 
represent rotor parameters. 
A And f (M', P, T, N, a2) - these variables 
represent operating conditions. 
The losses may be included in equation 18. 
However experiments have shown [20,21] that, in 
general, stator losses are a small fraction of the 
overall losses, therefore the assumption of isentropic 
flow, at least for design calculations, is unlikely to 
introduce serious errors. 
Figures 17 to 19 show graphically the plots 
2 /,, 
for azimuth angles ýO ranging of A, 1A versus F 
from 0' to 360' and different relative flow angle 6,. 
The plotted graphs are based on the design 
parameters depicted in Table 3. The trend of the lines 
in these plots is similar for different values of inlet 
relative flow angle A' 
d, N 
. _sin, 
02 
A, A2 
V-2 ýC--, T sin(a-, +, fl, 
(B.,, )(tana. 
360 r, 
I- )T r, 
dN sin, 8, cosa. 
, 
r2- F, V -CT sin(a. +A 
(18) 
would The choice of and (F 
normally dictated by the tip diameter of the rotor and 
the allowable overall dimensions of the volute casing. 
The initial design values were chosen to be 1.06 and 
2.5, respectively. 
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DESIGN PARAMETER VALUES 
Speed 
pa ranmeter, d2 NIýCp T, 
0.157 
Inlet absolute flow angle, a2 17' 
r Inlet relative flow angle, . 
82 
r 
73', 85', 90' 
loc Bkage factor, B f2 
0. 
table 3 Constant design parameters 
Therefore, The corresponding pairs of values of the 
dimensionless parameters A, 1A, and F, '0 
/ r, ca n 
be directly read from such a plot by joining 
(- /r2)mi, 
and 1r2) by a straight line as r, O max 
shown in Figs. 18 to 20 
06 
_(p - 160 
0,5 maý 
------------------------------------- --- 
_ -330 
ý 300 
0.4 ---------------------------------------- 
------------ 
= 270 
ý 240 
--------------- ---- ---- - 0.3 ------------- ---- --- ---- 
ý210 
------- ---- ---- ---- G'0.2 
- ---- ----- ------ 
-150 
= 120 
--------- 
--------- 0.1 ----- - 
ý 90 
- - ----- - -r- 30' 
II, 
06 
1.5 2 2.5 3 
RADIUS RATIO 
(r, 
p 
1r2 
Fig. 17 Relationship between area ratio, radius ratio 
and azimuth angle P2 = 85' 
ASME PAPER (2002) 
Since (Ap /- ) oc [(A. 
IA2 )- (- lr2)], Then r, p . r. 
±9- 
=K 
A' "2 
r, 
l 
A2 rl 
Where K =A, /ý, to satisfy the expression above. 
(, 9 
A 
The final design graph of A r,, versus (0 can be 
obtained from the corresponding values of A, IA,, 
r,, / r2 and (p which can be read either from Figs. 17 
to 19. Such a graph is shown in Fig. 20. 
12 00 
z 1000 d2NICCpf, =0.157 82 = 3' 
go. 
8.00 a2 = 17* )62 85' 
z 0.93 90' 0 z- 
Bf2 P2 
600 
P2 
400 
200 rp / ý1*22 5 
000 
0 30 60 90 120 150 180 210 240 270 300 330 3eO 39() 
AZIMUTH ANGLE 
Fig. 20 Design graph for nozzle-less volute casing 
for various incidence angles 
It should be noted that the shape of the 
graph above depends on the shape of the line joining 
the minimum and maximum values of 
1r2 ) chosen by the designer. Once the shape of 
cross-section, i. e bf (r) has been decided, in the 
current work, a circular cross-section was chosen, its 
dimensions can be found from the following equation 
b 
dr (20) 
r 
x 
Fig. 18 Relationship between area ratio, radius ratio 
and azimuth angle for 82 = 73' 
The final design dimensions and drawings 
for the nozzle-less casing are shown in Table 4 and in 
Figs. 21 and 22. 
o7 
06 
r. r2 
Mýx = 360 
0= 330 
05 ----------------- -- ------- --- -100 270 
'T 04 --------- ------------------------------- 240 
210 
--- ---- 
180 3 
150 
2 
120' 
--------- --- --- 90 
------ -------- o1 60' 10' 
11.06 
(r Ili, RADIUS RATIO 
Fig. 19 Relationship between area ratio, radius ratio 
i and azimuth angle for 6, = 90' 
Position Of 
Points 
Azimuth angk 
(Degreo 
Radius of 
C4"ltlOid(mnj 
Elevatiomz- 
(Mnl 
RadiusofCasing 
Cross Sectio4m"l 
1 0 8565 -53 300 
2 30 9016 -5153 4A7 
3 60 9487 -5093 507 
4 90 9949 -4823 7 T7 
5 120 10410 -4462 1118 
6 150 10871 -406 1540 
7 180 113.32 -3627 1973 
8 210 11794 -3167 2429 
9 240 12255 -2691 2909 
10 270 12716 -2189 3411 
300 13177 -1664 3936 
330 136539 -1116 4484 
360 14100 -543 5057 
3133 14454 -543 5057 
Table 4 Design values of turbine nozzle-less casing 
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20 40 
Lf 
Fig. 22 Side view of the of the nozzle-less casing 
The final design of the IFIR turbine assembly 
is shown in Fig. 23. This assembly has been 
processed for manufacturing so that it can be tested 
experimentally for performance and efficiency. 
Avoll 
Fig. 23 Solid model of the IFIR turbine assembly 
4 SME PA PER (2 0 02) 
CONCLUDING REMARKS 
(1) A unified approach for designing a single 
stage inward flow radial turbine comprising a rotor 
and a nozzle-less casing has been described. The 
radial turbine has been designed to drive a direct- 
coupled permanent magnet high-speed alternator 
running at 600OOrpmand developing 60kK' 
electrical power. 
(2) A computer program was developed to find 
the optimum choice of the principal dimensions of the 
rotor and the number of blades. 
(3) The theory of the prescribed mean stream 
velocity distribution was used to find the optimum 
axial length and optimizing the blade passage. 
(4) A procedure for designing the nozzle-less 
casing was given based on the equations of mass 
flow rate, energy and angular momentum. The flow is 
assumed to be isentropic and satisfies the free vortex 
relationship. 
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APPENDIX A: FLOWCHARTS. 
APPENDIX B: SPECIFIC SPEED FUNCTION DEVELOPED BY 
WOOD [921. 
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APPENDIX A 
FLOW CHARTS 
APPENDLVA 
The flow charts presented here are based on written computer programmes to solve the 
equations (3.1 to 3.8,3.17,3.20,3.21,3.29,3.55,3.56,3.60b, 3.83,3.86). The results 
were shown graphically in sect. 10.2 of Chapter 10. It should be noted that other 
graphs presented in Chapter 10 were based on similar written computer programmes, 
but for the sack of brevity, it was not included. 
These flow charts are listed as follows: 
Fig. A. 1 Flow chart based on equations 3.1 to 3.8 for calculating gas turbine 
cycle parameters SFCand 17, h for various values of pressure ratios 
P, IP, and turbine inlet temperatures T, . 
Fig. A. 2 Flow chart for calculating velocity ratio U21C, based on equation 
(3.20) for various values of pressure ratios PIP, and speed 
parameter SP , 
Fig. A. 3 Flow chart for calculating specific torque r-ld 2 thýCT, 
based on 
equation (3.17) for various values of pressure ratios PIP, and speed 
parameter d2NIVCPT, 
Fig. AA Flow chart for calculating specific torque parameter i-ld2 
M NKpT 
based on equation ( 3.2 1) for various values of pressure ratios P, 
IP, 
and velocity ratioU2 
/C 
S. 
Fig. A. 5 Flow chart based on equation 3.29 for calculating degree of reaction 
R 
for different values of d, 
Id2 
) 
a2 and 62 . 
Fig. A. 6 Flow chart based on equation (3.55) for calculating M, 
for various 
values of P, IP, and a2 . 
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Fig. A. 7 Flow chart based on equation (3.56) for calculating U, IC, for various 
values of PIP, andM2 . 
Fig. A. 8 Flow chart based on equation (3.60b) for calculatingMer for various 
values of PjlPe and deld2 * 
Fig. A. 9 Flow chart based on equation (3.60b) for calculating M, for various 
values of P, IP, and 8,. 
Fig. A. 10 Flow chart based on equation (3.60b) for calculating M, for various 
values of d, Id2 and 6,. 
Fig. A. 11 Flow chart based on equation (3.83) for calculating b, ld, for various 
-2 values of rhVCPT, 
Id2 
Pi and d2NIVCPT, . 
Fig. A. 12 Flow chart based on equation (3.86) for calculating blade tip speedU2 
for various values of P, IP, and T, . 
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I Start I 
Read 
(Pi1pl)iJT, )0Te'5)7,!, )7t, 77c. c 5 
Cpa 
i, 
cpg 
i 
fila LCV 
A(P, lPe) A(T) 
(P, /P, )max! 
'(Ti)max 
(PI /Pl) = (P, /Iý)/ 
I 
Tjýl I 
(SFC, 171h ) 
Pi NO 
Is 
+A -*!? -< P, (PI /p P, 
YES 
Print Results 
(P, IP, ), (T, ), (W, ), (W,. ), (, ýFC), (f), (t7, h 
Is 
T, = (T, + A(T, T, 
ý YES 
Print Results 
(pi (Ti), (wt), K), (SFOý (f )9 (17th 
Read NO This set of data i-s 
new set of (11: iiii:: ii 
I 
-<::: 
-ý the only sSj--- 
I End I 
FIG. A. 1 FLOW CHART FOR CALCULATING SPECIFIC FUEL CONSUMPTION 
SFC AND THERMAL EFFICIENCY )71H BASED ON EQUATIONS 3.1 
To 3.8 FOR VARIOUS VALUES OF PRESSURE RATIOS 
P, IP, AND TUREINE INLET TEMPERATURES T 
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FIG. A. 2 FLOW CHART FOR CALCULATING VELOCITY RATIO U, IC, 
BASED ON EQUATION (3.20) FOR VARIOUS VALUES OF 
PRESSURE RATIOS P, IP, AND SPEED PARAMETER Sp 
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, 4PPEA, DlV A 
I Start I 
Read 
(PI /Pl )l (SI, 
A(Pj/Pý 
, 
), A(S,, ) 
(PI/pl)-, 
-, 
(Sr)rnax 
(p/p) = (p/f) 
I (SP) = (SrA I 
Calculate 
(U2 ICs ) 
S1, 
d, N 
p 
T, 
Calculate 
ST =r ---- (77y) d., th C-r T, 
Calculate 
pi P' 
+A 
P' 
1ý 1ý1 
, 
1ý 
Read vo 
new set of data 
Is 
P, / P, = (PI 
Print Results 
(U2 ICs 
1 
(7711 ), (ST), (S, 
Print Results 
(U2 1Cý, ), (17,, ), (ST), (S, ) 
Lýý S, = (SP), + A(SP) 
is set of data is 
the only set , 
I End I 
FIG. A. 3 FLOW CHART FOR CALCULATING SPECIFIC TORQUE r1dthVCpT 
BASED ON EQUATION (3.17) FOR VARIOUS VALUES OF PRESSURE 
, 
/1ý, AND SPEED PARAMETER d2 RATIOS P NIJ7 
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FIG. A. 4 FLOW CHART FOR CALCULATING SPECIFIC TORQUE PARAMETER 
r1d, fhVC,, T, BASED ON EQUATION(3.21) FOR VARIOUS VALUES 
OF PRESSURE RATIOS P, IP, AND VELOCITY RATIO U, ICs 
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FIG. A. 5 FLOW CHART BASED ON EQUATION (3-29) FOR CALCULATING 
DEGREE OF REACTION R FOR DIFFERENT VALUES OF d, Id, 
AND 
-278- 
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FIG. A. 6 FLOW CHART BASED ON EQUATION (3.55) FOR CALCULATING 
M, FOR VARIOUS VALUES OF P, /ý, AND a, 
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A 
FIG. A. 7 FLOW CHART BASED ON EQUATION (3.56) FOR CALCULATING 
U2 IC, FOR VARIOUS VALUES OF P, IP, AND M, 
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FIG. A. 8 FLOW CHART BASED ON EQUATION (3-60b) FOR CALCULATINC, 
Mer FOR VARIOUS VALUES OF P, /Tý AND d 
eld, 
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Start 
Read 
(P, (a ,)I 
(U2 IC. ), (dld., ) 
A (P, I P, ), (P max I G8e)max 
ý P, /P, ==(P, /P, ), I 
1 
10, = (lo'), I 
Calclate 
(M,. 
-) 
0 ýP is -- PilP,, =(P,, 'P, ), +A(P, P,; 
ýý::: 
ý P, =(P 
ý YES 
Print Results 
(MI, ), (p, /, ý, ), (18, ) 
Is fic = (A, )m ax 
YES 
Print Results 
, 
8,, = (, 8,, ), + A, 8,, 
Read the new 
I NO This set of data 
set of data 
F the only-set 
YES 
End 
FIG. A. 9 FLOW CHART BASED ON EQUATION (3-60b) FOR CALCULATING 
m 
er FOR VARIOUS VALUES OF 
ý/ý, AND fl, 
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4PPEA, , DIX A 
FIG. A. 10 FLOWCHART BASED ON EQUATION (3.60b) FOR CALCULATING 
Mer FOR VARIOUS VALUES OF d, Id, AND 8,, 
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I Start I 
Read 
(Ml))/, (SP)j 
. 
(a2)502), (Bf 
A(Mp), A(SP) 
(M 
p 
)max 
9 
(Sp Lax 
thv-cpTi (m mp 
2p Vd2 
(Sp) (Sp), dN 
7c 
Calculate ff 
(b 2/d 2) 
(A4 
P) 
(Mp), 90 
L'i 
(MP) (AIA, 
p), ", 
YES 
Print Results 
(A4p), (Sp)i, (b2ljd2) 
Is 
NO ('s 
1) = 
(SP)m SLý (S, 
)), + 
A(Sp) 
YES 
Print Results 
(Mp), (SP), (b, ld2 
Read NO This set of data is 
new set of data the onlN, set 
YES 
End 
FIG. A. 11 FLOWCHART BASED ON EQUATION (3-83) FOR CALCULATING hld, 
FOR VARIOUS VALUES OF fil 
2 P, AND d, N CT ýCPT, Id 2p 
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FIG. A. 12 FLOW CHART BASED ON EQUATION (3-86) FOR CALCULATING 
BLADE TIP SPEED U, FOR VARIOUS VALUES OF P, /1ý AND T, 
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APPEAM' B 
SPECIFIC SPEED FUNCTION DEVELOPED BY 
WOOD [921 
By definition, specific speed in non-dimensional form is given as: 
/ 
1/ 
2 
Ns = 
N(_Ö, )12 
- (AHi-e )s 
Y4 
Where: 
N Rotational speed, r. p. s 
Qe Volume flow rate at rotor exit, m'ls 
(AH i-e )s = total Isentropic entalpy drop ftom inlet to exit, U/ kg 
Using the notation adopted for turbine rotor, equation B. I is expressed as: 
Ns = 
N(O, ) 
ý/2 
- 
( AH3-1 )s 
Y4 
Multiplying LHS by UI/U2) then writing U2 = 7rd2N 
B. 2 can be factorized as follows: 
v Y2 
N, 
(01)/2 U2 U2 
23 
, 
(0.5c, ) 
Y4 
'Td2 'Mvd2 
3 Y2 
U2 
Y2 Y2 
3 
C., Nd,, 
(B. 3) 
For the ideal IFR turbine, the velocity ratio u, 
/c., = I/V2 = 0.707 . Substituting this 
value into equation B. 3 will give: 
1) 
(B. 2) 
and (AH3-1 )s =I Cs 
2, 
equation 2 
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NS = 0.18 
01 
3 Nd2 (B. 4) 
To obtain some physical significance from equation B. 4, define a rotor disc area 
Ad = 'Td2 
2 /4 and assume a uniform rotor exit velocity at mean diameter c,,,, so that 
=A, cm, 9 then as 
U2 cs vf2- 
702 2 zd2 
Qi 
3_ 
Alcm, 27r 
(B. 5) -: l: 
cm, JT 
2 
ý ic d2 2ý2 Nd2 s2 
Ad cs 
Substituting equation B. 5 into equation BA 
I/ 
N, = (0.336 
CMI 
/2 A, 
Y2 
(B. 6) 
cs Ad 
Equation B. 6 expressed in r. p. s and in radls as 0, = 27rN, , would result into: 
2 
ý2, = (2.11 
Cml 
1V2 A, 
ý2/ 
(B. 7) 
cs Ad 
Where: 
0s= rotational speed, rad /s 
CMI 
Exhaust eneqT factor 
CS 
A, 
Ratio of exit flow area at mean diameter to rotor disc area Ad 
Referring to design values obtained to calculate, C1 
/U2 
and A, IA. as shown below: 
Ci 
= _ýl_ _ý2 = -ý, 0 . 67) = 
186.77 x 0.67 
= 0.236 
cs u2 cN 
u' 531.24 
and 
2 
(0.236)2 = 0.055 
cs 
A, 9.30 
)2 
-=0.30 Ad d2 16.91 
APPEADM'B 
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